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Abstract

The global warming and increase in energy use demands the industry to come up with ideas
to lower the CO2 production and save valuable energy. Organic Rankine cycles have a great
potential as low grade heat can be converted into electrical energy. In the last ten years,
research in this particular field has increased together with the amount of installed systems.
Triogen is a company which does a lot of research on how to increase the power output of their
ORC systems. Their product involves a radial inflow cantilever turbine connected to a single
shaft to the generator and the main pump which makes the system quite unique. Because
of the fluctuating heat input the system scarcely runs on its design condition so research has
to be done to ensure the turbine efficiency is as high as possible to extract as much power
out of the heat source as possible. This study investigates whether the pump strategy can
be modified in order to increase the system power output for part load situation. By means
of elaborate turbine computational fluid dynamics (CFD) simulations, an optimal rotational
speed op n = 475 Hz is found for all turbine inlet pressures. A simple cycle model is made
in Microsoft Excel in order to compute the increased power output, given the optimal
rotational speed. The most cost effective and straight forward way to implement the fixed
rotational speed in the system, a throttle valve is chosen. The amount of extra power gained
using the optimal rotational speed is ≈ 7 kW, which is an increase of 8%. For evaporator heat
inputs higher than 900 kW, the operation with throttle valve is no longer beneficial and the
operation on design condition is favoured.
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Glossary

List of Acronyms
TU Delft Delft University of Technology
ORC Organic Rankine cycle
ICE Internal combustion engine
OTEC Ocean thermal energy conversion
CFD Computational fluid dynamics
sCO2 Supercritical CO2
WHR Waste heat recovery
NPSHa Net positive suction head available
BWR Back work ratio
CHP Combined heat and power plant
HTG High-speed turbo generator
RANS Reynolds averaged Navier Stokes
PI Proportional and Integrating
NS Navier Stokes
VBA Visual basic for applications
VSD Variable speed drive
PC Pressure controller

List of Symbols
Greek symbols

α Inlet angle
β Outlet angle
∆ Difference
η Efficiency
γ Heat capacity ratio
Λ Degree of reaction
µ Dynamic viscosity
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iii

ν Kinetic viscosity
ω Angular velocity
φ Flow coefficient
ψ Pressure coefficient
ρ Density
τ Shear stress
Latin symbols
ṁ Mass flow
A Area
H Height
O Order of truncation error
Q Volumetric flow
R Proportion of variance
W Width
A Constant
a Speed of sound
B Constant
c Specific heat
D Outlet diameter
d Inlet diameter
E Energy
h Enthalpy
i Count variable
K Constant
M Imbalance
N Number of timesteps
n Rotational speed
P Power
Q Heat
q Heat transfer per unit mass
R Residual
r Radius
S Absolute entropy
s Specific entropy
T Temperature
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iv

t Time
U Speed
u Specific internal energy
V Speed
v Specific volume
W Work
w Relative velocity vector
x Horizontal location variable
y Vertical location variable
z Dependent variable in depth direction
C Velocity
Subscripts
θ Tangential component
i Count variable
p At constant pressure
s Entropy kept constant
0 Initial value
1 Inlet
2 Outlet
cold Cold side of the heat exchanger
cond Condenser
crit critical
d Diffuser
des Design
evap Evaporator
fg Flue gasses
fluid Part of the pump energy which is net added to the fluid
fric Friction part
hot Hot side of the heat exchanger
loss Outflow losses
model Associated to the simulation model
mp Main pump
new Value for new timestep
nozzle At the nozzle
old Value for old timestep
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v

overh Overheating
pf pre-feed pump
r Radial
rec Cold side of the recuperator
ref Reference value
rel Relative
RMS Root mean square
rot Rotor
rp REFPROP
sat At saturation conditions
stag Stagnation
stage Over the stage
stat Static
t Turbine
th Throttle
tip Tip of the rotor
tol Toluene
tot total
ts Total to static
tt Total to total
underc Undercooling
wf Working fluid
Superscripts
+ Addition to indicate the dimensionless wall distance
′ Velocity part of the energy into the fluid
Vectors
e Unit vector
u Flow velocity vector
Non dimensional numbers
Ma Mach number
Re Reynolds number
Constants
R̄ Universal gas constant 8.314 J ·K−1 ·mol−1

g Gravitational constant 9.81 m · s−2
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Chapter 1

Introduction

Although the COVID-19 crisis caused a small decrease in energy consumption, the energy
demand is growing in time [13]. Furthermore, the fossil fuel source depletion asks us for
ways to use fossil fuel based cycles more efficient [33]. Also CO2 emissions leading to global
warming, demands us to change the way electricity is produced [45].

Until recent years, a large part of the heat used in industrial processes is rejected in the
medium temperature range, as described by Pili et al. [43]. In order to both decrease energy
costs and reduce CO2 emissions, systems such as organic Rankine cycles (ORCs) can play a
large role in waste heat recovery (WHR), creating electrical energy from ”waste” heat, which
would have been thrown out in the environment before. That is why more efficient ORCs
could lead to both a cleaner world and less depletion of fossil fuels.

In this chapter more information on the ORC is given: what is the history, what does the
cycle look like, what are the advantages, in which field can they be used, how is the market
on ORCs and what are currently hot research topics. Thereafter the reference cycle, which is
applied in this study, is explained: the history of the company, information on their system,
why their system is unique relative to other ORCs and which studies are already done on the
cycle. The topics which are involved in this research are discussed, such as pump type and
part load operation.

For the cycle of Triogen, the rotational speed of part load operation is not optimised to
maximise the power output of the system. The research question ”How can the pump strategy
be optimised in order to increase cycle efficiency of part load operation?” will be answered
throughout this thesis and is explained in more detailed in section 1-2. This section also
explains the method.

1-1 Literature study
As discussed above, an ORC can help to achieve climate goals faster. In the first section, the
ORC is thoroughly discussed, together with a market analysis and the current research oppor-
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tunities. In the second section the company Triogen and their product will be introduced. It
then explains the research done on their system and then shows the promising optimisation.

1-1-1 Organic Rankine Cycle

The Rankine cycle was invented in 1859 by William J.M. Rankine [2]. This system can be
used to convert heat into mechanical energy. The cycle consists of a pump, an evaporator,
a condenser and an expander. The working fluid is isentropically pumped to the evaporator
where it is vaporised isobarically. An overview of this simplistic system is shown in figure
1-1. To extract energy from the system, a generator can be connected to the turbine. The
cycle is similar to the Carnot cycle except for the fact that the evaporation and condensation
happens isobaric instead of isothermally.

1

2
3

4

Figure 1-1: Simplistic overview of the Rankine cycle

The system can deliver net work when the working fluid undergoes pressure and temperature
changes. This can be seen in the log (p)− h diagram as displayed in figure 1-2. The working
fluid is pressurised from point four to one and expanded from point two to three. It is
clear that the enthalpy difference between point four and one is smaller than the enthalpy
difference between point two and three. If it is assumed that, as the mass flow remains the
same, energy is extracted from the cycle and can be used to drive a generator. The cycle is
thermodynamically possible because there is both energy consumed from point one to two
and energy extracted from point three to four.

The advantages of the Rankine cycle over other cycles are that they are simple, easy to
maintenance and have a high reliability, as mentioned by Dong et al. [17].
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Figure 1-2: log (p) - h diagram of an ORC

The particular parts of the Rankine cycle are listed below.

System components

• The pump in the ORC system (path one to four in figure 1-1) pressurises the work-
ing fluid from condensation pressure to the evaporation pressure. Various pumps can
be found in Rankine systems, Landelle et al. [29] grouped them as reciprocating (di-
aphragm, piston and plunger pumps), rotary (gear, rotary piston and rotary vane
pumps) and centrifugal (mono or multistage pumps).

• In the evaporator (path one to two in figure 1-1) the working fluid is evaporated and
superheated with the help of a hot external source. The superheating prevents the
turbine from damage when droplets of working fluid would hit the turbine blades.

• The expander (two to three in figure 1-1) is a critical component in the Rankine cycle, it
extracts energy from the working fluid and passes it on to the main shaft which in turn
drives the pump. As found out by Imran et al. [25], a fair amount of research is done on
expander design. Most ORC on the market uses axial or radial turbines with one stage
but also other expanders such as scroll expanders, screw expanders, Tesla turbines and
rotary vane expanders are used [12].

• In the condenser (path three to four in figure 1-1) the working fluid is condensed and
undercooled. This undercooling prevents the pump from cavitation, which is also dis-
cussed in section 2-7.

Organic Rankine cycle

To increase the exergetic efficiency of the Rankine cycle, the temperature over the heat ex-
changers needs to be as small as possible. Different working fluids have different saturation
temperatures at different pressures. A way to decrease the temperature differences over heat
exchangers, is to find a certain fluid with a saturation temperature which is similar to the
heat source temperature. It is found that organic molecules are particularly good for this
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purpose, and are extensively used as working fluid in Rankine cycles. In this case the system
is called an organic Rankine cycle (ORC).

The first apparatus which used an ether or alcohol in a Rankine cycle, was invented by Thomas
Howard in 1825-1826 [26]. Influenced by his idea, Ofeldt and Esher started building naphta
engines. D’Amelio built the first modern ORC which used monochloroethane. This system
was heated by solar power and used a single stage impulse turbine. In the 1960’s Tabor and
Bronicki started a leading study on potential working fluids which pointed out that the use
of complex freons is more beneficial. They ignited the start of the use of the regenerative
saturated cycle configuration which is still very commonly applied today.

Working fluids

The advantages of an organic compound as working fluid is that it enables one to apply the
cycle on a large heat source temperature range [12]. The application of a specific working fluid
can also decrease the exergy destruction by choosing a working fluid that has a vaporisation
temperature (for a certain pressure) similar to the heat source (also described above). The
selection of working fluid depends strongly on the temperature range of the hot source. Except
for some materials which have a too high or low critical temperature, a lot of potentially
working fluids are available according to Bao and Zhao [5]. Special attention has to be
given to the thermal stability of the material. Working fluids which are commonly used
come from the groups hydroflurocarbons(R-134a) and hydrochloroflurocarbons(R-123) [29].
A novel field of research is using supercritical CO2 (sCO2) as working fluid regarding the high
global warming potential of large organic molecules relative to CO2 [3]. In some cases the
working fluid can also be applied as lubrication or cooling of the shaft [55].

Application

The heat sources used for ORC can be divided into four groups: heat recovery, geothermal,
biomass and solar, according to Tartière and Astolfi [52]. A promising application is ocean
thermal energy conversion (OTEC) but this is in a very early stage of development [12]. It is
a technology which generates electricity from the temperature differences between the surface
and the bottom of the ocean.

Most of the heat input for installed capacity comes from geothermal wells. The groups biomass
and heat recovery are almost equal in size and solar is the smallest source among those four.
The main source of ”waste” heat recovery is Diesel or gas engines and turbines, which cover
65 % of the total installed capacity. The second largest market on waste heat recovery is
waste to energy with a percentage of 8.8. Third comes the metal industry with 7.5 % On the
fourth place the cement and lime industry which covers 6.6 %. Some smaller industry parts
cover the rest. This application division is shown in figure 1-3.

Market growth

After the research carried out by Tabor and Bronicki, the companies ORMAT (1964) and
Turboden (1970) started the design of several prototypes and are still one of the largest
players on the market. ORMAT has the largest share, Turboden comes second. Other large
companies active in the ORC systems market are Atlas Copco, Exergy, GE Energy and GE
oil and gas, Triogen and GMK. A total overview from 2016 is shown in table 1-1, adapted
from Tartière and Astolfi [52]. According to Tartière and Astolfi [52] the installed capacity
increased very rapidly over the past twenty years, which makes the market very competitive.
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ICE or gas turbine, 64.7%

Waste to energy, 8.8%
Metals, 7.5%

Cement and lime, 6.6%

Glass, 4.7%

Biogass, 1.5%
LNG, 1.3%
Petroleum & coal, 1.3%
Landfill ICE, 0.9%
Chemical Industry, 0.8%
Others, 2%

Figure 1-3: Application division of heat source group ”heat recovery” according to Tartière and
Astolfi [52].

Still a lot of projects are in construction, which increases the installed capacity even further
in the coming years.

Manufacturer ORC Total Manufacturer ORC Total Manufacturer ORC Total
units MW units MW units MW

ABB 2 3.8 Enogia 11 0.26 Orcan 16 0.3
Adoratec 23 16.4 Enreco 1 0.15 ORMAT 1102 1701
BEP - E-rational 20 3.6 Exergy 34 300 Rank 5 0.07
Calnetix / CETY 50 6.3 General Electric 6 101 TAS 17 143
DürrCyplan 6 1.2 GEM 18 5.3 TMEIC 1 1
Electratherm 55 3.14 gT - Energy Tech 2 0.7 Triogen 37 5.2
Enerbasque 3 0.13 Johnson Control 1 1.8 Turboden 267 363
Enertime 2 1.6 Kaishan 40 27.2 UTC Power 10 2.8
Enex 1 9.3 Opcon 3 2.0 Zuccato 2.1 1.7

Table 1-1: List with all companies which delivered commercial ORC units, adapted from [52].
Data from before Dec 31th, 2016

Research in this field

The amount of research on organic Rankine cycles has increased rapidly in the past 12 years
according to Imran et al. [25]. Some hot research topics with examples are given below.

Research on application

The main focus in research is on the (domestic) application of the ORC. As already mentioned
above, geothermal wells are one of the main heat sources for ORCs, so quite some research
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has been done on geothermal applications. In the article of Serafino et al. [49] a robust design
optimisation is done in order to find the most efficient geothermal fed ORC configuration.
The optimal design outperformed the one found with the standard deterministic approach.
The expected power output increased with 1.5 % while the standard deviation is reduced by
8.5 %. A novel research field in the application of organic Rankine cycles is the usage of
organic Rankine cycles in (heavy) trucks and light duty engines. In the study of Rijpkema
et al. [47], an ORC is applied to improve the total efficiency of a car. The evaporator is
placed at the exhaust pipe in an experimental setup. Control strategies were developed and
a fuel consumption reduction of 5 % is found. A great number of articles cover ORC systems
connected to a biomass heat input. For example, the study of Świerzewski and Kalina [65]
focuses on the techno-economic optimisation of a biomass-fired cogeneration plant by means of
an ORC. This study covers site-specific technical, economic, ecological and legal constraints.
Thermal energy storage is taken into account to provide flexibility to the combined heat and
power plant (CHP) system. The study reveals that the economic optima are relatively flat
and the range of ORC unit size for this optimum is wide. A smaller amount of studies is
about solar powered ORC systems. An article about an exergetic and economic analysis of a
solar driven ORC is written by Roumpedakis et al. [48]. It describes a design optimisation
and a performance assessment of a small-scale, low temperature solar driven ORC for usage
in South-East Mediterranean. This included multiple scenarios with different working fluids,
installation sites and solar collector types. The method used is a multi-objective genetic
algorithm to optimise the payback period and the mean exergy efficiency.

The subject of most studies on component level is the expander in ORC. Research has been
done on various types.

Research on expanders

The performance of a rotary vane expander is researched by Naseri et al. [37] in combination
with a variety of working fluids. The results show the potential of revolving vane expanders for
a small scale ORC. The characteristics of the expander at different operating conditions are
observed, pointing out that the design is suitable for small scale units. An example of an article
about a Tesla turbine is that of Talluri et al. [51], where a design approach is presented, which
is applied to various working fluids. Three important geometric parameters were identified
and their effect on the performance is analysed. It uses a 2-D code for viscous flow solution to
measure the performance of the presented geometry of the turbine. Ultimately an efficiency
higher than 60% is achieved. A free piston linear expander is modelled by Ng et al. [38] by
means of the usage on a sea-going ship. A dynamic simulation with Siemens Simcenter
Amesim is used for the design and optimisation process. Results show that the expander is
suitable for stable electricity generation. On the other hand, they found that the efficiency
is low, for which the design might have to be improved. With Matlab , a study is carried
out to look at design operation and off-design operation of eight different axial turbines to
eventually find efficiency correlations [44]. The correlations are tested on a benchmark case
showing a coefficient of determination not lower than 90 %. Research on the preliminary
design of a radial inflow turbine, by Meroni et al. [35] focused mainly on performance and
manufacturability. A multidisciplinary approach is used to come up with a preliminary design.
A mean-line model is coupled to a model for the generation of a preliminary 3-D turbine
geometry. The results show that a trade-off can be made between turbine performance and
manufacturability, proving that the manufacturability indicator improved to 14 % to 15 %
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with the same efficiency. The way how the paper described manufacturability is by means of
the design and how difficult it is to machine the wheel to the preferred design.

Research on part load operation

As described above, most ORCs uses heat sources which are fluctuating in time. Therefore
special attention in research goes to part load or off-design operation of ORCs. Below are a
couple of studies listed. By Wang et al. [59], four ORCs were studied in terms of the effects
of evaporating pressure, condensing condition, working fluid and system architecture. This
article takes considers the dynamics of the pump and expander are much faster than that of
the heat exchangers. Quite some details of the evaporator and condenser designs are taken
into account. The research heavily puts the emphasis on the thermal performance. The article
by Petrollese et al. [42] studied the usage of an ORC connected to a solar field and a thermal
storage system. Also a photovoltaic system is taken into account. The solar energy input does
provide a fluctuating energy input upon the storage system and the ORC. Both optimisation
of the ORC performance and optimisation of matching the delivery periods of the photovoltaic
system and the ORC are studied. The study of Kalina et al. [27] simulated a biomass fired
ORC by means of a mathematical model to predict the output when operated in part load.
The ORC applied is a Turboden T6 of 606 kW. The simulation software used is Ebsilon
Professional . By Pili et al. [43], WHR of fluctuating industrial sources were used for
powering an ORC. Different options were investigated to make a trade-off between reduced
environmental impact and investment costs for WHR. The configurations were simulated
using Matlab and Ebsilon Professional .

Research on pump design

Just quite a small amount of the studies covers pump design in ORCs [41].

Most studies on pumps in ORCs write about diaphragm pumps, which work similar to a
leakage free reciprocating pump [32]. With a small test rig and varying working fluids, the
isentropic efficiencies of a diaphragm pump were investigated by Xu et al. [62]. The outcome
of this study is that the pressure difference and the volumetric flow have a large influence on
the isentropic efficiency of the pump. D’Amico et al. [14] presents a semi-empirical model of
a diagraphm pump integrated into an ORC experimental unit. In this paper, the mass flow
rate trapped into the pump is used to compute pump characteristics and identify incipient
cavitation. The study of Li et al. [32] studies the cavitation behaviour of a diaphragm pump
based on experimental results and a 1-D model. The study by Yang et al. [63] focused on
an experimental setup of a diaphragm pump and a performance analysis. They reached an
efficiency of 88.3%, but because of the back work ratio (BWR) of 0.93, the power consumed
by the pump is not negligible.

In a study of Cavazzini et al. [11] about a multistage centrifugal pump, an experimental setup
with various working fluid is compared with computational fluid dynamics (CFD) compu-
tations which are rendered by Ansys CFX . The paper highlights the needs of the general
framework of the similarity theory in order to predict pump performance with fluids different
from water. The study of Wu et al. [61] measured characteristic data such as temperature,
pressure and flow rate in an experimental setup with a multistage centrifugal pump. A per-
formance curve, the power output and the net positive suction head available (NPSHa) were
studied. One of the outcomes is that the rotational speed has a significant influence on the
NPSHa. Research by Meng et al. [34] focused on an experimental setup of a multistage

Master of Science Thesis A. van der Vries



1-1 Literature study 8

centrifugal pump, considering the key parameters of the pump on the ORC, such as BWR,
thermal efficiency of the ORC and specific work of the pump. It points out that pumping
power should not be neglected for small scale ORC systems. Also the overall pump efficiency
is investigated. By Yang et al. [64], an experimental setup is used to investigate the influence
of the performance of the multistage centrifugal pump by the ORC. Amongst others, the
mass flow rate, the outlet pressure, the mechanical efficiency, the rotational speed and the
electric power consumption were taken into account.

By Borsukiewicz-Gozdur [9] pumping work is analysed of a list of 18 different working fluids.
The study looked for a correlation between thermo-physical properties of the working fluid,
specific work and power of the cycle. One of the results is that working fluids with relatively
low critical temperature have a greater cycle pressure range for the specified cycle temperature
range than those with higher critical temperatures. By Wang et al. [58], a plunger pump and
a centrifugal pump were compared on experimental basis. The study concluded that the
centrifugal pump has a higher mass flow rate and isentropic efficiency but also consumes
more power. Richardson [46] looked at thermofluid feed pumps, a technology which is based
on heat rather than mechanical or electrical power. This has some advantages such as low-
cost and low-maintenance. A thermodynamic model is then presented and it is pointed out
that this type of pump has potential for ORCs operating below a temperature of 100 °C. Lei
et al. [30] investigated the application on small scale ORCs of a high pressure pitot tube pump,
also called Roto-Jet. An experimental setup is used to investigate system parameters such as
efficiency, ORC efficiency and the BWR for different rotational speeds. Also research is done
on a small gearpump in order to fit into a truck design [1]. A test rig is used and pointed
out that leakage paths are critical to maintain a good volumetric efficiency. The gearpump
is found to be a good candidate for ORC in heavy trucks.

1-1-2 Triogen

Broad background information on ORC systems is given above, this study now focuses on
the Triogen system. This system works similar to the simple ORC discussed above, the
working fluid is pressurised in the pre-feed pump, the working is further pressurised in the
main pump. The working fluid is preheated in the recuperator, evaporated in the evaporator,
then expanded in the turbine. After the turbine, the working fluid is cooled down by the
recuperator and condensated in the condenser. Between the condenser and the pre-feed
pump a buffer tank is placed. An overview of the system is shown in figure 1-4.
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Figure 1-4: Adapted from [19] and [56]

Triogen produces ORC systems which provide 90 kW to 170 kW electric power. This system
is able to ”boost” an industrial engine in the range of 1 MW to 2 MW with about 10%. Over
40 systems were sold worldwide [19]. The system can be easily shipped because of the system,
without the hot and cold source equipment, is a sea container sized package. The components
of the system are purchased from external companies and the machining of parts, which are
designed by Triogen, is done by a third party. The system is assembled in their assembly hall
near their office in Goor, a small city in the east of the Netherlands.

Triogen is found in 2001 by Delft University of Technology (TU Delft) professor Jos van
Buijtenen [15] and they started developing their ORC systems from 2002 onwards [19] based
on a concept from Lappeenranta University of Technology, Finland. Triogen already did a
lot of research on their system, which is described later on in this subsection. It first explains
how the Triogen system differs from the standard Rankine cycle mentioned earlier.
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Figure 1-5: T − s diagram and log (p)− h diagram of the Triogen cycle, constructed with data
from Eppinga et al. [19] and fluid properties from Bell et al. [8]

System lay-out

The specific Triogen cycle is described below. Some major changes are made to the standard
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Rankine cycle.

Barske pump (path two to three in figure 1-5b)

In order to reach the pressure difference which is necessary in the Triogen cycle and the low
specific speed, a special pump type is chosen.

The Barske type pump which is used as main pump by Triogen is a partial emission pump
invented by Willi U.M. Barske during World War II [19]. This pump is designed in order to
reach a high pressure ratio with a low specific speed to supply propulsion systems of aircraft
with fuel. The pressure difference in the disc is caused mainly by the centrifugal force [7].
Barske neglects other pressure buildups in the disc. An extra static pressure difference is
realised with a diffuser, which turns dynamical head into static head.

Recuperator

The recuperator delivers an efficiency improvement to the basic ORC system explained in
subsection 1-1-1. From the outlet of the main pump till the inlet of the evaporator, the
stream is heated up (path three to four in figure 1-5a). From the outlet of the turbine to
the inlet of the condenser, the stream is cooled down (path six to seven in figure 1-5a). The
condenser is a shell-and-tube heat exchanger which is placed just in front of the condenser.

Evaporator (path four to five in figure 1-5b)

In the evaporator, the working fluid is heated up by a heat source. This can be an exhaust
pipe of a combustion chamber for biomass or the the outlet of exhaust fumes of a internal
combustion engine (ICE). In the evaporator the vapour is overheated by an extra 15 °C to
prevent the turbine from severe damage due to droplet formation. The heat exchanger Triogen
uses is a shell and tube type, a heat exchanger which can be easily cleaned from ashes which
might come from the combustion chamber.

Turbine (path five to six in figure 1-5b)

The system uses a radial inflow single stage cantilever turbine to convert the energy from the
working fluid into mechanical power. This cantilever turbine design is not very commonly
used, mentioned by Valdimarsson [54], which makes the system a one of a kind. According to
Weiß et al. [60] the isentropic efficiencies of these type of radial inflow turbines can be very
high. The mass flow is governed by the supersonic flow in the stator of the turbine. More
information on the control of the system can be found below.

Electrical generator

The high-speed turbo generator (HTG) which includes the turbine, electrical generator and
the main pump converts the mechanical energy into electric energy. This HTG runs at a
speed of 430 Hz [19] and uses one single casing, minimising the risk of leakage. The single
shaft ensures that the pump and the turbine have the same rotational speed. The advantage
of a single shaft is that the mechanical energy which is required for the pump, can be directly
extracted from the turbine mechanical power. This puts an extra limitation on the system
in terms of flexibility. According to Landelle et al. [29] 95 % of the pumps used in ORC
are driven electrically, which makes the Triogen design quite unique. The HTG can not be
operated below a rotational speed of 230 Hz otherwise the bearings lubrication is insufficient.
The rotational speed is limited to 500 Hz. The electrical power which it can deliver is 90 kW
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to 170 kW [19]. The system uses a steady 6 kW to power the controls. Before the working
fluid enters the main pump, part of the working fluid is split from the main flow, creating a
secondary flow for the cooling of the HTG and as lubricant for the bearings. That is also a
reason for Triogen to add a pre-feed pump. The secondary flow ends up in both the outlet of
the turbine and the inlet of the condenser.

Condenser (path seven to one in figure 1-5b)

In the condenser the vapour is converted back into liquid and is undercooled about 2 °C to
prevent the pump from cavitation. The condenser is a shell and tube type heat exchanger.
The coolant can either be a liquid, like water from a canal or ocean, or a gas, like air, to cool
the working fluid.

Now that all system parts are mentioned, some more information on important system char-
acteristics is given. Below is mentioned which working fluid is used and how control of the
system is managed.

Working fluid

The system can be applied to various heat sources but the main source of the installed systems
(80%) is heat from ICE. The rest of the systems use biomass as heat source. The temperature
range of the heating source is between 350 °C to 500 °C which is a high temperature range
relative to the market [29, 12]. To be able to handle the high temperature the heat source
supplies, the working fluid Triogen uses is toluene C6H5CH3, a molecule from the group
hydrocarbons [5]. Toluene is chosen because the critical temperature is, relative to other
organic molecules, high. The working fluid is also chemically stable. The saturated liquid-
vapour line of toluene is shown in figure 1-5a. Toluene is not used so often as working fluid
according to Landelle et al. [29].

Control

The system is controlled by means of a variable speed drive (VSD). The temperature of
the working fluid after the evaporator is measured and if the temperature is too high, the
VSD increases the rotational speed of the HTG. This induces a higher pressure difference
by the pump, which in turn increases the inlet pressure of the turbine. The choked flow is
governed by the turbine inlet pressure and if this pressure increases, the mass flow increases.
This higher mass flow decreases the inlet temperature of turbine, which is the trigger of the
control loop in the first place.

Research on the Triogen system

Triogen already investigated quite some aspects of their cycle, in particular on the radial inflow
cantilever turbine. E.J Beld did some research to the design of the Barske type pump which
is applied in the ORC system of Triogen (confidential). Also research on the optimal working
fluid is done by Vonk [56] with a fully worked out model of the cycle and a genetic algorithm
for choosing the optimal working fluid, for both cost efficiency and technical limitations.
Acetone is found to be a good replacement for toluene but also recommendations are given in
case the working fluid is not changed. In the report of Diepeveen [16] an evaporator design
optimisation is offered, which is necessary to replace the existing evaporator by a smaller one
which is able to fit into a container space.

Application
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Research for the usage of biomass combustion as heat input on the ORC system is done by
van Buijtenen and Ganassin [55]. It describes how an innovative system is built to directly
use the heat from the combustion into the evaporator of the ORC.

Expander

A 3-D Reynolds averaged Navier Stokes (RANS) steady state simulation of the turbine, in-
cluding the flow passages, stator, rotor and diffuser is performed in order to indicate that the
optimised stator increased the power output of the 5 kW electric energy and also improved the
performance during off-design operation [23, 22]. A robust optimisation strategy to minimise
entropy losses by optimising the radial stator vanes with a so called MoC-based method is
carried out by Anand et al. [4]. This particular method reduces costs while CFD computa-
tions are not very cost-efficient. The study promises a 1.5% total-to-total turbine efficiency
compared to the baseline design. By Otero R et al. [40], the unsteady, supersonic flow in
several turbo expanders is simulated. 3-D and Quasi 3-D simulations were carried out in
order to investigate the flow field of an old turbine rotor and an optimised rotor. Eventually
a performance improvement is measured in the optimised rotor. The study of Smit et al. [50]
focused on optimisation of the turbine using a genetic algorithm together with Q-3D RANS
simulations. The total-to-static efficiency is increased by 4.3%.

Part load

A dynamic simulation of the Triogen cycle is performed with the software package MODEL-
ICA . The modelling is validated with measurements of transient responses. This method is
valuable for inventing control strategies [10].

As mentioned above, Triogen already did research on the application of biomass on the cycle,
they studied several aspects of the expander and they looked at how to dynamically simulate
the cycle. No research is done on pump operation strategies to increase the system power
output during part load operation. As discussed in subsection 1-1-1, not much research is
done on pumps in ORCs and the studies found consider only other pump types and pumps
which are not mechanically connected to the turbine.

The system will run mostly at off-design point as the (waste) heat source fluctuates in time
[59]. While running the cycle in part load at a lower heat input, the mass flow, induced by
the choked flow in the turbine, has to be lower. This change in mass flow induces the pump
to run on another rotational speed than the design point which in turn causes the turbine
to run on another working point. The mass flow can not be changed because it is necessary
to cool down the heat input. If we can change the system to run the rotational speed which
belongs to the best working point of the turbine and the mass flow can change as function of
the heat input, the total power output of the ORC might increase.

1-2 Motivation, research goal and method
As discussed above, not much research is done on the application of a more efficient pump
strategy. The turbine delivers the mechanical energy from the cycle to the generator. It is
assumed that the power output of the system is mainly governed by the turbine efficiency.
This can also be deduced from the explanation in section 1-1-1 and figure 1-2. The goal is to
let the pump induce a rotational speed which fits best to the mass flow and the best working
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point of the turbine.

By changing the interaction between the rotational speed and the turbine inlet pressure
(a different pump strategy) to induce a better fitting rotational speed to the turbine, the
efficiency of the turbine can be maximised for the current mass flow.

Thus the goal of this research is optimisation of the pump operation to increase the cycle
efficiency of an ORC during part load. Thus the research question is: ”How can the pump
strategy be optimised in order to increase cycle efficiency of part load operation?” Two basic
sub questions might lead to this goal:

1. What is the optimal rotational speed of the HTG for the highest power output given a
certain evaporator heat input?

2. How can this optimal rotational speed be provided?

The hypothesis on how this might be possible is to add a bypass or a throttle valve. Another
possibility which is offered by Triogen is to design a conical valve in the diffuser of the pump.
In this thesis, the most effective and cost efficient solution will be suggested.

From the cycle model, the gained power by adjusting the rotational speed of the HTG to
the optimal one, will be shown. The cycle model is a simplified mathematical model in
Microsoft Excel which will be explained in chapter 2.

For this cycle model, some in-depth analysis of the pump performance and the turbine map
is necessary to implement the adjustments of the rotational speed for certain heat inputs. In
the third and fourth chapter these respectively will be set out.

In the end the results of the simulations of the turbine and the outcomes of the cycle model
are shown. Some insights in specific performance indicators are given. The optimal rotational
speed will be mentioned and the way to implement this strategy is suggested

In the last chapter conclusions and recommendations are given.
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Chapter 2

Cycle model

The optimal rotational speed for the system can be extracted from the results of a cycle model
with a detailed turbine map. The outline of the cycle model is written down in this chapter

In the first section, the scope of the model is explained. After this, the elements of the
system, and the mathematical structure are discussed. In section 2-3 is discussed how the
energy balance is closed. Because the quality of the cycle model depends on the behaviour
of the pump curve and the turbine map, the fourth and fifth section go in more depth about
these topics. After that, the importance of the recuperator in the process will be explained in
section 2-8. In section 2-9 the mass flow governed by the supersonic flow in the nozzle of the
turbine is discussed. In section 2-10, the control mechanism of the model will be explained.
The last section 2-11 discusses the solution method used in the model to reduce the necessary
computational time.

2-1 Structure

The design of the cycle model begins with attaching the components in the right order and
assign a correct mathematical framework to these components.

The cycle model consist of a Microsoft Excel file with a Microsoft Excel visual basic
for applications (VBA) addition but without any necessary add-ins. The REFPROP
library [31] is used for the tabulated properties (which is later explained in section 2-11).

Because the input of the model is defined as evaporator heat input, the model is stable when
used with a evaporator heat input from Qevap =400 kW to 1200 kW.

The Microsoft Excel VBA script takes care of the control mechanism which is explained
in further depth in section 2-10 but is also used for logging of data when the evaporator power
input is changed.
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2-2 Scope

2-2-1 Pressure convention

Throughout this report, pressures indicating conditions in different parts of the system are
given. In this thesis all pressures given are absolute pressures unless mentioned otherwise.

2-2-2 Turbine inlet pressure

Due to the control mechanism on the system, the overheating at the pressure before the
turbine inlet has to be known. Because above ptol,crit ≈ 41.3 bar the working fluid is in a
supercritical state [31], no overheating value exists. The system model therefore can handle
turbine inlet pressures up to pt,in = 41.3 bar. This pressure in combination with the stator
height limits the maximum power input for the system. A higher stator height can lift up the
power input of the system for an equal turbine inlet pressure.

2-2-3 Heat exchanger modelling

In reality, the pressure differences induced by the heat exchangers change as a function of the
mass flow of the working fluid. However, for the cycle model in this report, fixed pressure
differences induced by the heat exchangers are used. Vonk [56] explains the computation
of the pressure drop by the heat exchangers in the Triogen system in depth. Because this
research is focused on the interaction between the pump and the turbine, the emphasis is
rather on the turbine wheel simulations and the pump model then on the heat exchanger
modelling.

Heat exchanger part Symbol Value Unit
Evaporator ∆pevap 0.5 bar

Recuperator cold side ∆prec,cold 0.1 bar
Recuperator hot side ∆prec,hot 0.06 bar

Condenser ∆pcond 0.005 bar

Table 2-1: Pressure drop inside heat exchanger parts for the working fluid

Not only the pressure difference induced by the heat exchangers is simplified, also the heat
transfer inside the heat exchanger is assumed to be governed solely by enthalpy differences
between inlet and outlet and mass flows. As a consequence, with changing evaporator heat
input Qevap, in principal, a totally new heat exchanger is designed to transfer the ”right”
power. The same is done with the condenser and the recuperator. This is a very crude
approach which fits the goal of this thesis, which focuses on the interaction between the
pump and the turbine, but might be too inaccurate for other purposes. Vonk [56] made a full
mathematical model to accurately approach the heat transfer inside the heat exchangers.

2-2-4 Turbine outlet pressure

The outlet pressure of the turbine in the simulations is independent of the inlet pressure of
the recuperator in the cycle model. This is a known problem which has to be dealt with for
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the sake of simplicity of the model. The turbine simulations are further discussed in chapter
4.

2-2-5 Pre-feed pump

The pre-feed pump pressurises the working fluid at the outlet of the condenser pcond,out =
0.18 bar to the fixed pressure of ppf,out = 3 bar. In reality, these in- and outlet pressures are
not fixed but depend on the duty of the condenser and the power input of the pre-feed pump.
Although the pump is controlled such that the output pressure approaches the used 3 bar,
this control mechanism is not included in the cycle model, nor is the changing duty of the
condenser. The condenser output pressure depends on the saturation temperature, which is
assumed to be Tcond,sat = 57 °C and an undercooling of ∆Tcond,underc = 2 °C.

The efficiency of the pre-feed pump is assumed to be the same as the main pump. The
complete efficiency analysis is given in section 3-3-1. In reality these efficiencies might not be
the same (also mentioned in section 3-4). In the cycle model described in this chapter, the
power consumption is assumed to be only mechanical power. In reality, the power consumed
by the pre-feed pump includes the electrical efficiency of the pump.

2-2-6 Recuperator

The outlet of the recuperator is fixed as the overheating at the outlet of the evaporator is 20 °C
at the condenser inlet pressure [18]. In reality the situation after the recuperator depends on
the duty of the recuperator.

2-2-7 Lubrication and cooling

In the real system, after the pre-feed pump, part of the working fluid is tapped to feed into
the housing of the high-speed turbo generator (HTG) to cool the shaft and lubricate the
bearings. This part of the working fluid is fed back into the stream after the outlet of the
turbine, back into the main flow. This secondary flow is not taken into the account in the
model because it is considered negligibly small with respect to the rest of the flow.

2-3 Energy balance
To ensure the correct working principle of the model, an energy balance is set up. In this
section a short explanation of this sum is worked out.

The working fluid is taken as the volume which is gaining and loosing energy. It is assumed
that there is no working fluid entering or leaving the system. In reality, the working fluid is
used for cooling the shaft and for lubrication of the bearings, but this is left out of the scope
of this report as mentioned in subsection 2-2-7.

The energy used for the main pump and pre-feed pump are extracted from the turbine power
because it is not leaving the system. This power is added as pressure difference and temper-
ature increase of the fluid. If the secondary pump would have had an electrical efficiency, the
heat would also be partly absorbed by the working fluid so this also is left out of the scope
of this energy balance.
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2-4 Turbine map 17

The working fluid only gains thermal energy in the evaporator. The energy leaving the system
is the thermal energy of the condenser and the mechanical turbine power without the pumping
power of both pre-feed and main pump.

The energy balance is closed as such:

Etot=Qevap −Qcond − (Wturb −Wmp −Wpf) (2-1)

Where Etot the total energy crossing the boundaries of the system, which has to reach zero.
Qevap the heat input of the evaporator, Qcond the heat output of the condenser, Wturb the
work output of the turbine, Wmp the work input of the main pump and Wsp the work output
of the secondary pump.

This balance Etot has to be equal to zero, otherwise the model is not valid and the energy
balance is not closed.

The quantities in equation 2-1 are computed as such:

Qevap=ṁwf(hevap,out − hevap,in) (2-2)
Qcond=ṁwf(hcond,in − hcond,out) (2-3)
Wturb=ṁwf(ht,in − ht,out) (2-4)
Wmp=ṁwf(hmp,out − hmp,in) (2-5)
Wsp=ṁwf(hpf,out − hpf,in) (2-6)

In this section the energy balance is closed. Next section includes the turbine map implemen-
tation into the cycle model.

2-4 Turbine map
A fixed temperature as function of the evaporator heat input is assumed at the inlet of the
turbine. Because the pressure after the pump is known combined with the fixed pressure
drop in the heat exchangers (shown in table 2-1), the pressure before the turbine is known.
By using the table, the corresponding vaporisation temperature can be calculated, which can
consequently be used to determine the turbine inlet temperature. The turbine inlet pressure
pt,in and the rotational speed n are used as the input for the turbine map.

The output of the turbine map consist of the entropy at the outlet of the turbine. Solely this,
together with a recuperator inlet pressure (which can also be computed with the condenser
pressure and the assumed pressure drop) can give all necessary turbine outlet conditions.

In section 4-5, the method of finding the outlet conditions at the turbine outlet is written
down. With the equation 4-7 and the coefficients in table 4-4 the entropy can easily be
computed. Together with the turbine outlet pressure pt,out which can be deduced from the
condenser pressure and the pressure drops of table 2-1, this gives all thermodynamic properties
at the outlet.

The outlet conditions of the turbine are necessary to compute the heat transfer in the recu-
perator.
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2-5 Pump curve

The main pump induces a higher pressure to the flow out of the pre-feed pump. Because
the pump governs the pressure before the inlet of the turbine pt,in, this basically controls the
system and influences the turbine performance as discussed in section 2-4.

The pump in the model requires a rotational speed of the axis n. It also requires the properties
Tpump,in, ppump,in of the working fluid at the inlet of the pump in order to compute a density
of the fluid.

The output of the pump model consist of a pump outlet temperature Tpump,out and a pump
outlet pressure ppump,out. Because the pump power for the Barske pump can be approached
with analytical formulas, also the power used by the pump can be extracted from the pump
model.

More information on the pump curve is given in chapter 3. In this chapter, more in-depth
information is given on pump design, pump behaviour for different mass flows and efficiencies
depending on mass flow and rotational speed.

2-6 Evaporator

Previous section explained the input of the pump model for the cycle model. This section
mentions the calculations related to the evaporator.

As discussed in subsection 2-2-3, the cycle model puts the focus on the interaction between the
pump and the turbine. The only mathematical expression defining the duty of the evaporator
is the heat input Qevap,in. Together with the temperature assumed at the hot side of the
evaporator, the heat exchanger is effectively ”redesigned” every simulation with a different
heat input.

Because of the basis of this thesis, it is of interest to continuously change the evaporator
heat input. Thus this is an input, together with the inlet temperature of the turbine Tt,in.
The pressures around the evaporator can be directly computed. The pressure after the main
pump is computed according to the pump model discussed in the previous section. With the
pressure differences in table 2-1, the pressures around the evaporator can be computed.

At the hot side of the evaporator, the temperatures are fixed and the mass flow is governed
by the specific heat of flue gasses and the heat input Qevap,in. In reality the outlet condition
of the hot side changes as the duty of the evaporator change. In the cycle model, the duty
of the evaporator is an input value and the conditions of the flue gas side are not taken into
account.

The output temperature of the evaporator is computed with the mass flow of the working
fluid, the heat input and the enthalpy at the inlet of the evaporator. This calculation is shown
in equation 2-11.
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∑
E=0 (2-7)

ṁfgcp,fg∆Tfg=−ṁwf∆hwf (2-8)
Qevap=−ṁwf(hwf,in − hwf,out) (2-9)
Qevap=ṁwf(hwf,out − hwf,in) (2-10)

hwf,out=hwf,in + Qevap
ṁwf

(2-11)

2-7 Condenser

Similar to the condenser calculations of the evaporator above, the condenser is simplified in
this model.

The outlet pressure is fixed at the saturation pressure at Tcond,sat = 57 °C and can be computed
with REFPROP [31], pcond,sat = 0.178 bar. The outlet temperature is assumed to be governed
by this saturation temperature minus the undercooling temperature ∆Tunderc,cond,out = 2 °C,
Tcond,out = Tcond,sat − ∆Tunderc,cond,out = 57 °C − 2 °C = 55 °C. Undercooling at the outlet
of the condenser is necessary. At the outlet of the condenser and in the buffer tank, the
outlet pressure is pcond,sat = 0.178 bar. Before the pre-feed pump, the total pressure stays
constant but the dynamic pressure increases. Therefore the static pressure decreases and
when this static pressure reaches the saturation pressure of the working fluid, cavitation can
cause destruction of the pump blades.

The inlet pressure is computed with the pressure drop in the condenser, which can be extracted
from table 2-1. The model assumes an overheating of ∆Toverh,rec,out = 20 °C at the inlet of
the condenser. All required enthalpies and entropies are calculated with REFPROP [31].

Thus all properties of the working fluid are known from the start, which makes the modelling
of this component trivial. The duty of the condenser depends solely on the mass flow which
is variable in the cycle model.

2-8 Recuperator

The function of the recuperator in the process is to increase the cycle efficiency by heating
up the inlet of the evaporator by means of cooling the turbine outlet stream. The effect of
the recuperator can be seen in figure 2-1.
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Figure 2-1: Heat recovered by the recuperator

The inlet pressure of the condenser is fixed and the model assumes an overheating of ∆Toverh,rec,out =
20 °C at the outlet of the hot side of the recuperator, as discussed above in section 2-7. The
absolute temperature and static enthalpy can be found with REFPROP [31].

Because the properties at the outlet of the condenser are fixed and the pump model provides
the situation after the pump, the properties of the working fluid before entering the cold side
of the recuperator are known.

By the turbine map, the outlet conditions of the turbine are computed.

The model computes the outlet enthalpy of the recuperator cold side. This is done with a
very simplistic energy balance. ∑

E=0 (2-12)
=Ecold + Ehot (2-13)

Ecold=−Ehot (2-14)
ṁwf∆hcold=−ṁwf∆hhot (2-15)

ṁwf(hrec,cold,out − hrec,cold,in)=−ṁwf(hrec,hot,out − hrec,hot,in) (2-16)
ṁwf(hrec,cold,out − hrec,cold,in)=ṁwf(hrec,hot,in − hrec,hot,out) (2-17)

Because the mass flow exist on both sides, they cancel out and the unknown enthalpy can be
found

hrec,cold,out=(hrec,hot,in − hrec,hot,out) + hrec,cold,in (2-18)

2-9 Choked flow
The mass flow of the working fluid through the cycle is governed by the choked flow at the
throat which is created by the stator. When it is assumed that the inlet pressure of the
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turbine stays almost constant before entering the diverging part of the throat, we can say
that the enthalpy is a function of the static enthalpy and the speed of sound.

In appendix A, the equation for the speed of sound for an ideal gas is given. To verify if
this simplistic formula can be used in this case when toluene as working fluid is used, the
compressibility for different inlet pressures and temperatures is computed with [31]. As can
be seen in figure 2-2, the compressibility is changing with fluid conditions so the function
equation A-2 can not be used in this case.
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Figure 2-2: Compressibility of toluene according to [31]

We also assume that the inlet of the throat is perfectly insulated so the entropy does not
change. Thus the variables are picked as displayed in figure 2-3. The static enthalpy ht,0 at
the inlet of the turbine is derived from the pressure at the inlet of the turbine pt,in and the
inlet temperature Tt,in. The entropy at the inlet is also derived from these two conditions.

h0, s0 h, s0

Figure 2-3: Schematic approach of the throat at the stator of the turbine

The stagnation enthalpy describes the enthalpy when the fluid stands still, so the velocity
energy is added. The stagnation enthalpy is also called the total enthalpy. The static enthalpy
in the throat is computed as such
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hstag=hstat + 1
2C

2 (2-19)

hstat=hstag −
1
2C

2 (2-20)

with [h] = J · kg−1

Because we are not looking for the enthalpy but for the speed of sound, and because this C =
f(hstat, s0), we iterate this formula with an initial guessed C. The speed of sound as function of
the enthalpy and the entropy can be found with Coolprop [8]. Because we used REFPROP
for all other properties but the speed of sound cannot be verified with REFPROP , we used
Coolprop instead and computed the relative difference between enthalpy model and entropy
model with the following equations:

∆h
h

=hrp − hcp
hrp

(2-21)

∆s
s

=srp − scp
srp

(2-22)

The outcomes are shown in figure 2-4. As can be seen in this figure, the difference of enthalpy
models is small enough to be neglected.
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Figure 2-4: Relative difference between REFPROP and Coolprop

The mass flow ṁ can be computed

ṁ=ρQ (2-23)
=ρ(Aa) (2-24)
=ρ(WHa) (2-25)
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The width of the channel in the turbine is W and the height of the original stator is H. The
height of the stator for different systems can be changed in order to change the mass flow
through the whole system for certain turbine inlet pressures. The mass flow as function of
the inlet pressure and the stator height can be found in figure 2-5.
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Figure 2-5: Choked flow depending on turbine inlet pressure and stator height

Given a certain stator height H and a turbine inlet temperature Tt,in, the mass flow is directly
related to the inlet pressure and is fit with Matlab and the data from the computation above.

The mass flow for a certain inlet pressure (with [pt,in] = bar and ṁwf = kg · s−1) is given in
the following polynomial:

ṁwf=
5∑
i=0

Kip
i
t,in (2-26)

The constants which are used for this polynomial are shown in figure 2-2.

i 5 4 3 2 1 0
K −7.3578× 10−8 9.6161× 10−6 −4.9077× 10−4 1.2281× 10−2 −1.0404× 10−1 7.5279× 10−1

Table 2-2: Parameters for the estimation of the mass flow of the working fluid as function of
the turbine inlet pressure

The proportion of variance of this fit is R2 = 0.9995. The outcome of this function is shown
in figure 2-6.
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ṁ
w

f]
=

kg
·s

−
1

Figure 2-6: Mass flow as function of the turbine inlet pressure given a certain stator height

2-10 Control
Above is described how the turbine inlet pressure pt,in defines the mass flow of the system
ṁwf . In this section, the control of the system is discussed.

The system is controlled by a variable speed drive (VSD) which can put a ”load” onto the
HTG shaft in order to increase or decrease the rotational speed n. The evaporator inlet heat
Qevap,in defines the mass flow of the working fluid.

The sensor part of the control mechanism is confidential. For a great approach to identify the
control behaviour, it can be assumed that the system is controlled on the inlet temperature
of the turbine.

The control mechanism actuates the VSD which in turn changes the rotational speed of the
HTG. Because the dynamics of the VSD are not covered in the model, the actuator directly
changes the rotational speed.

The model converges to the solution by a custom written goal seek function. The Microsoft
Excel VBA script compares the turbine inlet temperature to a reference value and then
adjusts the rotational speed to the old value together with 0.1 times the error between the
turbine inlet temperature and the reference value. This computation is shown in equation
2-27. When the temperature is too high, the rotational speed must increase and vice versa.

nnew=nold + 0.1(Tt,in − Tref) (2-27)

After the rotational speed is changed, the mass flow and the efficiency of the pumps are
updated and the control loop is repeated. This is necessary because there are actually two
loops inside the model, displayed in figure 2-7.
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Figure 2-7: Schematic preview of the iteration cycle

2-11 Tabulated properties
For the cycle model, properties of the working fluid toluene are required for certain conditions.
Because the model will be used to compute the system performance for a large number of
evaporator heat inputs, it is required to run as fast as possible.

Property libraries such as REFPROP [31] and Coolprop [8] can be used inside Microsoft
Excel to verify fluid properties. The libraries are very precise but also make the model slow.
In order to increase the speed of the model, properties can also be found in tables.

The tables have to be designed carefully because unsystematic work and wrong choice of value
picking can lead to wrong results and can also influence the convergence of the model.

2-11-1 Range
To ensure the tables covers all fluid properties possible in the cycle model, the ranges of
properties are listed in table 2-3.

Result Input 1 Input 2 First range Second range Purpose
Saturation pressure Temperature 40 °C to 70 °C Condenser outlet pressure

Saturation temperature Pressure 0.1 bar to 1 bar Condenser overheating
Saturation temperature Pressure 1 bar to 40 bar Evaporator overheating

Enthalpy Pressure Temperature 0.1 bar to 1 bar 40 °C to 100 °C Condensor in and outlet enthalpy
Entropy Pressure Temperature 0.1 bar to 4 bar 40 °C to 70 °C Entropy at pump inlets

Temperature Pressure Enthalpy 0.1 bar to 40 bar −100 kJ · kg−1 to 1700 kJ · kg−1 Temperature at various points in the system
Enthalpy Pressure Entropy 0.1 bar to 40 bar 1 kJ · kg−1 ·K−1 to 2 kJ · kg−1 ·K−1 Static enthalpy outlet turbine
Density Pressure Enthalpy 2 bar to 5 bar 40 °C to 100 °C Density at the inlet of the main pump

Table 2-3: Thermodynamical functions necessary for the cycle model, tabulated to increase
computational speed.

2-11-2 Logarithmic versus linear
To accurately describe the fluid properties as function of dependent properties with the con-
structed tables and also minimise computational time, a decision whether to use a linear or
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logarithmic scale for the dependant properties has to be made. In 2-3, the required fluid prop-
erties with the dependent variables are given. In appendix B, the logarithmic dependence of
the pressure on the entropy is discussed. Thus the pressure scale which is used in the tables
is chosen to be logarithmic.

2-11-3 Cubic interpolation

The properties are computed using linear interpolation within the domain of the points neigh-
bouring the required points. This computation method is written down in equation 2-28 and
visually displayed in figure 2-8.

f(x, y)=
f(xi+1,yn)−f(xi,yi)

xi+1−xi
− f(xi+1,yi+1)−f(xn,yi+1)

xi+1−xi

yi+1 − yn
(2-28)
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Figure 2-8: Interpolation method for tabulated properties, mathematical description in equation
2-28

2-11-4 Verification

To investigate whether the tabulated properties are accurately approaching the thermody-
namic properties from REFPROP , a test model file was made which compared the REF-
PROP outcomes to the tabulated results. The entropy as function of temperature and
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pressure was verified with both the REFPROP software and the tabulated entropy. The
relative entropy difference in figure 2-9 is computed as described in equation 2-29.

∆s
s

=s(p, T )tab − s(p, T )rp
s(p, T )rp

(2-29)
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Figure 2-9: Relative entropy difference as function of pressure and temperature

It can be observed that the relative entropy difference is almost equal to zero in most of the
domains but differs heavily from zero when reaching the coexistence area. To ensure the
accurateness of the tables, the properties accessed by the model may not be inside this area.
According to figure 1-1, the points for which properties will be calculated in the model are
not inside this coexistence region, hence the tables are accurate.

2-11-5 Saturation temperature

Because of convergence issues, the tabulated saturation temperature as function of pressure
was not precise enough. A polynomial is constructed with Microsoft Excel to realise a
continuous function for the saturation temperature. The computation of the approach can
be seen in equation 2-30. The units which hav to be used are [pt,in] = bar and [Tsat(p)] = °C.

Tsat(p)=
3∑
i=1

Kip
Ai (2-30)

With the associated constants:
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Figure 2-10: Caption

i 1 2 3
K 94.63402504 11210788996 -11210788981
A 0.28414228 7.50332E-10 0

Table 2-4: Coefficients necessary for equation 2-30

The proportion of variance of this fit is R2 = 0.999998, which is in fact very high. The
function and the values from the property table is shown in figure 2-10.

Now that the overall method of the cycle method is described, more detailed information
about both the pump performance and the turbine simulations are given respectively in the
next chapters.
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Chapter 3

Pump modelling

In this chapter the outline of the pump model will be further explained. Because this part
of the cycle model is of much importance of a good functionality of the cycle model, more
in-depth information will be provided.

First the current pump design will be discussed with some specific dimensions which are
necessary for section 3-2. This section explains the characteristic performance of the pump.
The third section will go further in depth about the power consumption and the efficiency
of the pump. The last chapter explains something about the implementation of the pump
model into the cycle model.

3-1 Design

The current pump design is based on a design optimisation by E.J. Beld, a confidential in-
house report. Given that this must be the most optimal design of the pump for the design
operation conditions, no further research will be done in this thesis to redesign the pump its
dimensions.

The characteristic dimensions for the Barske pump is shown in figure 3-1.
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Figure 3-1: Schematic view of pump dimensions, adapted from Gravelle [20]

The dimensions of the current design matching the places in the scheme depicted in figure
3-1 can be found in table 3-1.

Description Symbol Value Unit
Disc inner diameter D1 0.015 m
Disc outer diameter D2 0.054 m

Diffuser inlet diameter d1 0.0045 m
Number of diffusers id 2 -

Table 3-1: Pump dimensions

These pump dimensions are necessary to use the performance equations in the next section.

3-2 Performance

Described above in section 3-1, when all properties of the pump are known, a performance
analysis can be done.

The Barske pump provides a pressure difference for low specific speeds and high pressure
ratios. The disc inside the pump housing (shown in figure 3-1) rotates at very high rotational
speeds n = 230 Hz to 500 Hz. The pump generates pressure in two ways, namely a static pres-
sure by means of the centrifugal force and a dynamic pressure because of the high rotational
speed.
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The dependence of the impeller tip speed on the static pressure difference induced by the
pump is described in appendix C:

ptot=ρ
(
U2

2 − U2
1

2 + U2
2

2

)
(3-1)

This definition is also used by Barske [7] and Gravelle [20].

Only a part of the dynamic head can be converted to static head. This is governed by the
diffuser efficiency. As can be seen above, the pressure difference is mainly depending on the
impeller tip speed U2. The dependence of this speed on the pressure is given by the following
equation of the pressure coefficient ψ:

ψ=resultant pressure difference
impeller tip speed = ∆ppump

gρU2
2

= ∆ppump
gρ(D2πn)2 (3-2)

The speed of the flow in the diffuser is not equal to the speed of the impeller tip, this ratio is
given in the equation of the flow coefficient φ:

φ= real velocity of the flow
velocity of the impeller tip = vthroat

U2
2

= 4Q
π2idnD2d2

1
(3-3)

With Q the volumetric flow, id the number of diffusers, which is in the Triogen case id = 2.
n the rotational speed, g the gravitational constant and the pump dimensions d1 and D2
which are given above in table 3-1.

Together equations 3-3 and 3-2 above can be used as a simple model to characterise the pump.
The flow coefficient is computed with values which are present as input for this model. From
Gravelle [20], the relation between flow and pressure coefficient of a Barske type pump can
be deduced, which is shown in figure 3-2. Equation 3-2 is rewritten in order to compute the
pressure difference.

∆ppump=ψgρ(D2πn)2 (3-4)

The φ − ψ relation is modelled with a linear estimation in Microsoft Excel and can be
computed as such:

ψ=
6∑
i=1

Kiφ
Ai (3-5)

With the constants provided in table 3-2.

i 1 2 3 4 5 6
A 1.07339012 14.98944605 14.69170113 1.202267088 14.99436449 0
K 0.796868607 13288.71385 -216.1760893 -0.787185043 -13072.87237 0.713845525

Table 3-2: Constants for computation of pressure coefficient as function of flow coefficient
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The polynomial of this relation is shown in figure 3-2.
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Figure 3-2: Head coefficient as function of the flow coefficient adapted from Gravelle [20]

The method of using the flow and head coefficient for characterisation of the pump is estab-
lished by E.J. Beld, who redesigned the pump in order to get the optimal pump design for
design conditions. Experimental findings from E.J. Beld during the optimisation of the pump
design are available in-house but confidential. The dimensions of his second redesign are used
in this thesis as reference.

With the dimensions above, an inlet pressure of the main pump of pmp,in = 3 bar and a
rotational speed of ndes = 430 Hz, the pump curve of the Barske pump is shown in figure 3-3
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Figure 3-3: Pump curve for given dimensions with a rotational speed of ndes = 430 Hz

As can be seen in this figure, the curve is similar to the curve of the coefficients in figure 3-2.
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This characteristic curve of a Barske type pump has a steep drop of pressure after a certain
maximum volumetric flow. Physically this means that when the volumetric flow is too large
and the pump does not pressurise the fluid any more.

In figure 3-4, the pressure ratio for different rotational speeds and mass flows are given. The
density which is used is ρ ≈ 832 kg ·m−3. This density can be assumed constant because
the inlet conditions of the main pump do not change very much in this cycle model. The
fluctuation of density for various evaporator heat inputs is 1.2 × 10−5%. Equations 3-3, 3-4
and 3-5 are used to come up with figure 3-4.

In this figure 3-4, the pressure ratio tends to reach the same linear increase when the rotational
speed is high. The pressure ratio depends very much on the mass flow for low rotational
speeds. For low mass flow, the pressure ratio scales almost linearly with the rotational speed.
This might be a consequence of the small dynamic pressure difference conversion of the
diffuser.
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Figure 3-4: Pressure ratio for different mass flows

In the next section, power consumption of the pump for certain operation conditions are
given.

3-3 Required power
As presented by Barske [7], the following formulas are used to equate the power put into the
pump and the net power output.

The power which is actually transferred to the fluid, i.e. the power output:

Pfluid=∆pṁ
ρ

(3-6)

With ṁ the mass flow of the working fluid, ρ the density of the working fluid and ∆p the
pressure difference computed in the previous section.
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An empirical method to approach the frictional power input is stated by Barske [6]. The
dimensions can be found in table 3-1.

Pfric=0.743ρν0.2n2.8(D4.6
2 + 1.38 ·D4.6

1 ) (3-7)

With ν ≈ 4.72× 10−7 m2 · s−1 the kinetic viscosity of the working fluid from REFPROP ,
ρ the density of the working fluid and n the rotational speed of the axle.

The power input to increase the velocity of the fluid:

P ′=ṁ

2 (2U2
2 − U2

1 ) (3-8)

With U1 the speed of the flow at the inlet of the blade U1 = D1πn, U2 the speed of the flow
at the outlet of the blade U2 = D2πn and ṁ the mass flow of the working fluid.

These equations are required to compute the power needed to pump the fluid to a certain
pressure. They are also used for the efficiency computations in the next section.

3-3-1 Efficiency

With the power consumption and power output to the fluid calculated in the previous sub-
section, the efficiency can be computed as:

ηpump= Pfluid
P ′ + Pfric

(3-9)

In figure 3-5, the efficiencies for different rotational speeds and mass flows are given. The
equations 3-3, 3-4 and 3-5 are used and the density of ρ = 832 kg ·m−3 is used. Above is
already stated that this is a valid assumption.

It is apparent that the efficiency fluctuates around ηpump ≈ 0.6 and has a very sharp drop-off,
similar to the pump curve shown in figure 3-3.
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Figure 3-5: Pump efficiencies for different mass flow and rotational speed

3-4 Implementation in model
Now that above is described how the pump is modelled, what important performance char-
acteristics are and how the efficiency can be computed, the model can be implemented into
the cycle model.

The pump model depends solely on the rotational speed n and the density of the working
fluid. These are the input parameters, the output parameters are the pressure difference and
the efficiency. The density can be verified with the tabulated properties and is a function of
the pressure and the temperature at the inlet of the pump.

It is assumed that the pre-feed pump has the same isentropic efficiency as the main pump
but which is in reality not so. This assumption can be used because the energy demand of
the pre-feed pump is relative to the main pump very small (≈ 10 %) and no actual data of
the pre-feed pump is available. Furthermore, the efficiency (probably as function of mass flow
working fluid) can be easily changed in the cycle model in the future.

Now that the pump model is explained in detail, the next chapter covers more information
about the turbine simulations and the construction of the turbine map.
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Chapter 4

Turbine

The cycle model uses an elaborate performance map to mimic the turbine response as function
of inlet properties. From research done by Smit et al. [50] a mesh and initialised Ansys CFX
model is adapted in this research. The flow is modelled steady state. Some adjustments were
made in place to optimise the setup files for the expected output of this thesis. In this chapter
some further insights in how the simulations were setup and the validation of the simulation
convergence.

4-1 Mesh

The turbine consist of 18 stator blades and 47 rotor blades. For the sake of computational
time, only one stator stage and rotor blade are modelled. With periodicities, the flow through
more stator and rotor blades is simulated. This is also mentioned in the next section. An
overview of the mesh is shown in figure 4-1.

In this quasi 3-D model, only the flow of the mid line of the domain is solved in order to save
computational time. Therefore the domain consist only of 2 elements in the z-direction. The
boundary conditions is chosen as such that the follows the mid line and the walls are having
the same speed as the flow in the mid line.

The height is chosen such that the path increases in height downstream to mimic the change
in height in the real rotor.

Also the thickness of the rotor increases to account for fluid expansion in the rotor. This is
shown in figure 4-2.
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Figure 4-1: Isometric view of the mesh used for the turbine simulations

Figure 4-2: Zoomed in view of the mesh height used for the turbine simulations
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Figure 4-3: Zoomed in view on the mesh used for the turbine simulations
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Location Elements
Domain stator 38496
Blade stator 1138
Bottom stator 19248
Top stator 19248

Periodic stator side 1 162
Periodic stator side 2 162

Inlet stator 98
Mixing plane side 1 256

Rotor Domain 81840
Mixing plane side 2 202

Outlet rotor 206
Rotor blade 1240

Periodic rotor side 1 416
Periodic rotor side 2 416

Bottom rotor 40920
Top rotor 40920

Table 4-1: Number of elements per object

The total number of nodes in this mesh is 183468 and the mesh consist of several different
element shapes, shown in table 4-2. The triangular and pentagonal shaped elements are solely
from the stator because the rotor is a structured mesh which consist only of hexagonal and
quadruple elements. A structured mesh has some advantages such as elements can be simply
addressed by double indices. Also the connectivity of elements is straightforward. These
advantages makes programming more easy [53].

Location Elements
Hexagonal 119988
Triangle 348

Pentagonal 348
Quadrupal 124284

Table 4-2: Element type and amount

Now that the mesh is given and the geometry of the simulated domains are given, the next
section will discuss initial settings of the simulations.

4-2 Initial values

The mesh discussed above is imported into Ansys CFX Pre and some changes were made
in order to achieve the best output for the cycle model as possible.
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4-2-1 Boundary conditions

The geometry consist of 2 domains, one is the stator domain and the other is the rotor domain.
Both domains have their assigned boundary conditions.

According to the theory solver guide of Ansys CFX , a no slip wall means that both the
tangent component and the normal component to the wall is zero. For the free slip wall
condition, the normal component is zero but the tangent velocity (the velocity along the
direction of the flow) is the same as the flow velocity. This ensures that the fluid is not
moving away from the mid line and that the wall imposes no friction as in reality it is another
fluid flow.

The stator domain consist of an inlet where a total pressure and a total temperature is put.
The total pressure can be computed similar to the total enthalpy (which is already discussed
in 2-20);

ptot=pstat + ρV 2

2 (4-1)

Ttot=Tstat + V 2

2cp
(4-2)

There are four walls, one on the top, one on the bottom and two side walls which are in reality
the stator blades. The top and bottom are free slip walls with no heat transfer (adiabatic).
The stator blade walls are no slip walls also with no heat transfer. A part of the inlet and
a part of the outlet of the stator consist of rotational periodic walls which mimics the next
stator and rotor inlet and outlet. So the outlet of one side of the wall is the inlet of the other
side of the wall. At the outlet of the stator, a mixing plane is placed where the condition of
the flow is averaged of both stator outlet and rotor inlet. More information about the mixing
plane is also given in subsection 4-2-5 and 4-2-3.

The rotor domain consist of a rotor blade, four walls and an inlet and outlet. The inlet of the
rotor is the outlet of the stator and the flow is averaged there based on the both the outlet
conditions of the stator and the inlet conditions of the rotor. The top and bottom of the
rotor domain are free slip walls without heat transfer. These are free slip walls because the
midline of the flow is studied. The boundary condition ensures that the flow is not leaving
this midline. The two side walls are rotational periodic walls, the one outlet is the others
inlet. The rotor blade is a no slip adiabatic wall. At the outlet of the rotor is a temperature
of Tt,out = 450 K = 176.85 °C applied.

4-2-2 Numerical order

The numerical order applied on the turbulence and advection scheme which is used is the
second order method. In Ansys CFX it is also called ”High resolution”. This means that
the local truncation error of numerical scheme to solve the integrations is ≤ O(∆t2) [57].

Master of Science Thesis A. van der Vries



4-2 Initial values 41

4-2-3 Frozen rotor

The frozen rotor option simply copies the solution of the outlet of the stator to the inlet of
the rotor. The option is not used in the simulations, the goal of this research is to find the
correct conditions at the outlet of the turbine, not to find the result at the mixing plane. The
simulations used in this thesis average the profile at the outlet of the stator and the inlet of
the rotor.

The change of this option made it more difficult to let the solution converge, especially at a
high rotational speed. This is later on explained in section 4-3.

4-2-4 Viscous work

The simulations are done with the viscous work inside the flow taken into account. The
viscous work is the energy which is added to the flow caused by viscous stresses.

4-2-5 Pressure profile decay

During the last simulations, as described above in sub section 4-2-3, the simulations were
more difficult to converge because of the averaged solution at the mixing plane. A solution
which solved the problem was to change the ”pressure profile decay” from 5% to 10%. This
kind of relaxation technique means physically that a bigger part of the old solution is copied
to the new situation.

4-2-6 Scalable wall function

To resolve the flow near the wall, a scalable wall function can be used in order to account for
the shear stress as function of the distance from the wall and the flow velocity. The advantage
of the scalable wall function is that it can also be used with fine meshes. This scalable wall
function is not used in the simulations for this research because the y+ values are small enough
with respect to the mesh grid. The y+ value is a dimensionless number which indicate the
wall distance [39].

4-2-7 Initiating domains and stator inlet

The domains of the input values for the simulations have to be chosen very carefully. A too
great distance between operating points can lead to unnecessary information and too small
distance can mean there is not enough information in the domain.

A starting rotational speed of nstart = 250 Hz is chosen because the bearings can only work at
a rotational speed of n = 230 Hz and the rotational speed has to keep away from this point.
In the past is used n = 500 Hz as maximum rotational speed and to keep some overlap, a
maximum of nmax = 550 Hz is chosen.

The question rose then which inlet pressures at the turbine fits belongs to these rotational
speeds. This was difficult to assume without real turbine map and cycle at hand. From
experiments done in the past by Stephan Smit, an educated guess was possible to compute
the inlet pressures for different rotational speeds. These relations can be found in table 4-3.
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Rotational speed, [n] = Hz Inlet pressure, [pt,in] = bar
288 18.42
300 19.44
336 23.04
364 25.92
375 27

Table 4-3: Experimental data from Stephan Smit

A trend line was constructed by plotting the points of table 4-3 in Microsoft Excel . The
formula which belongs to the trend line is displayed in equation 4-3. With [n] = Hz and
[pt,in] = bar.

pt,in=0.1 · n− 10.327 (4-3)
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Figure 4-4: Data points from experiments of Stephan Smit to investigate the pressure / speed
relation

Putting the rotational speed nstart = 250 Hz into the equation, the pressure which belongs to
this rotational speed is pstart = 14.67 bar ≈ 15 bar. At the maximum rotational speed, this
formula makes no sense, the critical pressure of toluene is pcrit,tol = 41.263 bar [31] so at the
outcome of pend = 45 bar the working fluid would be transcritical which is not the case in
this system. An end pressure of pend = 35 bar is chosen, which belongs to an evaporator heat
input of Pevap,in = 1200 kW from one of the first versions of the cycle model.

An amount of 25 points for the simulations is chosen to get both enough data to build a
turbine map of and not waste unnecessary computational time. The points were chosen even
over both pressure and speed domains and are shown in figure 4-5.
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Figure 4-5: Suggestion of points to put into turbine simulation

The inlet temperatures necessary for the simulations were computed with the vaporisation
temperature and the overheating of ∆Toverh,t,in. The vaporisation data is found with Cool-
prop [8].

Tt,in=Tt,in,sat(pt,in) + ∆Toverh,t,in (4-4)

The turbine inlet temperatures as function of inlet pressures are shown in figure 4-6.
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Figure 4-6: Turbine inlet temperatures which belongs to certain inlet pressures

This information, the rotational speeds, the inlet pressures with inlet temperatures serve as

Master of Science Thesis A. van der Vries



4-3 Convergence 44

initial values for the rotor and the stator domains. These inputs are also used for the stator
inlet boundary condition.

4-2-8 Turbulence model
The turbulence model which are used for the simulations is the Spalart Allmaras model. This
model is chosen because it has the best convergence behaviour during the first runs of the
simulation. It is a one equation model which is constructed for use in aerodynamics.

4-2-9 Time stepping
After all initial settings of the solver input file are defined, the first run of the simulations
can be started. The physical time step used to let the solution converge is ∆t = 1× 10−6 s.
More information on convergence will be given in the next section.

4-3 Convergence
During the simulations, statistics of the computations are given in order to act on specific
simulation conditions and stop the simulations when the simulations are complete.

The convergence is the rate at which the simulation reaches a steady state and can be de-
fined as finished. The Ansys CFX solver guide recommends a residual value of RRMS <
1× 10−4 %, it mentions RRMS < 1× 10−5 % sufficient for most engineering purposes and
RRMS < 1× 10−6 % only necessary for particularly sensitive geometries. The simulations
which use rotational speed n= 250 Hz to 475 Hz converged well enough within the RRMS <
1× 10−4 % range. This can be seen in figure 4-7.
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Figure 4-7: RMS residual

Another important variable to measure the convergence of the simulation is the imbalance of
the mass flow and energy inside the domains M . When the imbalance is small, it means that
the amount of energy or mass inside the control volume is not changing very much between
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the time steps. The Ansys CFX solver guide assumes that if the imbalance M < 0.01 %,
the simulation is converged. The imbalance during the simulation of the pt,in = 15 bar and
n = 400 Hz case is shown in figure 4-8 and indeed shows that this convergence measure is
reached.
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Figure 4-8: Imbalance for solving the simulation with boundary values pt,in = 15 bar and n =
400 Hz

Another important measure to ensure a converged simulation is the mass flow of the control
volume, which has to remain equal between the time steps in order to ensure the simulation is
correct. In figure 4-9 the mass flow during the simulations for both rotor and stator domain
is shown. Of course the stator inlet mass flow must be equal but opposite sign as the stator
outlet and the same holds for the rotor domain.
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Figure 4-9: Mass flow for certain simulation time steps for the n = 400 Hz case
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The simulations at n = 550 Hz are more difficult to converge. As can be seen in figure 4-10,
the RMS residual is slightly above RRMS = 1× 10−4 %. The variable is also oscillating in
time, which is not the case for the pt,in = 15 bar and n = 400 Hz case.
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Figure 4-10: RMS residual for different time steps during the simulation of the pt,in = 15 bar
and n = 550 Hz case

The convergence criteria which might be the most disturbed is the imbalance of the energy
and the mass inside the control volume. The imbalance is oscillating between values of M =
0.05 % to 0.1 % with maximum values of M = 0.4 %. The residual value and imbalance value
oscillations are periodic.
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Figure 4-11: Imbalance for the solving of simulation with boundary values pt,in = 15 bar and
n = 550 Hz

The reason that the simulation is hard to converge might be that the flow at the rotor inlet
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is very turbulent due to a very different inlet angle than that of the rotor. The residuals of
this simulation are too high to trust the solution of the flow field. Also the high imbalance is
a reason to doubt this solution.

In order to be confident about the optimal rotational speed, an extra five simulations are
done. The turbine inlet pressures were chosen the same as in section 4-2-7 described, but
now with rotational speed n = 500 Hz. These simulations converge similar to those with low
rotational speeds with RRMS < 1× 10−4 %, R < 0.001 % and the flow stable during the time
steps. The results of the extra simulations are taken into account later in chapter 5 in order
to have a good estimation of the flow field.

4-4 Enthalpy model

The enthalpy model of simulation software can differ from the enthalpy model which is used
for fluid property packages such as REFPROP [31] or Coolprop [8]. For the fluid properties
which are used in the simulations in this thesis, Coolprop data is converted to a RPG file.
Enthalpies and entropies are both verified with in the simulation software (the inlet entropy
and enthalpy are based in the inlet pressure and temperature) and with the fluid property
software REFPROP and are compared as described in the equation below:

∆h
h

=hrp − hmodel
hmodel

(4-5)

∆s
s

=srp − smodel
smodel

(4-6)

The outcomes of the comparison are shown in figure 4-12. As can be seen in this figure,
the difference of the model is less than 0.01 % which is assumed to be small enough. This
difference is higher than the comparison between REFPROP and Coolprop enthalpy model
in section A. This can be explained either by round-off errors or interpolation differences.
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Figure 4-12: Relative difference between simulation software enthalpy and entropy model and
the REFPROP enthalpy and entropy model

4-5 Diffuser
We assumed at the outlet of the turbine, that the diffuser is ideal so that the entropy over the
diffuser stays constant. Usually the diffuser converts some part of the kinetic energy of the
working fluid into static pressure so that static pressure before the recuperator and condenser
is higher. This is necessary to overcome the frictional pressure losses in the recuperator and
the condenser. In the Triogen cycle, the outlet of the turbine is directly placed above the
recuperator heat exchanger. Thus the diffuser consist of a fast change in geometry, rapidly
decreasing the velocity of the gas when entering the recuperator.

The entropy at the outlet of the turbine can be extracted from the simulations and is ap-
proached by the following formula (st,out(pt,in, n) instead of z(x, y) with [st,out] = kJ · kg−1 ·K−1,
[n] = Hz and [pt,in] = bar):

z(x, y)=K1 +K2x+K3y +K4x
2 +K5xy +K6y

2 +K7x
2y +K8xy

2 +K9y
3 (4-7)

with the following parameters:

i 1 2 3 4 5 6 7 8 9
K 1.0641 6.1119×10−3 1.5743×10−3 -1.2286×10−4 2.2934×10−5 -6.6616×10−6 -4.9898e-08 -2.3165e-08 7.2346e-09

Table 4-4: Parameters for the estimation of the turbine outlet entropy from the simulations

The linear estimation is done by Matlab with the function ”Poly23” of a linear curve fitting
function. The proportion of variance R2 = 0.99741 which makes the estimation accurate.
The results compared with the outcomes of the simulations can be seen in figure 4-13. This
results are used as input data for the cycle model. A small deviation in the turbine outlet
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Figure 4-13: Entropy at turbine outlet from simulations and given by equation 4-7

entropy can mean a big difference in the estimated throttle behaviour hence precision and
quality of the entropy estimation is necessary. A too coarse estimation of the entropy can
ultimately lead to a diverging model. Diverging means that the model is iterating away from
the solution and that the solution will explode.

Important is how reliable this method is. We assumed an ideal diffuser and the outlet pressure
of the diffuser is assumed as the pressure inside the condenser and the pressure difference
between the condenser and the turbine.

In table 2-1 the pressure drops per part are presented as they are used in the cycle model.
The pressure at the inlet of the hot side of the recuperator can be computed as such: prec,in =
pcond,in + ∆prec,hot.

With this pressure and the entropy at the outlet of the turbine, the static enthalpy can be
verified with the properties from [31], which are put into tables for computation efficiency.
So hrec,in,stat = f(st,out, prec,in).

The total enthalpy at the outlet of the turbine (ht,out,tot) can also be extracted from the turbine
simulations. For convenience, the formula 4-7 can be used to estimate the total outlet enthalpy
as function of rotational speed and turbine inlet pressure, with z(x, y) as ht,out,tot(pt,in, n).
The proportion of variance R2 = 0.99959 and the output unit is [ht,out,tot] = kJ · kg−1, the
input units [pt,in] = bar and [n] = Hz.

with parameters

i 1 2 3 4 5 6 7 8 9
K 3.5260×102 8.9018 5.6040×10−1 -1.0129×10−1 -6.7873×10−3 -2.7210×10−3 1.3233×10−4 -1.8719×10−6 3.2533×10−6

Table 4-5: Parameters for the estimation of the turbine total outlet enthalpy from the simulations

The stagnation or total enthalpy is the static enthalpy plus the energy which will be released
when the fluid would be put at rest (already discussed in section 2-9, equation 2-20):
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Figure 4-14: Enthalpy at turbine outlet from simulations and given by equation 4-7

htot=hstat + V 2

2 (4-8)

V=
√

2(htot − hstat) (4-9)

With [h] = J · kg−1

Now that we found the theoretical velocity of the working fluid when entering the recuperator,
the method can be validated. If the velocity would be too high, the method described above
would not be valid. Triogen was not able to give a certain velocity but assumed 20 m · s−1 to
35 m · s−1. In figure 4-15 the velocities for different inlet powers are displayed.
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Figure 4-15: Recuperator inlet velocity based in turbine outlet total enthalpy, entropy and model
recuperator inlet pressure
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As can be seen in figure 4-15, the velocity is below the range discussed above, thus it is clear
that this method is valid.

4-6 Cycle implementation
The input for the turbine map from the cycle model is a rotational speed n and the turbine
inlet pressure pt,in. As mentioned in the previous section 4-5, the outlet of the turbine map
is solely an outlet entropy. Because the outlet pressure is defined in the cycle model, all
conditions at the turbine outlet are known.

A detailed explanation of the cycle model is given in chapter 2, more information about the
input of the pump model and the turbine map is given in respectively chapter 3 and chapter
4. This is the basis of the method of this research project. In the next chapter the results of
the pump model, the turbine map is given. These results serve as input for the cycle model.
After these results an elaborate review on the cycle model results is given.

Master of Science Thesis A. van der Vries



Chapter 5

Results

This chapter includes the outcomes of the pump model, the results of the turbine simulations,
a detailed qualitative analysis of the turbine simulations and eventually the results of the cycle
model, given an optimal rotational speed.

5-1 Pump
In this section some results of the pump model, which is used as input for the cycle model,
are shown. The pressure ratio increases as the rotational speed increases. This is as expected
because a higher rotational speed means a higher pressure difference. This is also shown in
section 3-2.

In figure 5-1 the pressure ratio as function of the rotational speeds is shown.
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Figure 5-1: Pressure ratio induced by the main pump as function of the rotational speed
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The power consumption and power output of the main pump operating in design conditions
is shown in figure 5-2. The power input is given both as total and in separate parts of a
friction part and a velocity part. From the figure it is apparent that the friction part is only
a small fraction of the total power consumption.
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Figure 5-2: Power consumption and power output of the main pump

The power consumption and power output increase with the third power of the evaporator heat
input Qevap,in as can be seen in the figure above 5-2. This is because the power consumption
of velocity and the power output are both a function of the mass flow and the square of the
rotational speed. These increase both linearly.

5-2 Turbine

In this chapter the results of the turbine simulations will be shown and some qualitative
analysis is given in order to verify the results of the simulations.

The first section shows the velocity plots and streamline plots, the second displays the tem-
perature along the flow profile, the third section discusses the eddy viscosity, the fourth shows
the enthalpy difference, the fifth section looks at efficiencies and the last section shows the
outflow losses.

5-3 Velocity fields

From the simulations of the turbine wheel in Ansys CFX , some qualitative analysis can be
done in order to check the results on correctness and have some idea of the fluid properties
throughout the turbine.

Directly after the simulations are completed, the velocity plots of the flow can be extracted.
This section shows the first impressions of the simulations.
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5-3-1 Velocity plots

The relative velocity of the flow is shown in figure 5-3. As can be seen in this figure, a step in
relative velocity at the mixing plane is visible. The wheel has a velocity of nDπ. At a high
rotational speed, the relative flow velocity is small because the velocity of the turbine wheel
is higher. This difference can be seen between figure 5-3a and figure 5-3c.

When the rotational speed of the wheel is low, n = 250 Hz, the relative velocity behind the
rotor is locally very low. This can be caused by the high inlet angle hitting the rotor blade.
The flow definitely can not follow the blade correctly. Also a large wake at the trailing edge
of the rotor blade is visible.

At high rotational speeds, n = 550 Hz, the relative flow velocity at the front of the rotor blade
is locally lower. This can mean that the flow follows the back of the blade correctly but the
inlet angle is too low and the flow separates from the blade at the front.

As can be seen in figure 5-3e, there is only a small area at the leading edge of the rotor where
the flow hits the blade and the relative velocity is low. But the flow can follow the blade
correctly and does not show wakes in front or at the back of the rotor.

5-3-2 Streamlines and pressure

To have a clear and first impression of the inlet angle of the flow, the streamlines of the flow
are visible in figures 5-4 and 5-5. The absolute pressure of the flow is also displayed.

The streamline is defined by Kundu [28] as follows:

”A streamline is a curve that is instantaneously tangent to the fluid velocity
throughout the flow field. In unsteady flows the streamline pattern changes with
time.”

The flow is steady as stated in 4, thus the streamlines are fixed in time. The fluid velocity
is a vector, a quantity with both a magnitude and a direction. The direction of this vector
defines the curve of the streamline.

As can be seen in figure 5-4d there is a pressure build up at the back of the stator blade,
which might be a result of the shockwaves induced by the previous stator blade. This is better
visible at large inlet pressure pt,in as the velocity and the mass flow are higher (due to the
choked flow condition).

An artificial reflection of shockwaves can be identified on figure 5-4d. The shockwaves induced
by the trailing edge of the stator blades is reflected at the wall of the stator blade but also
reflected at the mixing plane. In reality, the shockwaves can not be reflected by the mixing
plane. This numerically introduced reflection is unwanted but unavoidable with the simulation
software used in this thesis. The non-reflective boundary condition is not available in Ansys
CFX .

For the rotor blades, the same as stated in subsection 5-3-1 is visible. At low rotational speed
n, the flow cannot follow the blade at the back of the rotor due to a too high inlet angle.
There is a wake visible and because the flow is ”pressed” against the next blade, the pressure
is increased locally at the front of the blade.
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(a) pt,in = 15 bar, n = 250 Hz (b) pt,in = 35 bar, n = 250 Hz

(c) pt,in = 15 bar, n = 550 Hz (d) pt,in = 35 bar, n = 550 Hz

(e) pt,in = 25 bar, n = 475 Hz

Figure 5-3: Relative velocity plots

Master of Science Thesis A. van der Vries



5-3 Velocity fields 56

(a) pt,in = 15 bar, n = 250 Hz (b) pt,in = 35 bar, n = 250 Hz

(c) pt,in = 15 bar, n = 550 Hz (d) pt,in = 35 bar, n = 550 Hz

(e) pt,in = 25 bar, n = 475 Hz

Figure 5-4: Streamlines stator
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(a) pt,in = 15 bar, n = 250 Hz (b) pt,in = 35 bar, n = 250 Hz

(c) pt,in = 15 bar, n = 550 Hz (d) pt,in = 35 bar, n = 550 Hz

(e) pt,in = 25 bar, n = 475 Hz

Figure 5-5: Streamlines rotor
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Next subsection will give some more details from graphs which are also directly available from
the Ansys CFX Post software.

5-3-3 Temperature

Previous subsection briefly touched the first output of the turbine simulations. This section
also uses graphs straight from the Ansys CFX Post software and displays the temperature
at different places in the domains.

In figure 5-6, for the lowest and the highest boundary values, the temperature along the stator
and rotor are given. As described in 4-2, the walls of the stator, the bottom, the top and the
walls of the rotor are adiabatic. In other words, they are ideally insulated thus not cooling
or heating the working fluid as it travels through the turbine.

The fluid mainly cools down during its travel through the turbine. At the inlet, before the
stator nozzle, the working fluid is at a high pressure. During the expansion after the nozzle,
the temperature rapidly decreases because the adiabatic expansion process.

Heat is generated at walls where friction heats up the fluid particles. This is a cause of the
viscous stresses introduced by the viscous work (discussed in 4-2-4). This is best visible in
figures 5-6b and 5-6d. At higher turbine inlet pressures pt,in, the flow speed is higher thus
the friction near the walls is higher.

Next subsection discusses the eddy viscosity in the flow field.

5-3-4 Eddy viscosity

Above, the temperature field in the turbine wheel is displayed and analysed. In this subsection
another graph, which comes straight from the simulation software, is discussed.

The eddy viscosity mimics the interaction between the bulk flow and the small eddies which
are caused by turbulence in the fluid. An extra momentum is added with a property that is
similar to the viscosity of the flow: the eddy viscosity.

In figure 5-7, the eddy viscosity is plotted along the flow in the turbine wheel. At places with
relative a large number of eddies, a high degree of turbulent flow is present.

As can be seen in the figures in 5-7, a high eddy viscosity is present after the flow is is released
from the blades. A turbulent wake is causing major turbulent eddies after the flow has left
the rotor and stator blades.

From the next section onwards, results which are derived from the data of the simulations
are shown. These will include some minor calculation steps.

5-3-5 Velocity triangles

Previous subsections elaborated on some graphs which came straight from Ansys CFX Post
. In this subsection the results are used to give an in-depth explanation of the verification of
the results and the optimal rotational speed.

In order to verify the total enthalpy difference for the optimal rotational speed, velocity
triangles are constructed. These triangles give some insight in the behaviour of the flow when
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(a) pt,in = 15 bar, n = 250 Hz (b) pt,in = 35 bar, n = 250 Hz

(c) pt,in = 15 bar, n = 550 Hz (d) pt,in = 35 bar, n = 550 Hz

(e) pt,in = 25 bar, n = 475 Hz

Figure 5-6: Temperature
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(a) pt,in = 15 bar, n = 250 Hz (b) pt,in = 35 bar, n = 250 Hz

(c) pt,in = 15 bar, n = 550 Hz (d) pt,in = 35 bar, n = 550 Hz

(e) pt,in = 25 bar, n = 475 Hz

Figure 5-7: Eddy viscosity
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it enters the rotor blade.

In Ansys CFX both absolute velocities ux and uy from the vector u and the unit vector
components êux,θ, êuy ,θ, êux,r and êuy ,r are defined. These unit vectors represent the part of
the velocity component in a certain direction. For example, êux,θ gives the part of x velocity
component in the tangential direction.

The stator outlet angle, rotor inlet angle is defined as such

α2=arctan
(

(uxêux,θ + uy êuy ,θ)
(uxêux,r + uy êuy ,r)

)
(5-1)

These angles are displayed in figure 5-8.
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Figure 5-8: Absolute angles of the flow at the mixing plane

Together with the absolute magnitude of the flow shown in figure 5-9, the velocity vectors of
the flow can be constructed.
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Figure 5-9: Absolute velocity of the flow at the mixing plane

From the geometry in Ansys CFX , a radius of the turbine rotortip of rrot,tip = 0.111 662 m
is deduced. The rotational speed of the tip can then be computed as such:

Urot,tip=nrrot,tip · 2 · π (5-2)

The tangential velocity of the flow relative to the rotor blade velocity can be computed:

Ur,rel=|u| sinα2 − Urot,tip (5-3)

The vector to this point is called w2 while the absolute vector is called C2. The angle between
the vertical and the relative velocity vector is called β2 and is identified as the angle relative
to the rotor. The construction of the velocity triangles for different rotational speeds is shown
in figures 5-10, 5-11 and 5-12. The rotor inlet angle is available in-house and approaches the
relative velocity angle best at nopt = 475 Hz.
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Figure 5-10: Velocity triangle for pt,in = 15 bar and n = 250 Hz
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Figure 5-11: Velocity triangle for pt,in = 15 bar and n = 475 Hz
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Figure 5-12: Velocity triangle for pt,in = 15 bar and n = 550 Hz

In figure 5-13, all relative angles are given for different turbine inlet pressures pt,in and rota-
tional speeds n. As can be seen in this figure, the relative angle shows an optimum for all
rotational speeds around nopt = 475 Hz.
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Figure 5-13: Relative flow angles of the working fluid at the mixing plane

When looking at the energy balance over the nozzle (with [h] = J · kg−1):

Ein=Eout (5-4)

∆hnozzle=
1
2∆V 2

nozzle (5-5)
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And the initial velocity is neglected as this is very small compared to the velocity after the
nozzle, the enthalpy difference over the turbine can be approached as such

∆hnozzle=
1
2V

2
2 (5-6)

So the greater the velocity C2, the greater the enthalpy drop over the stator, hence a higher
power output out of the turbine for a certain mass flow.

Next subsection goes in to more depth about the enthalpy difference over the turbine.

5-3-6 Enthalpy difference

In this subsection, simulation data is processed in order to get a quantitative view on work
output of the turbine. The work output of the turbine is defined as such

Wt,out=ṁ(ht,in − ht,out) (5-7)

In section 2-9, figure 2-6, it is stated that the mass flow is a linear proportional to the turbine
inlet pressure (which is in turn linear to the evaporator heat input). This means that the
turbine power output, together with the static enthalpy difference, can be computed.

The static enthalpy difference can be seen in figure 5-14. It is apparent that an optimum
is visible and that, from the statement made above, this is also the optimum for the power
output of the turbine. For a low pressure this optimum is a little less clear than for turbine
inlet pressures pt,in = 20 bar to 25 bar.

From previous subsection and from figure 5-14, it is apparent that the optimal rotational
speeds is constant for all turbine inlet pressures pturb,in. It is not completely clear why this
is the case because operation conditions change over different inlet pressures. It might be
the result of a changing mass flow (figure 5-23) and a changing degree of reaction Λ which is
shown in figure 5-16.
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Figure 5-14: Static enthalpy difference for certain turbine inlet pressures and rotational speeds

The definition of static and total enthalpy is already given in section 4-5, equation 4-9.
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Figure 5-15: Total enthalpy difference

The degree of reaction says something about the fraction of energy extracted by the rotor
with respect to the total extracted energy. This is implemented in the following formula:

Λ= ∆hstat,rot
∆hstat,stage

(5-8)
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Figure 5-16: Degree of reaction

Now enthalpy differences and the degree of reaction are discussed, a further look into efficien-
cies can be given. This is shown in the next subsection.

5-3-7 Efficiency

Important performance indicators of a turbine are efficiencies, which are shown in this sub-
section.

The total to total efficiency of a turbine stage is computed as such:

ηtt=
h0 − h2
h0 − h′2

(5-9)

and the total to static efficiency is defined as

ηts=
h0,s − h2,s
h0,s − h′2

(5-10)

.

The total to total efficiency of the turbine for different turbine inlet pressures pt,in and ro-
tational speeds n are displayed in figure 5-17. The optimal rotational speed is apparent and
lies around n ≈ 475 Hz.
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Figure 5-17: Total to total efficiency of the turbine simulated with Ansys CFX

The total to static efficiency is shown in figure 5-18. There is a broad range of rotational
speeds which have the highest total to static efficiencies.
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Figure 5-18: Total to static efficiency of the turbine simulated with Ansys CFX

The total to static efficiency of the stator can also be computed:

ηts=
h0,s − h1,s
h0,s − h′1

(5-11)

The results are given in figure 5-19.
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Figure 5-19: Total to static efficiency of the stator

This efficiency drops significantly after the rotational speed passes the n = 475 Hz. Thus
the amount of energy extracted from the working fluid is high for rotational speeds below
n ≈ 475 Hz independent of turbine inlet pressure but drops significantly for higher rotational
speeds.

5-3-8 Outflow losses
One of the losses of a turbine is a high speed at the outlet of the turbine. When the turbine
has extracted a large amount of energy from the flow, the outlet velocity tends to be low.
From the simulations in Ansys CFX , the Mach number Ma can be deduced for different
turbine inlet pressures pt,in and rotational speeds, given in figure 5-20. The mach number is
the ratio of the speed and the speed of sound:

Ma=V

a
(5-12)

In the figure 5-20, the transition to a supersonic flow in the nozzle is greatly visible.

The energy loss can also be computed with the following equation. Assumed is that the outlet
velocity of the recuperator is negligible compared with the outlet velocity of the turbine. This
is also discussed in section 4-5.

Eloss=
V 2

2 (5-13)

With V the outlet velocity of the turbine and with [E] = J · kg−1
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(a) pt,in = 15 bar, n = 250 Hz (b) pt,in = 35 bar, n = 250 Hz

(c) pt,in = 15 bar, n = 550 Hz (d) pt,in = 35 bar, n = 550 Hz

(e) pt,in = 25 bar, n = 475 Hz

Figure 5-20: Mach number for different inlet properties
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The outcome of this equation is shown in figure 5-21.
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Figure 5-21: Outflow losses

As can be seen in figure 5-21, the losses are at a maximum for high turbine inlet pressures
purb,in and low rotational speeds n. At an optimal rotational speed of nopt = 475 Hz, the
outflow losses are at a minimum for all turbine inlet pressures pt,in.

The outlet pressure of the turbine is given in figure 5-22 for different turbine input pressures
and rotational speeds. The graph looks similar to figure 5-21.
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Figure 5-22: Absolute turbine outlet pressure as function of inlet pressure and rotational speed

In this section, the results of the turbine simulations are shown and a qualitative analysis is
done. Next section shows the outcome of the cycle model.
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5-4 Cycle
In previous sections, the results of the pump model and the turbine map are presented. This
input data is pivotal for the outcomes of the cycle model which is discussed in chapter 2. In
this section, the first results of the cycle model are shown and some analysis is done.

The mass flow of the working fluid is one of the important outcomes of the model and is
both depending on the choked flow relation, the pump characteristic and the turbine map.
The mass flow depends on the turbine inlet pressure which in turn depends on the pump
characteristic. Because of the changing turbine inlet conditions, the turbine map is also
necessary. A certain mass flow belongs to a turbine inlet condition. The system is controlled
using the turbine inlet temperature as reference.

The mass flow as function of the evaporator heat input is shown in figure 5-23.
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Figure 5-23: Mass flow of the working fluid as function of the evaporator heat input

5-5 Pump adjustments
In the previous section, the outcomes of the cycle model according to design specifications
are presented. In section 5-2, the outcomes of the turbine wheel simulations are shown and
discussed. From the inlet angle as function of the pressure pt,in and the rotational speed
n shown in figure 5-13 and the total to total efficiency as function of the pressure and the
rotational speed shown in figure 5-17, it is apparent that the optimal rotational speed is
nopt = 475 Hz.

5-5-1 Adjustments to the current system

From the beginning of this research project, some changes to the system are suggested:

• Throttling of the flow after the main pump

• Bypassing the flow around the pump
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(a) Throttle (b) Bypass

Figure 5-24: Pump configurations

• Conical valve into the diffuser

The last option might be a good and valuable option but it is hard to implement such complex
adjustment and the behaviour of a new designed valve is something out of the scope of this
research.

Throttling can be achieved by adding a valve to the system in order to change the system
characteristics. It is good practice that the valve is placed at the outlet of the pump. If it
would be placed at the inlet, cavitation will most likely occur due to the low pressure at the
pump inlet. Throttling will increase the outlet pressure of the pump. Throttling is suggested
for pumps with a low specific speed and where a high pressure is required [21]. A scheme of
a pump with a throttle valve is shown in figure 5-24a.

Bypassing a pump is frequently done to cause a minimal flow. This is not required in this
case. Bypassing the pump increases the volumetric flow through the pump without changing
outlet pressure of the pump. A simplistic scheme of a bypass is shown 5-24b.

Because the Barske pump in the system requires a high static pressure and the specific speed
is low, the throttling adjustment is most likely to be chosen. It is also not favourable that
the volumetric flow increases because of the steep pump characteristic (figure 3-3). The mass
flow is governed by the choked flow inside the turbine stator so another actuator to control
the mass flow is not required (and it might even make the system unstable).

The throttle valve can be placed in different places in the original design. It can either
be implemented between the main pump and the recuperator or the recuperator and the
evaporator. The valve must be placed before the turbine in order to reach the correct turbine
inlet pressure pt,in. To prevent the evaporator from malfunctioning, the valve cannot be
placed after the evaporator. Because the fluid before and after the throttle valve is in ideal
situation isenthalpic and the pressure decreases, the temperature has to increase. This can be
used in order to increase the efficiency of the new situation. The valve can also extract heat
from the system because is it larger than the piping and the conductive heat transfer to the
surroundings will be higher. So in order to use the heat input by the valve and to diminish
the heat transfer after the heated up working fluid after the recuperator, the valve is placed
just right behind the main pump. The new system configuration can be found in figure 5-25.
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Figure 5-25: Triogen system with implementation of the throttle valve and additional control
system

5-5-2 Model comparison

Now that a optimal rotational speed is found nopt = 475 Hz together with an approach on
how to reach this optimal rotational speed with the system, a comparison of the results of
both the original design and the system with the throttle valve implemented is necessary.
A copy of the cycle model for the original design is duplicated into the same Microsoft
Excel file and a throttle valve is added to this cycle. The rotational speed of the turbine
and the pump is set at a constant rotational speed. The control mechanism introduced in
section 2-10 can no longer be used. The turbine inlet temperature is controlled by means of
the outlet pressure of the throttle valve. This means physically that the valve is closed when
the pressure is too high and vice versa.

The most interesting result is the power output of the system with the throttle valve compared
with the power output of the original design situation. The mechanical power output of the
system as function of the thermal power input is shown in figure 5-26.

Wt,out=ṁwf(ht,in − ht,out) (5-14)
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Figure 5-26: Mechanical turbine power output for both original design situation and new throttle
implementation

The implementation of the throttle valve will come at a cost because the working fluid is
pumped. The mechanical power which is consumed by the pump is displayed in figure 5-
27. The steps which are apparent at Qevap,in ≈ 500 kW and Qevap,in ≈ 1150 kW might be
numerical induced. This has no further physical meaning.

Wpump,in=ṁwf(hpump,out − hpump,in) (5-15)
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Figure 5-27: Mechanical pumping power necessary

Finally, the question rises what the gained power output is after the system is modified. The
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net power output of the shaft is computed in equation 5-16. One important note, the pre-
feed pump in the original design is driven electrically. In reality, the power consumed of the
pre-feed pump is different than computed in this research. The efficiency is taken the same as
that of the main pump (as discussed in section 2-2) and the electrical efficiency of the pump
is also not taken into account.

Wnet,out≈Wt,out −Wmp,in −Wpf,in (5-16)

This net power output tells us something about the power which is extra gained when the
system would be adjusted with the throttle valve. The graph which compares the design
conditions with the throttle conditions is shown in figure 5-28. As can be seen in the figure,
the maximum power output gained by modify the system is ≈ 7 % of the old net power
output. According to the power output displayed in figure 5-26, the maximum power gained
is ∆Wgain ≈ 7 kW.

At Qevap,in ≈ 800 kW, there is no power extra gained by the throttle model compared with
the original design. This is not due to the fact that the model has reached nopt = 475 Hz but
because the extra pumping power is higher than the net gained turbine power. At Qevap,in ≈
1150 kW, the model of the original design reaches the rotational speed nopt = 475 Hz. This is
also shown in figure 5-34.
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Figure 5-28: Mechanical pumping power necessary

An interesting question is whether the extra pump power which is required to maintain the
rotational speed of nopt = 475 Hz is a result of the extra friction of the disc or the extra
velocity of the working fluid. The formulas used in 3-3, equations 3-7 and 3-8 are applied
both to the new throttle design and the original and the difference is shown in 5-29.
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Figure 5-29: Extra pump power relative to design

An important measure for a power cycle is the thermal efficiency. The thermal efficiency is
defined as such:

ηth=Wnet,out
Qin

(5-17)

The thermal efficiency of both the original design and the system with the throttle valve is
shown in figure 5-30. In the graph can be seen that the thermal efficiency increased with
∆ηth = 2 %. This might seem not quite a lot but relative to the maximum thermal efficiency,
this is not negligible amount.
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Figure 5-30: Thermal efficiency
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In figure 5-31 are the isentropic (or total to static) efficiencies of both turbine and pump for
design operations and throttle valve addition shown. It is apparent that the turbine efficiency
is increased significant for low evaporator heat input.

The pump efficiency is mainly governed by the rotational speed, the mass flow and the pressure
difference. The pump efficiency has shifted to the right. For a small evaporator heat input
for the design conditions, the pump has a low rotational speed and a similarly low pressure
difference. For this reason, the efficiency is high for low heat inputs.

On the other hand, the efficiency maximum for the throttle valve situation is at an evaporator
heat input of Qevap,in ≈ 900 kW. For this situation, the pump output power is high compared
to the pump input. The pressure difference is high and the mass flow is increased with respect
to low evaporator heat input.

The pump is designed to have it’s highest efficiency at the design operation point Qevap,in ≈
1000 kW. It is interesting that from the cycle model, another maximum is found.
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Figure 5-31: Isentropic efficiency

Due to the increase in turbine efficiency, the temperature of the working fluid at the turbine
outlet Tt,out is lower. This has to be taken into account because the recuperator duty decreases
because of the lower temperature difference between the hot and cold side. This change in
recuperator heat transfer is shown in 5-32.
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Figure 5-32: Thermal power transferred by the recuperator with different evaporator inlet power

From the graph 5-29 it is clear that at the lowest power input, the application of a throttle
valve is most beneficial. It is now interesting to use the comparing cycle model for different
high-speed turbo generator (HTG) rotational speed. From figures 5-13 and 5-17 we assumed
the optimal rotational speed to be nopt ≈ 475 Hz but if it is also the optimal rotational speed
of the system is not apparent figured out till this point. The cycle model is modified in order
to test for the lowest heat input Qevap,in = 400 kW and a range of rotational speeds for the
throttle case of 425 Hz to 500 Hz. The difference in net power output is computed as the ratio
Wout,net,th/Wout,net,des and is shown in figure 5-33.
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Figure 5-33: Net power ratio for different rotational speeds at a evaporator heat input of
Qevap,in = 400 kW

As can be seen in the figure is the net power difference greatest at n ≈ 445 Hz. This is due
to the decrease in power consumption with respect to the nopt ≈ 475 Hz. Of course it is a
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small deviation of the net power output gained but it might be an opportunity to redesign
the pump for this

Now the approach to a new system modification is explained in this section, the next section
will go into further depth about the control of this new throttle valve.

5-6 Valve control

In the previous section, a novel system adjustment is suggested and some performance indi-
cators are shown. In this section the control of the throttle valve in the system is highlighted.

The control mechanism of the adjusted system is different than that of the original design.
The current system controls the cycle by means of a variable speed drive (VSD). In the cycle
model of the system, the rotational speed is the actuated value.

In the new situation, the rotational speed of the shaft is kept constant at nopt = 475 Hz. The
new variable which can be changed in order to achieve the correct turbine inlet pressure pt,in
is the recuperator inlet pressure. The throttle valve can be operated during evaporator heat
input changes to keep the system stable. The implementation of the sensor and the actuator
is shown in figure 5-25. The pressure controller (PC) takes information from a pressure sensor
and processes the data to induce a valve action.

The dynamics of the pump and the turbine are relative fast, that of the heat exchanger slow.
A proportional and Integrating (PI) controller might be sufficient to keep the system stable
and control fast enough [10].

The pressure ratio over the valve as function of the evaporator heat input is shown in 5-34.
When the pressure ratio pmp,out

prec,in
< 1, the pressure after the throttle valve is higher than the

pressure after the main pump. This means physically that the pressure is increasing through
the valve, as though the valve mimics a pump. This is not possible, the cycle model of the
throttle adjustment demands the pressure after the valve to be higher in order to keep te
system stable. This means that after the point of pmp,out

prec,in
< 1 the rotational speed of the

throttle model is lower than that of the original design.

Master of Science Thesis A. van der Vries



5-6 Valve control 81

400 600 800 1,000 1,200

1

1.5

2

2.5

3

Evaporator inlet power, [Qevap,in] = kW

[p
m

p,
ou

t/
p

re
c,

in
]=

−

Figure 5-34: Pressure ratio over throttle valve

From the cycle model, the pressure ratio over the main pump is extracted. This pressure
ratio during throttling is shown in figure 5-35.
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Figure 5-35: Pressure ratio over pump during throttling

This chapter covered all results of the research project. Now that all results are made clear,
a conclusion is drawn in the following chapter.
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Chapter 6

Conclusion

6-1 Discussion
In order to increase the accuracy of the model, more effort can be put into the modelling of
the heat exchangers. The heat exchangers were only modelled as they were ”designed” every
simulation of the cycle again and again but this is of course not the case. Dimensions and
characteristics of the heat exchangers have to be considered. Some experimental results of
heat exchangers in the field can be used to model the heat exchangers more accurately.

For simplicity sake, the pre-feed pump is modelled in the cycle model as it has the same
isentropic efficiency as the main pump. In reality, this is not the fact because the pump is
not driven by the high-speed turbo generator (HTG) and it is a completely different pump
type. To increase the completeness of the cycle model and give a more realistic view on the
situation, the isentropic efficiency (probably as function of the mass flow) can be taken into
account.

During the initialisation of this research, the question raised to to compare the results of the
cycle model with experimental data of costumers of Triogen. During the time of this research,
it was clear that this assignment was not possible in the planning of this research project. In
the future, effort can be put into comparing the outcomes of this project with experimental
data.

As described in section 2-2-3, the inlet pressure of the recuperator computed in the cycle model
is not an input for the turbine simulations. This means that the outlet pressure of the turbine
in the simulations is kept at pturb,out = 0.2 bar. The calculations of the diffuser depends on the
entropy at the outlet of the turbine sturb,out and the recuperator inlet pressure prec,in but this
computation fails if the recuperator inlet pressure is much higher prec,in > pturb,out = 0.2 bar.
So new research can be done in order to connect the cycle model to the outlet pressure of the
turbine.

Whether the modification of adding a throttle valve is economically attractive depends heavily
on the nature of the heat source which is provided by the client. If the system is a large part

Master of Science Thesis A. van der Vries



6-2 Conclusion 83

of the operation time operated in part load, this option might be a good one. For clients
who operate largely on design conditions, the extra costs of adding a throttle might be higher
than the benefits.

Because it is not in the scope of this research, technical implementation of the throttle valve is
not fully worked out in this research project. The full implementation of a throttle valve means
engineering of control, dimension of valve, edit technical drawings and make force balances
of the new system. These extra tasks have to be completed in order to fully implement the
throttle valve.

As discussed in section 5-5, the isentropic efficiency of the main pump is highly dependent on
the evaporator heat input and during part load operation of the throttle system, the pump
efficiency decreases rapidly with decrease of heat input. As described in section 5-5, for low
heat input Qevap,in, the optimal rotational speed of the system is not equal to that of the
turbine because of the required pump power. Therefore it might be interesting to investigate
a pump optimisation in order to also reach a higher isentropic efficiency during part load
with the throttle modification. Also the pump its optimal efficiency point is found not on the
design operation point, discussed in section 5-5. The pump might be redesigned in order to
shift this optimum.

In subsection 5-3-6 is discussed that the optimal rotational speed is not a function of the
turbine inlet pressure pt,in. A cause of this may be found in the change in mass flow and
the change in degree of reaction Λ for different turbine inlet pressures. The proof of this
statement is not found in this research project and further research might be necessary to
confirm this theory.

6-2 Conclusion
As discussed in section 1-1, changing climate and the increasing CO2 emissions demands for
changes in industry. An organic Rankine cycle (ORC) can be a good solution in order to
increase the efficiency of already existing power plants. The system of Triogen is able to
”boost” an industrial engine in the range of 1 MW to 2 MW with about 10 %. In section 1-1 a
framework is given of the current hot research topics in the ORC field. Because of the single
shaft and the single stage radial inflow cantilever turbine, the Triogen system is quite a unique
one in the ORC market. Already a variety of research is done by Triogen in order to increase
the effiency but a gap in research is the optimisation of the pump for part load operation.
Thus the research topic of this thesis is: Optimisation of pump operation to increase the cycle
efficiency of an ORC during part load.

In chapter 2, the outline of a cycle model is given which is used to have a general interpretation
of the system and to use this model as computation method to find the results for this research
project. One of the important findings is the choked flow condition and a way to cope with it
in the cycle model. Because the model is made in Microsoft Excel , the fluid properties
are tabulated to decrease computation time. Chapter 3 and 4 go into further depth about the
input for the cycle model respectively the input for the pump and the input for the turbine
characteristics.

Chapter 3 discusses the performance analysis of the Barske pump, which is not a very com-
monly used pump on which not a lot research is done. The relations used are from the
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original paper which presented the pump. In 3-2, the relation between the volumetric flow
and the pressure difference of the pump is shown. These analytical formulas and the relation
from literature is used in the model as input for the pressure difference computations. The
efficiency, computed in section 5-3-7 is also necessary as input for the model.

The initialisation of the simulations of the turbine wheel is discussed in section 4-2. The
boundary conditions of the geometry are written down together with all important properties
which are used. The way which led to a great converged simulation is described in sections
4-2-9 and 4-3. One of the important findings is that the simulations for n = 550 Hz were not
converging, therefore an extra rotational speed is added of n = 500 Hz. The chapter ends
with the implementation of the turbine map into the model.

This report concludes with a presentation of the results in chapter 5. In section 5-2, graphs
of the flow according to the turbine wheel simulations are shown. The optimal turbine wheel
rotational speed is found in section 5-3-5 and 5-3-6 to be nopt ≈ 475 Hz. The most cost-efficient
and effective solution is found to be the implementation of a throttle valve. In section 5-5, the
cycle model presented in chapter 2 is compared with a new cycle model with nopt = 475 Hz as
constant rotational speed. The comparison shows that, although the pump power increased
due to the increase of the rotational speed for low evaporator heat input Pth,evap,in, there is a
maximum power output increase of ≈ 8 % possible for Pth,evap,in = 400 kW.

The modification to the original design exist of the addition of a throttle valve and a new
control strategy in order to keep the rotational speed constant and to stabilise the system.
This addition might be economically feasible for costumers which have a heat supply which
are fluctuating for long time periods. The costs of a throttle valve are relative low and the
control of such equipment is widely applied.
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Appendix A

Choked flow

The speed of sound is defined as [36]:

a=

√√√√(∂p
∂ρ

)
s

(A-1)

Which can be easily computed for an ideal gas,

a=
√
γR̄T (A-2)
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Appendix B

Logarithmic dependence

In this example we use the entropy to show that the entropy depends logarithmically on the
pressure. Most of the derivation is written down by Moran and Shapiro [36] and Hołyst and
Poniewierski [24].

The definition of entropy:

dS= 1
T

d̄Q (B-1)
đQ=T dS (B-2)

This can be put into the definition of the internal energy

du=đq − pdv (B-3)

So the following equation is found

du=T ds− p dv (B-4)

Using h = u+ pv

T ds=dh− v dp (B-5)

for an ideal gas, dh = cp(T ) dT and pv = R̄T

ds=cp(T )dT
T
− R̄dp

p
(B-6)
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Integrating,

s(T, p)=
∫ T

0

cp(T )
T

dT − R̄ ln p

pref
(B-7)

This equation shows the logarithmic dependence of the entropy on the pressure. Although
this is the relation for an ideal gas and it is not the case which is used in this report, it gives
a qualitative relation. The entropy as function of the pressure and temperature according to
REFPROP [31], is given in figure B-1. As can be seen in this figure, the dependence on the
pressure is high for low pressures. Thus there is chosen for a logarithmic scale in order to
handle low pressures.
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Figure B-1: Entropy as function of pressure and temperature, from Lemmon and Span [31]
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Appendix C

Pressure difference

The flow characteristic inside the disc can be described as a solid body rotation [7]. The
pressure difference for a solid body rotation can be computed with the simplified form of the
Navier Stokes (NS) equations.

To determine if the viscous terms could be safely ignored, the Reynolds number can be utilised:

Re=Momentum forces
Viscous forces = DUρ

µ
(C-1)

For D we used D1 from table 3-1. The speed U can be computed as D1nπ and we use the
density ρ ≈ 832 kg ·m−3. The dynamic viscosity of toluene at the inlet conditions of the
pump is µ ≈ 0.000 39 Pa · s [31].

Re=0.015 m2 · π · 230 Hz · 832.23 kg ·m−3

0.000 39 Pa · s (C-2)
=277031 (C-3)

This number is assumed high enough in order to neglect viscous forces.

The solution of a solid body rotation is written down by Kundu [28].

The Cauchy equation

ρ
DUj
Dt =ρgj + ∂

∂xi
(τij) (C-4)

can be simplified to the Euler equation

ρ
Du
Dt =−∇p+ ρg (C-5)
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Cancel all zero terms and reduces the equation to

−ρU2
θ /r=−

∂p

∂r
(C-6)

0=−∂p
∂z
− ρg (C-7)

With Uθ = ωr
2

p(r, z)− p0=1
8ρω

2(r2
2 − r2

1)− ρgz (C-8)

With Ux = ωrx
2

∣∣∣
x=1,2

and we ignore any height differences:

∆p=ρU
2
2 − U2

1
2 (C-9)

When including the dynamic pressure which is existing at the outlet of the disc:pdyn = ρ
U2

2
2

ptot=ρ
(
U2

2 − U2
1

2 + U2
2

2

)
(C-10)

U1 is the speed of the flow at the inlet of the blade U1 = D1πn, U2 the speed of the flow at
the outlet of the blade U2 = D2πn and ρ the density of the working fluid.
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