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A B S T R A C T

An important trend exhibited by the offshore wind market is the increasing size of wind
turbines, leading to longer and stiffer monopiles with larger diameter-to-thickness ratios.
Current transport analysis is focused on loads resulting from hydrodynamic accelerations,
without taking into account the loads resulting from differences in bending deflection between
the vessel and cargo. This investigation examines the structural response of a monopile and
sea-fastening system subjected to displacement-based loads. The load case follows from a vessel
excited using a regular wave leading to bending deflections and rigid body accelerations.
The intermittent contact between the saddles and monopile is modeled by representing the
saddle with a unilateral spring. This requires the use of a nonlinear solution method to obtain
structural responses. The harmonic nature of hydrodynamic-based loads led to the selection
of the harmonic balance method (HBM) to model the cargo-sea-fastening system. A novel
understanding is gained of how cargo properties, sea-fastening properties, and sea-fastening
arrangements influence the structural response of the coupled cargo-sea-fastening system.
Various parametric studies are performed to identify behaviors related to the total structural
response. Based on this study, the conclusion can be drawn that a large number of saddles in
combination with a low stiffness is desired to minimize the structural response of the cargo and
sea-fastening system. Furthermore, the influence of lashing stiffness and pretension is limited
with respect to the total response. Both these conclusions also hold for an increase in cargo
length and diameter.

. Introduction

Within the offshore wind market, there is a significant trend towards larger wind turbines in terms of power and size, with
xpected rotor diameters exceeding 250 meters by 2030 [1,2]. As a result, the monopiles used as foundations will also increase in
ize [3]. Concerns arise that this increase in size could affect the transport operation. Current transport analysis is focused on loads
nduced by rigid-body motions, without taking into account the influence of differences in bending deflection between the vessel
nd cargo on the load distribution.

Conventional sea-fastening systems applied for monopile transportation consist of several components. Firstly, a set of saddles
upports the monopile’s weight and spreads the forces across the vessel (an example can be seen in Fig. 1). These saddles function
s unilateral constraints, only exerting a reaction force when compressed. When the saddle is loaded in tension past its equilibrium,
eparation and, consequently, intermittent contact occurs. Friction is also introduced through the contact between the saddles and
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Fig. 1. Monopiles are typically loaded on top of several saddles, which are welded on the main deck of the vessel.

the monopile, when the latter moves in the axial direction. Stability in the axial direction is reinforced by the use of lashing wires,
which provide a restoring force. The lashing wires are installed under an angle, so they can generate a vertical restoring force as
well. The wires can be modeled using linear theory, because they are pretensioned and therefore are always in tension. The friction
force, on the other hand, introduces further nonlinearities due to its dependency on normal force and relative velocity. As a result,
it is expected that, for some combinations of system parameters and loading regimes, the structural response cannot be described
by linear vibration theory, emphasizing the need for a nonlinear analysis method.

Research related to ship-cargo interaction focuses on shifting of granular cargo and resulting instabilities [4,5], sloshing and
its influence on dynamics [6–8] and multi-body dynamics related to lifting operations [9–13]. This research cannot provide any
insight regarding the problem at hand, as the monopiles are a continuous type of cargo of comparable size and stiffness to the ship,
emphasizing the importance of the interacting flexible responses of both structures. Research concerning the impact of stiff cargo
on dynamic behavior and structural response is limited. A specific study has shown the influence of the on the mode shapes, load
distribution and eigenfrequencies [14], but some limitations were identified: hydrodynamic contributions were excluded and linear
modeling was applied. This emphasizes the need for further research.

Given the absence of related literature, the problem is simplified and modeled in 2D, namely in the symmetry plane of the
vessel. Additionally, axial responses for neither structure are considered and, therefore, nonlinearities due to frictional constraints
are not included. This enables investigating the influence of the nonlinearity solely due to intermittent contact, instead of introducing
additional nonlinearities.

Intermittent contact problems have been analyzed in a nonlinear manner in various disciplines. In the aerospace industry,
multiple studies investigate the contact problem between blade-tip and casing for gas turbines [15,16]. In both examples, the
nonlinear problem is solved in frequency domain using the harmonic balance method. A different solution approach involves creating
a piecewise linear system, with transition times where contact or loss of contact occurs [17,18]. Finally, in the field of soil mechanics
the intermittent contact problem is also relevant, with a solution presented in [19]. In this investigation, the authors make use of
the shooting method to solve the problem, which operates in the time domain.

In this study, the structural response of a monopile and sea-fastening system subjected to displacement-based loads is investigated.
The load case follows from a vessel excited using a regular wave leading to bending deflections and rigid body accelerations. The
objective of this study is to create an efficient model capable of defining the structural response of the cargo and sea-fastening
system, taking the intermittent contact nonlinearities between the ship and cargo by into account. The harmonic balance method
is selected due to the harmonic nature of hydrodynamic loads, in combination with the numerical efficiency of the method. Using
this model, various parametric analyses are performed to evaluate the importance of nonlinear behavior.

In Section 2 the base case, including parameters related to the vessel and the cargo and a general outline of the model, is
described. Section 3 introduces the hydrodynamic part of the model, and how it serves as excitation. The mathematical background
to model the structural side of the problem is presented in Section 4. Section 5 follows up on this by presenting the results for an
in-depth analysis of the dynamic response under hydrodynamic loading. The parameters of the dynamics system are varied in a
systematic way and their impact on nonlinear dynamic behavior is assessed in Section 6.

2. Problem definition

In this investigation, an MC-class heavy-lift vessel is considered, as these vessels are used to carry the largest monopiles, as shown
in Fig. 2.

The main particulars of the vessel and the cargo are shown in Table 1. 𝐿 represents length, 𝐵 breadth, 𝐷 diameter, 𝑇 draft, ∇
displacement (or mass of the vessel), 𝑡 the thickness, and 𝐼 the second moments of area of the vessel’s midship section and of the
cross section of the monopile, respectively. It is evident that the length of the cargo is significant compared to the length of the
2 
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Fig. 2. Base case MC-class heavy-lift vessel transporting monopiles.

Table 1
Main particulars MC-class heavy-lift vessel and monopile cargo.

Parameter Value

𝐿𝑠 [m] 171
𝐵𝑠 [m] 42
𝑇𝑠 [m] 6.5
∇𝑠 [m3] 32 000
𝐼𝑠 [m4] 103.8

(a) Ship particulars

Parameter Value

𝐿𝑚 [m] 74
𝐷𝑚 [m] 8
𝑡𝑚 [mm] 8
𝐼𝑚 [m4] 15.6

(b) Cargo particulars

vessel, in this case approximately 43%, which means that it can no longer be considered a point mass. Furthermore, since both the
vessel and monopile are manufactured using steel, when the vessel is carrying four monopiles the bending stiffness of the cargo also
becomes comparable to that of the vessel.

Fig. 3 depicts a schematic representation of Fig. 2, illustrating the model’s components in part (A). Part (B) depicts the transfer
of loading from the linear hydrodynamic model to the nonlinear structural model. Excitation is present within the structural model
at the locations of the components of the sea-fastening system. The hydrodynamic model generates a bending response of the vessel
which is quasi-statically transferred to the cargo by transforming the accelerations and bending deflections into a displacement-based
load, i.e., a base excitation, at the saddle points. These loads are represented by the red and green arrows, respectively.

For simplification purposes, only one-way coupling between the ship and the cargo is applied, meaning that the deflections of
the ship are unaffected by the deflections of the cargo. It is expected that the stiffness contributions of the cargo will be affecting the
natural frequencies of the coupled system, as demonstrated previously with linear analysis [14]. However, this study also showed
that whether the vibrations of ship and cargo are considered separately or as a combined system, the resulting natural frequencies
are at least an order of magnitude above the wave excitation frequency. Consequently, and as will be confirmed later in the present
investigation, the deflections of the monopile are expected to be sufficiently small that their influence on the deflections of the hull
can be considered insignificant.

Finally, in part (B) of Fig. 3, the discretization of the cargo into elements with 𝑧 and 𝜃 as degrees of freedom is depicted. Mesh
density was selected so that all interaction with the sea-fastening system, such as a lashing or saddle loads, could be applied at nodal
locations (after convergence). A global system of equations, including the contributions of the sea-fastening system, was derived.
The resulting models are discussed in the following sections, along with their mathematical representation.

3. Hydrodynamic model

This model defines the accelerations and bending deflections of the vessel, based on quasi-statically applied hydrodynamic loads,
which are in turn calculated using a potential flow code. Both the hydrodynamic and structural models for the vessel are linear.
The deflections are first calculated for the entire vessel and then evaluated at the locations of the saddles.

3.1. Deflection-induced loads

The deflections of the vessel for each combination of wave length and wave amplitude are determined using a quasi-static
approach. A force equilibrium between the gravitational and buoyant forces is used to produce the bending moment applied to the
vessel. Using the stiffness distribution of the vessel, the resulting deflections can be calculated. The deflection of the vessel consists
of 2 parts: the hydrostatic and wave-induced deflection, as shown in Fig. 4. In this figure, the wave-induced component is calculated
3 
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Fig. 3. Schematics of the sub-models required and their interactions. (A) Illustrates these divisions in the real-world problem and (B) demonstrates the
characteristics of each mathematical model and the points of interaction.

for a wave length of 171 m, equal to the vessel length, and a wave amplitude of 1 meter. This corresponds to a wave frequency
of 0.6 rad/s, assuming deep water. The first natural frequency of the system, assuming linear behavior, is approximately 25 rad/s,
hence more an order of magnitude higher than the expected excitation frequencies. Since the natural frequencies of the structure
are too high for resonance to occur due to wave excitation, the situation when the wave length matches the ship length is expected
to generate the maximum bending moment. Simulations in a range of different frequencies around this region provided no evidence
of sub-harmonic response, confirming that ship-wave matching is the worst possible scenario.

3.2. Inertial loads

The rigid-body accelerations of the vessel cause inertial loads on the cargo and sea-fastening system. These rigid body
ccelerations are calculated through a diffraction analysis for various wave loads and frequencies on the vessel. Fig. 5 shows the

response amplitude operators for the heave and pitch motions of the vessel.

4. Structural model

This section defines the mathematical representation of the cargo and sea-fastening in a structural model, as shown in Fig. 3. A
linear and a nonlinear version of the model were generated to clearly identify the importance of nonlinear contributions. The two
models were otherwise very similar to each other, as will become evident from their detailed descriptions below.
4 
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Fig. 4. Comparison of static (hydrostatic) and dynamic (wave-induced) deflection of vessel.

Fig. 5. Rigid-body motion response amplitude operators for MC-class heavy-lift vessel. Here the frequency of the considered load case, corresponding to a wave
ength equal to the ship length, is shown by the red dashed line. (For interpretation of the references to color in this figure legend, the reader is referred to
he web version of this article.)

4.1. Linear structural model

The cargo is discretized using a Timoshenko beam finite element formulation, due to the limited slenderness of these types of
vessels. Euler–Bernoulli beam theory was used for the monopiles, as their length is far greater than their diameter.

The generalized equation of motion used within the FEA framework [20] is included below (Eq. (1)). Parameters 𝐌, 𝐃 and
represent the global mass, damping, and stiffness matrices, respectively. Parameter 𝐱 is a vector representing all the degrees of

freedom in the system, equal to twice the number of nodes, for degrees of freedom 𝑧 and 𝜃. Finally, parameter 𝐟𝑒𝑥 is the vector
epresentation of a general excitation force.

[𝐌]�̈� + [𝐃]�̇� + [𝐊]𝐱 = 𝐟𝑒𝑥 (1)

Because of the harmonic nature of wave loads, the response 𝐱 can also be assumed to be harmonic. The equation can therefore
be translated into the frequency domain, as shown in Eq. (2), where 𝜔 represents the excitation frequency. Finally, the external
harmonic forcing 𝐟𝑒𝑥 will have nonzero values at the locations where the displacement is enforced.

𝑥𝑖 = 𝑥𝑖,𝑎 ⋅ sin(𝜔𝑡)
(

−𝜔2[𝐌] + 𝜔[𝐃] + [𝐊]
)

𝐱 = 𝐟𝑒𝑥
(2)

Responses to forced displacement load cases can be evaluated using matrix partitioning. The equation of motion is split into
2 parts, based on known and unknown displacements. Matrix partitioning is required, as the monopile is subjected not only to a
5 



A.D. Speksnijder et al.

u

t
I
a

a
f

w
m
o

c
t

o

Journal of Sound and Vibration 601 (2025) 118925 
displacement/base excitation, but also forced bending. Therefore, conventional base excitation formulations, where everything is
calculated as relative displacements, would not be sufficient. Eq. (3) shows the first step in the partition; for simplicity, the matrices
sed in Eq. (2) are summarized into a dynamic stiffness matrix 𝐾𝑑 .

𝐊𝑑 =
(

−𝜔2[𝐌] + 𝜔[𝐃] + [𝐊]
)

[

𝐊𝑑
]

𝐱 = 𝐟𝑒𝑥
(3)

From there, the equation can be split further for a known displacement vector 𝐱𝑜 and an unknown displacement vector 𝐱𝑐 . The
dynamic stiffness matrix 𝐾𝑑 must be split accordingly, resulting in 4 submatrices as shown in Eq. (4). Finally, external harmonic
force vector 𝐟𝑒𝑥 is also split into 2 vectors corresponding to known and unknown displacement degrees of freedom. In order to solve
his equation, either the applied force must be known for a degree of freedom, denoted by 𝐟 𝑐𝑒𝑥, or the displacement, denoted by 𝐱𝑜.
n the current situation the displacement vector 𝐱𝑜 consists of the displacements and rotations at the locations where the saddles
re connected to the ship.

[

𝐟 𝑐𝑒𝑥
𝐟𝑜𝑒𝑥

]

=
[

𝐊𝑐 𝑐
𝑑 𝐊𝑐 𝑜

𝑑
𝐊𝑜𝑐

𝑑 𝐊𝑜𝑜
𝑑

] [
𝐱𝑐
𝐱𝑜

]

(4)

Eq. (5)is produced by rewriting Eq. (4) and solving for the unknown displacement vector 𝐱𝑐 based on the known displacement
vector 𝐱𝑜 and known force vector 𝐟 𝑐 . The second part of the equation shows how the unknown forces 𝐟𝑜 are obtained, required to
force the displacement.

𝐱𝑐 =
[

𝐊𝑐 𝑐
𝑑
]−1 [𝐟 𝑐𝑒𝑥 −𝐊𝑐 𝑜

𝑑 𝐱𝑜
]

𝐟𝑜𝑒𝑥 = 𝐊𝑜𝑐
𝑑 𝐱𝑐 −𝐊𝑜𝑜

𝑑 𝐱𝑜
(5)

The accelerations and bending deflections resulting from the hydrodynamic model can be transformed into a single displacement.
Appendix A shows a comparison between the loads resulting from forced bending deflections and accelerations, for a simple cargo
nd sea-fastening system. For this example a wave amplitude of 1 meter was used. This example shows that the forces caused by
orced bending far exceed the inertial forces caused by accelerations.

The static deflections of the monopile and sea-fastening, resulting from gravitational forces and hydrostatic deflections of the
vessel, are also obtained using Eq. (4) and (5). The hydrostatic deflections of the vessel are included in displacement vector 𝑥𝑜,

hile the weight of the monopile is distributed over the nodes and included in 𝐟 𝑐𝑒𝑥. Note that in this situation the dynamic stiffness
atrix 𝐊𝑑 is equal to the structural stiffness matrix 𝐊. The resulting deflections can be superimposed on the dynamic deflections to

btain the total response.

4.2. Nonlinear solver

A nonlinear solution method is required to handle the nonlinearities introduced by the saddles. Eq. (6) contains the general
formulation for structural vibration in the presence of nonlinear forces [21]. The solution here is represented by 𝐪 instead of 𝐱,
to highlight the difference between the linear and nonlinear solution. The nonlinear force term 𝐟𝑛𝑙(𝐪, �̇�) defines the total nonlinear
force for elements within the system dependent on the displacement 𝐪 or velocity �̇�.

[𝐌]�̈� + [𝐃]�̇� + [𝐊]𝐪 + 𝐟𝑛𝑙(𝐪, �̇�) = 𝐟𝑒𝑥(𝑡)
𝐟𝑒𝑥(𝑡) = 𝐟𝑒𝑥(𝑡 + 𝑇 )

(6)

The equation of motion can be solved numerically using various solution techniques, for example the shooting method [22],
harmonic balance [21] method and intermediate methods [23]. The assumption is made that the nonlinear forces and responses
an be represented as a summation of harmonics, as stated by the harmonic balance method. This approach has been demonstrated
o be compatible with problems involving harmonic excitation and unilateral constraints [18].

In Eq. (7), the equation of motion is rewritten in the frequency domain, with the solution expressed as a truncated Fourier series.
Note that the periodic character of the excitation force has been removed. Rewriting the equation in this form results in a system of
𝑛 ⋅ (2𝐻 + 1) equations. Parameter 𝑛 represents the number of degrees of freedom present in the discretized system, for which a zero
frequency term, a sine, and a cosine term are present. The sine and cosine terms are present for every harmonic, up to harmonic
𝐻 . Parameter 𝑘 represents the harmonic considered in each term of the summation.

𝐪(𝑡) = 𝐐0 +
𝐻
∑

𝑘=1
𝐐𝑐 ,𝑘 cos 𝑘𝜔𝑡 +

𝐻
∑

𝑘=1
𝐐𝑠,𝑘 sin 𝑘𝜔𝑡

= ℜ{
𝐻
∑

𝑘=0
𝐐𝐤ei𝑘𝜔𝑡}

ℜ{
𝐻
∑

𝑘=0

([

−(𝑘𝜔)2[𝐌] + i𝑘𝜔[𝐃] + [𝐊]
]

𝐐𝐤 + 𝐟nl,𝑘
)

} = 𝐟ex,𝑘

(7)

For the purposes of this work, the Harmonic Balance algorithm provided in the NLvib (v1.3) package, developed at the University
f Stuttgart [21], after being translated from MATLAB to Python.
6 
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Fig. 6. Force–deflection curves for different saddle stiffness formulations.

4.2.1. Description of nonlinear force
Here, the nonlinear force vector 𝐟nl,𝑘 described in Eq. (7) is analyzed in more depth. The force–deflection curve for a unilateral

inear spring is shown in Fig. 6. The desired curve is shown in blue and the regularized curve in green. For the saddles considered in
this investigation, a stiffness 𝑘𝑠𝑎𝑑 of 1.1 ⋅ 1011 N/m in compression was identified. However, the function shown in Eq. (7) is solved
using an AFT solver which requires a force–displacement curve with 𝐶0 and 𝐶1 continuity. If the above is not satisfied, significant
convergence issues are encountered. Therefore, it is necessary to apply force regularization on the original force–deflection curve,

hich is not 𝐶1 continuous at 0. The regularized curve, shown in green fulfills the smoothness requirements for the entire range of
eflections. Note that 𝑘 in this function is the regularization parameter. This value has been set to 1000 to have sufficient accuracy

around a deflection of the saddle of 5 millimeters. The importance of this level of accuracy will be further discussed in a later
ection.

The quality of the solution highly depends on the extent to which the nonlinear force can be described using harmonics [21].
Three potential solution strategies are identified to define the nonlinear force harmonics 𝐟nl,k [21]:

1. For polynomial nonlinear forces: solve for closed-form expression
2. For piecewise polynomial forces: determine transition times, proceed as in 1
3. For generalized (i.e. non-polynomial) nonlinear forces: apply Alternating Frequency–Time (AFT) scheme

Within this problem, the usage of Alternating Frequency–Time is selected to define the nonlinear force harmonics. Due to the
number of unilateral constraints present in the problem, it is hard to define the transition times between different states. Fig. 7
shows an example of the AFT procedure applied for this case. The blue curve represents the deflection of the saddle, and a negative
deflection indicates separation of the saddle and the monopile, which should result in a zero contact force. The green curve represents
the nonlinear force in the time domain, which is based on the aforementioned deflection of the saddle. This force is obtained using
the regularized force–deflection description shown in Fig. 6. This green curve is then approximated using 5 harmonics (and 128
time steps in the time domain), the sum of which is represented by the red curve. A slight tensile force on the saddle is observed on
both the green curve and the red curve; this error is a by-product of the regularization of the force curve. Finally, an appropriate
number of harmonics needs to be chosen to converge to the time domain force, to represent it accurately.

4.2.2. Continuation method
In conventional nonlinear vibration analysis the solution method is applied together with a continuation method. Examples of

continuation methods include the Asymptotic Numerical Method (ANM) [24] and pseudo-arclength continuation [22]. Such methods
allow to identify and map bifurcations in the dynamic behavior of the system. For this investigation, and based on pinned boundary
conditions at both ends of the monopile (which is a reasonable assumption for the linear problem), an eigenfrequency of 25 rad/s is
identified. Since the excitation only has a frequency of 0.6 rad/s, it was concluded that this load case is located away from resonance,
and consequently characterized by low energy. Additionally, the nonlinearity, although expressed in the form of a nonlinear stiffness,
is not expected to create bifurcating behavior; the main stiffness sources of stiffness are the monopile and the sea-fastening system,
and the nonlinearity relates primarily to a re-distribution of the bending loads and the elimination of an over-constrained system.
Therefore, behavior related to bifurcations, bending, and jumping is not expected. Consequently, no continuation methods were
applied, and the investigation focused on the comparison between linear and nonlinear predictions for the problem at hand.

4.2.3. Residual function & solver
The numerical solver requires the equation of motion to be rewritten in residual form. Some reformulation is required to be

able to apply a displacement-based excitation, resulting from the acceleration and bending of the vessel. The formulation is shown
in Eq. (8). Matrix partitioning is applied again in combination with the definition of the dynamic stiffness matrix 𝐊 . The function
𝑑

7 
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Fig. 7. Comparison of the nonlinear saddle stiffness force calculated in the time domain and frequency domain, using the Alternating Frequency–Time procedure.

Fig. 8. Schematic overview sea-fastening system applied at monopiles in base case.

is rewritten in residual form, and this function represents the residual of a single harmonic 𝑘. The exciting force 𝐟ex,𝑘 only has a
value for 𝑘 = 0, here the gravitational forces are distributed over the length of the monopile.

𝐊𝑑 =
[

−(𝑘𝜔)2[𝐌] + (i𝑘𝜔)[𝐃] + [𝐊]
]

𝐑𝑘 =
[

𝐊𝑐 𝑐
𝑑
]

𝐐𝑐
𝑘 +

[

𝐊𝑜𝑐
𝑑
]

𝐱𝑜 + 𝐟nl,𝑘 − 𝐟ex,𝑘 = 𝟎
(8)

This residual function is then used in combination with the function Jacobian, within the Powell hybrid method. The Jacobian
was defined using analytical derivatives, which ensures efficient solving of the function.

This concludes the modeling sections present within this problem. A modeling method was developed to transform a hydro-
dynamic load into displacements at the locations of the saddles. Subsequently, a structural model was introduced to evaluate the
responses of the monopile and sea-fastening system using a displacement-based load. The following sections discuss application of
this methodology to specific load cases.

5. Application: structural response for base case based on static and dynamic load

This section discusses the results for the base case as introduced in Section 2. Within this project the sea-fastening system was
defined as shown in Fig. 8.

The various sea-fastening components needed to be translated into appropriate mathematical formulations to be included in the
structural model. Fig. 9 shows the aft ends of the monopiles, where both a saddle and a lashing wire are applied. As depicted in the
figure, both the saddle and lashing wire act in a unilateral manner and only provide reaction forces in compression and tension,
respectively. A combination of both can therefore be modeled in a linear manner with spring stiffness 𝑘𝑧.

Since the stiffness of the saddle is far greater than the lashing wire, a unilateral spring with the remaining stiffness 𝑘𝑠 is added.
The lashing wire also provides some rotational resistance around the saddle, which is modeled as a linear rotational spring with
stiffness 𝑘𝜃 . The assumption is that the lashing wire will always be in tension by applying pre-tension, allowing the rotational spring
to be modeled in a linear manner. Note that for the saddle located at 0.5𝐿 only a unilateral spring with the total saddle stiffness is
applied. Furthermore, the three spring elements shown in Fig. 9 are in the model all applied at the same location, being the location
of the saddle. Finally, it is important to note that within the linear model the unilateral spring stiffness 𝑘𝑠 is linearized, and added
to the linear stiffness 𝑘𝑧.

Table 2 shows the parameters related to the sea-fastening system. Note that parameters 𝑘𝑧 and 𝑘𝜃 are based on the lashing
stiffness 𝑘𝑙. It is common industry practice that a pre-tension of 1–2 mT is applied per lashing wire. This comes down to 10 kN per
wire, so for the example case the total pre-tension 𝑇 would be 210 kN.
𝑙
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Fig. 9. Detailed version of monopile aft end with implementation of spring stiffnesses.

Table 2
Structural parameters sea-fastening system.

Parameter Value Unit

k𝑠 1.1 GN/m
k𝑙 37.5 kN/m
T𝑙 210 kN
k𝑧 6.5 kN/m
k𝜃 1.46 MNm/rad

Fig. 10. Deflection of ship, saddles and monopile for hydrostatic (still water) load case.

Table 3
Results for hydrostatic (still water) load case.

Parameter Linear Unit

Deflection mon. max. 𝑢𝑐 5.9 mm
Deflection sad. max. 𝑢𝑑 5.7 mm
Force max. 𝐹 6.3 MN
Bending mom. max. 𝑀𝑏 49.3 MNm

5.1. Static analysis

A static analysis is performed for the case presented in Section 2. In this situation, the cargo is subjected only to the hydrostatic
deflection of the vessel and the gravitational forces acting on the monopile. The resulting deflections are shown in Fig. 10 and
summarized in Table 3. In this figure the deflection of the saddle is defined by the difference between the cargo deflection and
ship deflection curve. It was found that the deflection of the saddle located at 0.5𝐿 is significant compared to the deflection of the
monopile, and almost equal to the maximum deflection of the monopile.

Furthermore, Fig. 11 shows the distribution of forces and bending moments. Note that the force is slightly negative, caused by
the distributed gravitational force. The unequal distribution of the weight of the monopile over the saddles is caused by the bending
of the vessel. This bending increases the normal force in the middle saddle, and decreases the normal force in the outer two saddles.
The high stiffness of the monopile causes the influence of the bending of the vessel on the weight distribution to become pronounced,
9 
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Fig. 11. Forces and bending moments acting on monopile.

Table 4
Results dynamic load case using different models.

Parameter Linear Non-Lin. Unit

Deflection mon. max. 𝑢𝑐 13.4 11.4 mm
Deflection sad. max. 𝑢𝑠 11.5 9.9 mm
Detachment max. 𝑢𝑑 – 8.5 mm
Force max. 𝐹 12.4 10.6 MN
Bending mom. max. 𝑀𝑏 115.3 97.3 MNm
Bending stress max. 𝜎𝑏 29.6 25.0 MPa

since the bending deflections of the monopile under its weight stay limited. Therefore, a slight lift in the middle of the monopile
results in the monopile being raised at the outer saddles. This then increases the normal force observed in the middle, but decreases
the normal forces observed at the outer ends.

Appendix B shows the sensitivity of the observed force distribution under influence of the deflection of the saddles. A wrong
addle stiffness leads to wrong deflections into the saddles, which then affects the force and bending moment distribution. The
xample highlights the sensitivity of the system with respect to the forced deflection of the ship, the axial deflection of the saddles,
nd the resulting bending deflection of the monopile.

5.2. Dynamic analysis

The hydrodynamic load case used in the dynamic analysis has the following parameters. As mentioned earlier, the wave length
𝐿𝑤 is assumed to be 171 m, corresponding to a wave frequency 𝜔 of 0.6 rad/s. Furthermore, a wave amplitude 𝜁𝑎 of 3 meters is
assumed. In this situation a high wave amplitude is chosen to amplify dynamic effects.

Fig. 12 shows the dynamic results for the force and deflection distribution for the nonlinear model. Note that in addition to the
osition on the cargo, the time step within the oscillation is also plotted on the period fraction axis.

That nonlinear behavior indeed occurs here is confirmed by both the nonlinear forces and deflections figures, shown in Figs. 12(a)
and 12(b). These figures show that the normal force drops to 0 for the saddle located at 0.8𝐿 and that detachment indeed occurs
here, with a magnitude up to 8.5 millimeters. When the linear forces are evaluated using the linear model, a negative normal force
is indeed observed at 𝑡 = 0, for the outer saddles located at 0.2𝐿 and 0.8𝐿.

Further results are summarized in Table 4. This table shows that the deflection, forces, and bending moments are overestimated
by a linear approach. This is caused by the problem being overconstrained when linearizing a nonlinear constraint. Table 4 also
shows that the bending stress in the monopiles stays limited compared to the yield stress.

Finally, the peak observed at a period fraction of 0.1 for the normal force of the saddle located 0.5𝐿 is caused by the slight
tensile force present at the saddle of 0.8𝐿. A similar situation as shown in Fig. 7 occurs here: the small negative deflection leads to
 small tensile force. This behavior results in the maximum force being overestimated. If the magnitude of this peak is compared to

the overall force, the conclusion can be drawn that the magnitude of this error stays limited.

5.3. Discussion

Based on the static and dynamic analysis some observations can be made:
10 
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Fig. 12. Forces and deflections in sea-fastening system for nonlinear analysis. The locations in the nonlinear force plot, shown in the left figure, indicate time
nstances where detachment occurs. This is confirmed by the right figure, indicating the magnitude of detachment.

• The static analysis shows that the force distribution is dependent on the bending deflection of the vessel, the axial deflection
of the saddles, and the bending deflection of the monopile under its weight.

• Slight changes in saddle deflection can lead to a large difference in force distribution.
• The observed deflections of saddles and the monopile are in the same order of magnitude and are small compared to the

dimensions of the cargo and the saddles.
• Dynamic situations where the deflections of the vessel become large lead to nonlinear behavior. Here a linear approach leads

to an overconstrained situation, causing the results to be significantly overestimated.

6. Parametric analysis

In order to obtain a better understanding of the considered behavior in relation to different parameters, three different parametric
nalyses are performed, related to the saddle properties, lashing properties, and cargo properties, respectively. These parameters

are varied in a systematic manner while keeping the other properties equal to the ones presented for the base case.
The base case provides the starting values for each of these parameters. For the saddles, significantly more flexible and

significantly stiffer versions are tested. These values are meant to represent extremely different cases to the current saddle design
and, in this manner, explore the bounds of the design space. The number of saddles is only varied between 2 and 7: with 3 ore more
saddles, contact nonlinearities are likely to occur, unlike the mostly linear 2-saddle case. Increasing number of saddles (e.g. above
4) could be impractical for this application, due to lack of space and increased installation costs. Therefore, 7 saddles is already
onsidered an extreme value. The approach for lashing stiffness is similar to that for saddle stiffness: significantly (and perhaps
mpractically) smaller and larger values compared to the base case are used, to identify trends at the bounds of the design matrix.
he exact selection of parameters and their effect on the dynamic behavior are discussed in more detail in the following subsections.

6.1. Parametric analysis — saddles

In this parametric analysis, the number of saddles is varied in combination with their stiffness. The number of saddles is varied
between 2 and 7 while the saddle stiffness is varied between 1 and 1000% of the original stiffness. Note that for simplicity, an
equidistant saddle spacing is used over the length of the monopile. This equidistant spacing is defined in a similar manner as shown
n Fig. 8, so the saddles cover an equidistant length within the monopile without any saddles at the outer ends.

Fig. 13 shows the results of the analysis for the resulting forces in the sea-fastening system and bending moment in the cargo. The
brown grid shown in both figures indicates the region where contact for all saddles is preserved, indicating that linear theory is valid
there. Furthermore, for an odd number of saddles both the maximum normal force and maximum bending moment demonstrate
local maxima. This is a result of the assumption of an equidistant saddle spacing. For an odd number of saddles one will be located
t 0.5𝐿 of the monopile, resulting in it carrying the largest load and thereby causing the largest bending moment in the monopile.
11 
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Fig. 13. Influence of number of saddles and saddle stiffness on maximum force in sea-fastening system and maximum bending moment in cargo using nonlinear
odel. The green line represents the case considered in Section 5 and serves as a reference. The brown area indicates domain where contact is preserved and

inear theory applies. (For interpretation of the references to color in this figure legend, the reader is referred to the web version of this article.)

Fig. 14. Forces and bending moments acting on monopile for situation with 4 saddles in combination with 10 percent saddle stiffness.

Finally, it is observed that for an increasing number of saddles the transition to nonlinear behavior occurs at a lower stiffness. This
s unsurprising, since any additional saddle beyond the first two adds a degree of freedom to an already overdetermined system,
enerating more opportunities for separation.

The best option to reduce structural loads on the monopile is to have a large number of saddles in combination with a low saddle
stiffness. The weight of the monopile can be then distributed over a large number of saddles, leading to lower forces. Furthermore,
ow saddle stiffness compensates for the bending deflections of the vessel to ensure that its influence on normal force distribution
s limited.

To illustrate the above point, Fig. 14 depicts a configuration with 4 saddles and 10% of the original saddle stiffness. When
ompared to Fig. 12(a), large qualitative and quantitative differences are observed in the dynamic behavior. Contact between the
onopile and saddles is preserved when using 4 saddles with lower stiffness, which implies that linear modeling can be applied.

Furthermore, the weight of the monopile is more evenly distributed over the 4 saddles. This figure shows that the maximum force
in the sea-fastening system is reduced by almost 70%, from 10.5 to 3.3 MN. This decrease in force comes at the cost of an increased
deflection of the saddles, which increases approximately by 300%. These and other numerical results are summarized in Table 5.
12 



A.D. Speksnijder et al.

n
p

v
a
𝑁

7
s

Journal of Sound and Vibration 601 (2025) 118925 
Table 5
Comparison example case to case with 4 saddles and 10% saddle stiffness.

Parameter 3 Saddles −1 k𝑠𝑎𝑑 4 Saddles −0.1 k𝑠𝑎𝑑 Unit

Deflection mon. max. 𝑢𝑐 10.9 5.8 mm
Deflection sad. max. 𝑢𝑠 11.3 35 mm
Detachment max. 𝑢𝑑 11.8 0 mm
Force max. 𝐹 10.5 3.3 MN
Bending mom. max. 𝑀𝑏 95.8 38.7 MNm

Fig. 15. Influence of applied lashing stiffness and pretension on maximum force in sea-fastening system and maximum bending moment in cargo based on
onlinear model. The green lines represent the considered case in Section 5 and serve as a reference. The brown perimeter area indicates again where contact is
reserved and linear theory applies. (For interpretation of the references to color in this figure legend, the reader is referred to the web version of this article.)

6.2. Parametric analysis — lashing

Another parametric study is performed to investigate the influence of lashing stiffness on the dynamic behavior of the cargo. In
this situation the range of lashing stiffness is between 104 and 107 N∕m, while the range of pre-tension between 104 and 108 N.

Fig. 15 depicts the resulting nonlinear maximum force and the bending moment. Note that the axes origin for the force plot
and the bending moment plot are in different locations (back corner and front corner of the xy-plane, respectively), to facilitate
isibility. Both subfigures show that, for a large part of the domain, the lashing stiffness and pre-tension do not influence the forces
nd bending moment in a significant manner. In most cases, the force and bending moment are equal to approximately 104 to 106

and Nm, respectively. This behavior can be explained by the resulting lashing forces being small in comparison to the weight of
the monopile and the resulting normal forces at the saddles. Therefore, a negligible influence on the results is observed.

It should be emphasized that it is unlikely that the either the lashing stiffness or its pretension will approach the maximum
values of 107 and 108 in reality. This would indicate a lashing stiffness 300 times larger and a pretension force 500 times larger
than what is applied in the base case. Nevertheless, it is useful to explore how the dynamic behavior might be affected when the
limits of pretension and stiffness are reached.

6.3. Parametric analysis — cargo

Finally, a parametric study is performed with respect to the dimensions of the cargo. The length of the monopile is varied between
5 and 115 m, while the monopile diameter is varied between 8 and 12 m. The monopile considered in the base case is used as a
tarting point. For this analysis a diameter-to-thickness ratio of 1/110 is chosen.

Fig. 16 shows the maximum force in the sea-fastening system and the maximum bending stress present in the cargo. In this
situation, the bending stress gives more insight into the behavior compared to the bending moment in the monopile. The increase
of second moment of area, caused by an increasing diameter and thickness, will result in a lower bending stress for the same bending
moment. The figure shows that both force and stress increase with increasing monopile length. This occurs as a result of the weight
of the monopile becoming larger, and due to increased unsupported length between the saddles. A higher diameter, on the other
hand, results in an increase in force due to the increased weight of the monopile, but a decrease in stress as the increase in second
moment of area exceeds the increase in weight. Finally, the increase in weight for a combination of a large length and a large
13 
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Fig. 16. Influence of length and diameter of cargo on the forces observed in the sea-fastening system and the bending stress in the cargo. The brown area
indicates again where linear theory applies and the green lines represent the case considered in Section 5. (For interpretation of the references to color in this
figure legend, the reader is referred to the web version of this article.)

diameter leads to the deflection of the monopile becoming large. These large deflections result in contact being preserved for all
saddles and linear theory being valid again.

Based on these conclusions two additional cases are identified to further analyze in depth, for the cargo types leading to the
highest stress and force response. These include a monopile with a length of 115 m, and a diameter of 8 and 12 m, respectively.
For these 2 cases, the parametric saddle analysis is performed again, in order to evaluate to what extent the behavior previously
identified still holds for longer and stiffer cargo.

To facilitate the comparison of the results, upper limits for the observed loads were defined. These comprised of a maximum
normal force of 7 MN and a maximum bending stress of 20 MPa — approximately 10 percent of the yield stress for mild steel. These
upper boundaries for the response should inform us to evaluate various sea-fastening arrangements regarding compliance with the
set boundaries.

The subfigures shown in Fig. 17 show the normal force results for a diameter of 8 and 12 m, with a length of 115 m. If compared
o Fig. 13 a similar trend is visible, being that the structural response decreases for an increasing number of saddles in combination

with lower saddle stiffness. This figure shows that for a diameter of 8 and 12 meters several different sea-fastening arrangements can
be selected conforming with the posed upper limits. This indicates that the model can be used to aid in sea-fastening arrangements,
defining a number of saddles to comply with a certain maximum force or maximum stress condition. Appendix C shows the results
for the bending stress.

7. Conclusion

In this investigation, the structural response of a monopile and sea-fastening system is investigated using a finite element model.
The monopile and sea-fastening system are subject to displacement-based loads, consisting of hydrodynamic accelerations and wave-
induced bending responses of the vessel. Within this analysis the nonlinear properties of the sea-fastening system are taken into
account using the harmonic balance as a solution method.

Using the finite element model, different behaviors and sensitivities related to the structural response were investigated for
the identified base case. Differences in results for a linear or a nonlinear approach were analyzed in depth. After this thorough
nalysis of the base case, a large parametric study was performed. In this analysis parameters of various elements present in the

cargo-sea-fastening system were varied in order to identify their influence on the structural response. This research presents a
new understanding of the structural response when considering stiff cargo. The sensitivity of different parameters on the structural
response were quantified and highlighted in the parametric analysis.

The structural response of the monopile and sea-fastening system is defined by the interaction between the bending deflection
of the vessel, the axial deflection of the saddles, and the bending deflection of the monopile under its own weight. This interaction
influences the weight distribution throughout the system and becomes pronounced in cases when the bending deflection of the vessel
ecomes greater than the bending deflection of the cargo under its own weight. Then the weight will not be distributed equally
hroughout the sea-fastening system. The axial deflection of the saddles can compensate for the bending deflection of the vessel,

enabling for a better weight distribution in the sea-fastening system.
Nonlinearities occur for dynamic situations with representative saddle stiffness values, and detachment between the monopile

and saddles is present. Modeling using a linear approach leads to an overconstrained situation and an overestimation of the structural
14 



A.D. Speksnijder et al.

s

o

i

d

Journal of Sound and Vibration 601 (2025) 118925 
Fig. 17. Influence of number of saddles and saddle stiffness on maximum force in sea-fastening system using nonlinear model. The left and right figure are the
results for a monopile with a diameter of 8 and 12 m, respectively.

response. It needs to be emphasized that this behavior is undesirable and indicates inefficient use of the sea-fastening system, since
the weight of the cargo is not supported in case of loss of contact.

The parametric analysis showed that a large number of saddles in combination with low stiffness minimizes the loads caused by
and transferred to the cargo. In this case the axial deflections of the saddles compensate for the bending deflections of the vessel,
ensuring contact between the monopile and saddles. This enables the weight to be distributed more equally over all supports.

No significant influence of lashing properties on structural response is observed — the forces generated by the lashing system
tay small in comparison to the weight of the monopile and the resulting normal forces.

The produced model can be used to identify sea-fastening properties for different types of cargo to comply with upper limits posed
n the structural response. This research shows that varying the number of saddles in combination with their stiffness systematically

helps in design of sea-fastening arrangements.
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Appendix A. Example of bending and inertial forces

Fig. A.1 shows a simple system where the cargo length is chosen to be equal to the vessel length. Furthermore, the sea-fastening
system consists of three pinned connections, at 0𝐿, 0.5𝐿 and 1𝐿. The resulting loads for this example are analyzed in detail to give
insight in the different loads present in the system.

Fig. A.2 shows the resulting bending moment based on the static and dynamic deflection of the vessel. This dynamic deflection
s based on the bending deflection of the vessel subjected to a wave with a length of 171 m, and an amplitude of 1 meter.

Fig. A.3 shows the bending moment resulting from the heave and pitch acceleration combined, for a wave amplitude of 1 meter.
This figure shows that the loads resulting from accelerations are significantly smaller compared to the loads caused by forced
eflection.
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Fig. A.1. Vessel, cargo and sea-fastening system for cargo with equal length to the vessel length. The cargo is connected using a pinned condition at 0𝐿, 0.5𝐿
and 𝐿.

Fig. A.2. Resulting bending moment based on static and dynamic deflection.

Fig. A.3. Loads based on hydrodynamic heave and pitch acceleration.

Appendix B. Sensitivity of force distribution under influence of saddle deflection

This appendix highlights an example of the sensitivity of the system in relation to the deflection of the saddles. Figs. B.1 and
B.2 show the deflection and load distribution respectively. In this analysis a saddles stiffness of half the actual value is assumed;
Table B.1 shows the corresponding results. This table shows that the deflection of the monopile decreases while the deflection of
the saddles increases. These differences in deflections influence the load distribution significantly.

This analysis shows that the structural response of the cargo is defined by the interaction of the bending deflection of the vessel,
the axial deflection of the saddles, and the bending deflection of the cargo. Furthermore, this analysis also highlights the necessity
to model the axial deflection of the saddles correctly.
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Table B.1
Results for static load case using half saddles stiffness.

Parameter 1 ⋅ 𝑘𝑠𝑎𝑑 0.5 ⋅ 𝑘𝑠𝑎𝑑 Unit

Deflection mon. max. 𝑢𝑐 5.9 4.8 mm
Deflection sad. max. 𝑢𝑑 5.7 9.5 mm
Force max. 𝐹 6.3 4.9 MN
Bending mom. max. 𝑀𝑏 49.3 37.2 MNm

Fig. B.1. Deflection of ship, saddles and monopile for saddles with half stiffness.

Fig. B.2. Forces and bending moments acting on monopile for saddles with half stiffness.
17 
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Appendix C. Additional results cargo parametric analysis

This appendix presents some additional results related to the cargo parametric analysis. Figs. C.1 and C.2 show the magnitude of
he bending stress of the cargo for a diameter of 8 and 12 meters respectively. Similar behavior as in Fig. 17 is observed. Based on

these figures the conclusion can be drawn that for a monopile of 8 meters in diameter the arrangements are limited by the bending
stress criterion, while for a diameter of 12 meters arrangements are limited by the force criterion.

Fig. C.1. Bending stress response for monopile of 8 meters in diameter.

Fig. C.2. Bending stress response for monopile of 12 meters in diameter.

Data availability

Data will be made available on request.
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