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Abstract

The current global environmental crisis has resulted in increased efforts towards more efficient and
sustainable industrial processes. High-temperature heat between 150 ◦C & 400 ◦C accounts for a
major part of the energy demand in industrial processes. At the same time, large quantities of
waste heat are unutilised at temperatures up to 200 ◦C. A heat pump could upgrade this waste
heat to cover a part of the demand, resulting in considerable savings both for the planet and the
operator. Nevertheless, heat pumps have seen little development in heat delivery temperatures above
about 150 ◦C. This research aims to assess the current technological potential and limitations of
high-temperature heat pumps. Subsequently, solutions and recommendations are developed.

Focussing on mechanical vapour compression heat pumps, a thorough understanding of such cycles
is gained first. The performance of a heat pump is highly dependent on the choice of cycle setup
and working fluid, with the compressor posing the largest limitations for higher temperatures. To
assess these, this project develops a heat pump model which simulates many different working fluids
for different component configurations. The model was subjected to two temperature domains,
covering waste heats of 100 ◦C & 200 ◦C and process heat temperatures in the range of 150 ◦C to
400 ◦C. Results were obtained for all fluids incorporated in RefProp 9.0 and showed that multistage
compression with intercooling and superheating considerably improved the performance of nearly
all fluids. By comparing fluids based on efficiencies, capacities, temperatures and pressures, benzene
and propylcyclohexane showed the best performance for the lower and higher part of process heat
temperatures, respectively. The results however also showed the potential superiority of water as
it has the best efficiencies and the largest applicability range, which combines with the hazard-free
& environmentally friendly nature, low cost and wide availability. The main downside of water
appeared to be the persistent, unacceptably high compression temperatures, combined with large
pressures and pressure ratios.

It was subsequently investigated how the disadvantages of water could be handled. A solution
was found in the usage of Liquid Piston Gas Compression (LPGC), in which a rising liquid column,
supplied by a pump, acts as a reciprocating piston in a compression chamber. This setup conveniently
allows for liquid spray injection to cool the steam upon compression and alleviates limitations on
the pressure ratio. By using the same water as the liquid in the LPGC, any temperature rise is
compensated by the evaporation of liquid, resulting in more steam with a lower temperature.

A numerical model of this type of compressor was made in which dynamics were modelled down to
individual droplets. This simplified approach provided insight into the compression path with such
liquid injection and allowed the approximate determination of the required amount of spray. Results
showed that the injection could cool the vapour adequately even for high temperature lifts. The
LPGC was subsequently incorporated into a single-stage heat pump cycle and compared the results
for other fluids using ordinary compressors. These results showed large CoP improvements of 15-
25% CoP and low discharge temperature. With that, it was shown that an environmentally friendly
fluid could be used in a simple single-stage configuration and still provide the best performance
compared to any other fluid.
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Chapter 1

Introduction

Since the Industrial Revolution, the primary source of heat for both industrial and residential pur-
poses has been the combustion of fossil fuels. However, with climate change becoming an ever-
increasing problem, alternative methods need to be found to enable sustainable heating. A viable
solution is to employ electric heating using renewable electricity. Technologies that can be used
are, amongst others, direct electric heating, by generating and burning hydrogen or by using a heat
pump. Heat pumps play a major role as one of the possible solutions due to their ability to transfer
significantly more heat energy than the electric energy required to power them. Heat pumps have
already found widespread use in building space heating, where heat is transferred from the air or
the ground into the building. The temperature difference is small and therefore the efficiency can
be high.

Industries could also benefit from using heat pumps. According to Kosmakadis (2019), 70% of
the EU industrial energy consumption is related to heating. Many industrial processes however
need heat at much higher temperatures than space heating. Heat consumption temperatures can
range from 0 ◦C to over 1000 ◦C. About 25% of heat consumption falls in the range of 100 ◦C
to 500 ◦C [29]. A heat pump that transfers heat from ambient air to that temperature level will
likely not give much gain in efficiency compared to direct electric heating, the latter being much
cheaper than a heat pump. However, in all industrial processes where heat is used, waste heat is also
discarded. These waste heat streams are often still at considerable temperature levels. According
to Papepetrou et al. (2018), the largest part of the waste heat potential in the EU exists in the
100-200 ◦C range. Indeed, this has been recognised and many industrial heat pumps already exist.
Mainstream commercial industrial installations currently however only go up to about 90 ◦C of
heat delivery temperature. Various products exist that can reach higher temperatures up to about
150 ◦C [29], while some experimental setups and extensive simulation studies have been performed
for temperatures up to 200 ◦C [33, 3]. A considerable portion of industrial heat demand is however
at even higher temperatures.

This report therefore investigates the possibility of implementing a high-temperature heat pump
(HTHP) between the process heat demand and waste heat supply for heat delivery temperatures
between 150 ◦C and 400 ◦C. Waste heat temperatures in the range of 100 ◦C to 200 ◦C are considered.
The main research question therefore is:

How can a high-temperature heat pump be developed for upgrading industrial waste heat in the
range of 100-200 ◦C to process heat in the range of 150-400 ◦C?

The temperature ranges that are investigated are divided into two domains:

1. Domain 1: a waste heat temperature of 100 ◦C with process heat temperatures ranging from
150 ◦C to 300 ◦C.

2. Domain 2: a waste heat temperature of 200 ◦C with process heat temperatures ranging from
250 ◦C to 400 ◦C.

To support this research question, five subquestions are defined:

• What is the potential for HTHPs in the current industrial market?
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• What are the limitations to why HTHPs have not yet been widely implemented in industries
at these temperature ranges?

• What are the best components configurations and fluid combinations for HTHPs?

• What performance can be achieved with conventional heat pumps operating within the stated
temperature ranges and what factors prevent improvements?

• How can the heat pump be improved to overcome the factors preventing performance improve-
ments?

To answer these questions, the following approach is taken. First, in Chapter 2 the fundamental
technology of heat pumps will be discussed, along with the different types, configurations, compo-
nents and fluids. Then in Chapter 3, the state-of-the-art of HTHPs are presented together with
the potential that exists for industrial heat pumps at higher temperatures and the limitations that
prevent this potential from being reached. With this knowledge, a heat pump model is developed.
The model structure, inputs, assumptions and calculations are discussed in Chapter 4. Moreover,
the procession of this model into heat pump cycles and a design tool is shown here. Using this model,
different heat pump cycles are simulated for multiple fluids over multiple temperature ranges. The
results are shown and discussed in Chapter 5. The conclusion to these results is given in Chapter 6,
which also explains why the decision was made to develop a dedicated compressor model. This
model simulates a liquid piston gas compressor (LPGC). Its structure, the inputs and assumptions,
the calculations and boundary conditions are explained in Chapter 7. This model is first simulated
for an example case to show the intrinsic results. Subsequently, the LPGC model is implemented in
a cycle of the heat pump model. This cycle is subjected to the same inputs as the other heat pump
cycles. The results are displayed and discussed in Chapter 8. The conclusion to these results is joint
with the general conclusion to the report in Chapter 9.
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Chapter 2

Heat Pump Technology & Types

This section aims to discuss the technology behind heat pumps and their different aspects. First,
in Section 2.1, the fundamental working principle of heat pumps together with the underlying ther-
modynamics is described. After that, in Section 2.2, the different types of heat pump cycles are
discussed and differences in the way that the system can be set up are identified. Subsequently, in
Section 2.3, the advantages and disadvantages of different types of components found in heat pumps
are discussed. Finally, in Section 2.4, the topic of heat pump fluids is elaborated, with the different
aspects that are involved in the selection of a suitable substance.

The heat pump fluid is commonly referred to as refrigerant or coolant [35]. Because this project is
mainly concerned with heating, it is more appropriate to refer to it as working fluid.

2.1 Thermodynamics of heat pumps

Using the definitions from [28], a heat pump/refrigeration cycle transfers heat from a low-temperature
heat source to a high-temperature heat sink using a work input, as in Figure 2.1. While the working
principle is the same, the purpose of a heat pump cycle is to deliver heat to the sink while the
purpose of a refrigeration cycle is to take away heat from the source. Since this report concerns heat
pumps, the convention is used where there is a heat demand at the sink and a waste heat supply at
the source. Both are heat exchangers where heat is transferred to or from the working fluid. At the
source, the waste heat supply comes from a fluid called the waste fluid. The sink demand is usually
required for a fluid that is used in a certain process, so it is called the process fluid. Heat transfer
from a source is indicated with ’C’ for cold (Q̇C) while heat flow to a sink is indicated with ’H’ for
hot. Work is done on the working fluid to increase the pressure of the working fluid. This work adds
to the heat supplied to the sink, so Q̇H = Q̇C + Ẇ .

Depending on the operating conditions of the heat pump, there can be different temperature profiles
in the source and sink heat exchanger. The heat transfer can take place at constant temperature in
case both fluids are changing phase. When this situation applies to both the source and sink, they
can be taken as constant temperatures TW (for waste) & TP (for process), as shown in Figure 2.1a.
However, in many cases, fluids are not changing phase (or are mixtures changing phase) and the
temperature profiles are inclined, called a temperature glide. A combination of constant and inclined
temperature profiles is also possible. If that applies to both the source and sink, the inlet and
outlet temperatures of the waste and process fluid have to be taken into account. This is shown in
Figure 2.1b, where i signifies inlet and e the outlet (exit).

Figure 2.2 shows different possibilities for the temperature profiles of the process, waste and working
fluids. In all cases, there is a temperature difference between fluids in the heat exchangers. In the
source heat exchanger, the working fluid is colder than the waste fluid, such that heat can be
extracted from the latter. The temperature difference is ∆TC,x = TW,x − TC,x, where x indicates
any location along the heat exchanger ranging from i to e. In the sink heat exchanger, the working
fluid is hotter than the process fluid, such that heat can be supplied to the latter. The temperature
difference is ∆TH,x = TH,x − TP,x. This temperature difference is required to make heat transfer
possible. The smaller this difference is, the lower the heat transfer driving force and the larger the
heat exchanger needs to be [28]. A minimum temperature difference ∆Tmin is often set in the design
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(a) Constant temperature source and sink (b) Source and sink with fluid streams fluids

Figure 2.1: General energy flow diagram for any type of heat pump. The source and sink can either be at constant
temperature or exhibit temperature glides.

of heat pumps to define how close the temperature of the working fluid is allowed to get to that of
the waste and process fluids. The constraint is then for any x:

min (∆TC,x) > ∆Tmin min (∆TH,x) > ∆Tmin (2.1)

(a) No glides (b) Process and waste fluids have glides

(c) Working fluid has glides (d) All fluids have glides

Figure 2.2: Different temperature profiles for process and working fluids at the source and sink.

The temperature lift of the heat pump is defined as the difference between the thermodynamically
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averaged temperatures of the process and waste fluids:

∆T = TP − TW (2.2)

where TP & TW are the temperatures for which the entropy change is equivalent to the temperature
glide. They can be calculated with [28]:

TW =
TW,e − TW,i

ln
TW,e

TW,i

TP =
TP,e − TP,i

ln
TP,e

TP,i

. (2.3)

If there are no temperature glides like in Figure 2.2a and Figure 2.2c, then TW,i = TW,e = TW and
TP,i = TP,e = TP. In that case, Equation (2.3) does not apply, instead:

TW = TW TP = TP. (2.4)

Besides temperature lift, a widely used way to indicate the performance of a heat pump is the
Coefficient of Performance (CoP), which is the amount of heat delivered to the sink per unit of work
input necessary to accomplish this. It is calculated with [28]:

CoP =
Q̇H

Ẇ
. (2.5)

Since Q̇H = Q̇C + Ẇ and Q̇C is positive, the CoP of mechanical heat pumps is inherently larger
than 1. This implies that the heat pump can transfer more heat than the electrical energy that
it consumes. Therefore, a heat pump is always a more energy-efficient way of heating than direct
electric heating, which has a CoP of 1.

The theoretical maximum achievable CoP is that which corresponds to the ideal Lorenz cycle [28,
48, 3]:

CoPmax =
TH

TH − TC

. (2.6)

In case there are no temperature glides, this equation and the calculated maximum CoP become
equivalent to the Carnot CoP [3].

From these equations, it appears that the larger the average difference between the source and sink
temperatures of the working fluid, the smaller the CoP is. At the same time, the temperature
lift of the heat pump is the average difference between the process and waste temperatures. That
implies that the theoretical best heat pump performance is attained when the temperature differences
between the working fluid and the waste/process fluids in the source and sink heat exchangers are
kept to a minimum [28].

The degree to which the actual CoP reaches the maximum CoP is signified by the exergy efficiency,
which is calculated with [28]:

ηex =
CoP

CoPmax
. (2.7)

As already said, the working fluid can change phase in the source and/or sink heat exchangers. If
this happens on the source side, the working fluid would evaporate from a liquid into a vapour since
it has to take up heat from the waste fluid. The source heat exchanger is then called an evaporator.
It could however be that the working fluid does not change phase, but merely heats up. In vapour
compression heat pumps, however, this is rarely the case. Therefore, the source heat exchanger is
always called the evaporator, even if nothing is evaporating. Likewise, if the working fluid changes
phase on the sink side, it condenses from vapour to liquid since it has to give up heat to the process
fluid. The sink heat exchanger is then called a condenser. It is however also possible that the
working fluid just cools down as a vapour but does not change phase. Despite this, it will still be
called a condenser in this report for consistency.

If the working fluid changes phase in both the evaporator and the condenser, the heat pump cycle
is called a subcritical cycle. This is possible if the working fluid remains in subcritical states, i.e.
below the critical point. It is however also possible that the working fluid is at a subcritical state in
the evaporator, but is at a supercritical state in the condenser. The heat pump cycle is then called
transcritical. Lastly, the fluid may be at supercritical states in both the evaporator and condenser.
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The heat pump cycle is then called supercritical, also commonly referred to as gas cycle or reverse
Brayton cycle [35].

The mechanism by which most heat pumps work is to bring the working fluid from the level of
the evaporator to the level of the condenser by increasing its pressure level. In mechanical heat
pumps, this is achieved by mechanical compression. Ideally, this compression is executed without
heat loss to the environment, i.e. adiabatically. The first law of thermodynamics then dictates that
the internal energy of the fluid must increase. In other words, the temperature level increases with
the pressure level. To return the fluid to the lower pressure level after it has given up its heat to
the sink, it needs to be expanded again. By the same law, the temperature of the fluid decreases,
allowing it to take up heat from the source again [35].

The simplest heat pump cycle is the reversed Carnot cycle, which is shown in Figure 2.3. It works
by adiabatic & isentropic compression and expansion processes, for which a compressor and turbine
are used. The evaporation and condensation happen entirely at constant temperatures. Since all
processes are reversible, this cycle represents the ideal case. The reversed Carnot cycle is however

Figure 2.3: A reversed Carnot cycle, which is the ideal cycle with only reversible processes [35].

not realistic nor practical due to the following reasons [35]:

• The compression and expansion processes happen in the two-phase region, also called wet
compression/expansion. This implies liquid droplets in turbomachinery which are very sus-
ceptible to damage from small particles. Therefore, practical cycles are usually limited to dry
compression.

• Real turbomachinery does not have a perfect isentropic efficiency but induces an increase in
entropy during the process.

• The available work to be extracted by the turbine is usually small compared to the compression
work. Instead, an expansion valve is generally used, which simply throttles the flow. The
expansion process then becomes isenthalpic, implying unavoidable entropy production. Wet
expansion is however not an issue.

• Heat exchangers normally induce a pressure drop between the inlet and outlet, resulting in a
temperature glide. In this research, however, it is assumed that this effect can be neglected.

• No component is truly adiabatic, since perfect isolation is not possible. In this research,
however, it is assumed that the heat loss is negligible compared to the heat flow rates in heat
pumps.

A more realistic subcritical cycle is shown in Figure 2.4. This shows that the evaporator outlet is
slightly hotter than the saturation temperature (state 1). This superheat prevents liquid droplets
in the compressor. The divergence from the ideal isentropic compression process is described by the
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isentropic compressor efficiency, ηCP:

ηCP =
h2s − h1

h2 − h1
. (2.8)

The value of the isentropic efficiency depends on the type of compressor and the operating conditions.
The compressor outlet (state 2) is highly superheated, implying that vapour enters the condenser at
a temperature much larger than the saturation temperature. At the same time, the condenser outlet
temperature is slightly below the saturation temperature, thus it emits subcooled liquid (state 3).
Therefore, the temperature profile of the working fluid in the condenser is the line from state 2 to
state 3. Due to the angles in this profile, it is difficult to match it to a process fluid which does not
have this exact profile, without a very large TH. The process from state 3 to state 4 involves an
expansion valve with the associated increase in entropy.

Figure 2.4: An actual vapour compression cycle with dry compression from a superheated state. The divergence of
the compression process due to the isentropic efficiency is also shown. The condenser emits subcooled liquid [35].

The angular profile in the condenser becomes straighter if the fluid is in a supercritical state, like in
transcritical and supercritical cycles. Figure 2.5 shows a temperature-entropy (T-s) and pressure-
enthalpy (p-h) diagram of methanol with a subcritical, transcritical and supercritical cycle of a
vapour compression heat pump. The temperature profile in the condenser is from state 2 to state
3 in each case. As can be seen, the subcritical cycle has an angular profile, the transcritical cycle a
curvy profile and the supercritical cycle a near-straight profile. In the latter cycle, the evaporator
also has a temperature glide as the working fluid remains outside the two-phase region. Since wet
expansion is avoided, the implementation of a turbine is not as difficult. Moreover, the amount
of work that can be extracted from a turbine in supercritical cycles is not small compared to the
compressor work. Nevertheless, the achievable CoP of supercritical cycles is generally low since
relatively large pressures and volume flow rates are needed [35].

Using the first law of thermodynamics, the heat transfer rate and power of the components in a heat
pump can be related to the enthalpy differences over the components. Using the cycles of Figure 2.5,
this gives [35]:

Evaporator: Q̇C = ṁ (h1 − h4) (2.9)

Compressor: ẆCP = ṁ (h1 − h2) (2.10)

Condenser: Q̇H = ṁ (h3 − h2) (2.11)

Expanion valve: h1 = h2 (2.12)

This analysis assumed steady-state operation and neglected kinetic and potential energy. Since the
mass flow rate is constant, the CoP can then be expressed in terms of the enthalpy differences as
well. Using Equation (2.5):

CoP =
h3 − h2

h1 − h2
. (2.13)

Optimising the CoP therefore involves maximizing the specific enthalpy difference over the condenser
relative to the specific enthalpy difference over the compressor.
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Figure 2.5: A subcritical, transcritical and supercritical cycle of a vapour compression heat pump cycle using
methanol as working fluid. Properties evaluated with RefProp 9.0 [20].

A distinction can be made between fluids in terms of the shape of the vapour-liquid regions in
the T-s diagram. As can be seen in Figure 2.6, a fluid can be classified as wet, isentropic or dry.
The terminology originates from Rankine cycles theory and is determined based on whether a fluid
becomes wetter or dryer upon isentropic expansion from a saturated vapour. A wet fluid therefore
has a negative slope of the saturated vapour line in the T-s diagram. Water is an example but also
methanol, as can be seen in Figure 2.5. If the slope of the saturated vapour line is positive, the
fluid is said to be dry. Most organic fluids are dry. The degree of overhang generally has a positive
correlation with molecular weight and complexity. That is, the larger the molecular weight, the
dryer it becomes when it expands. Edge cases where the saturated vapour line is approximately
vertical (near-infinite slope) are called isentropic fluids. These remain approximately a saturated
vapour upon isentropic expansion [6]. Dry fluids are advantageous in Rankine cycles since they do

Figure 2.6: The T-s diagram of different fluids, showing the different shapes of the vapour liquid dome [6].

not need superheating to avoid liquid in the turbomachinery [15]. The opposite is however true in
heat pumps, where they become wet upon isentropic compression. The terminology of wet and dry
is unfortunate for heat pumps since the cycle and the effects are reversed. Therefore, from this point
in this report, the terms are reversed as well. Fluids like water are thus called dry and fluids like
n-pentane are called wet.

Wet compression can lead to severe damage to a centrifugal compressor due to erosion of the blades
[45, 22]. Despite that, wet compression can also be a way of improving the performance of a
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heat pump for dry fluids. It could improve the CoP and also prevent the compressor discharge
temperature from being excessively high since the temperature during compression is fixed to the
saturation temperature. On top of that, it keeps the specific work of the compression as low as
possible by maintaining a high gas density [22]. There exists an optimum compressor inlet quality
for which the heat pump is most efficient. This is usually around the quality which makes the
compressor outlet just saturated vapour [56]. For water, the CoP improvement could be significant,
for other dry fluids only marginal. For wet fluids, wet compression has a negative effect on CoP [22].

2.2 More advanced vapour compression heat pump cycles

By adding extra components, several advancements can be made to the standard cycle shown in
Figure 2.3 (though with an expansion valve instead of the turbine). These improvements can have
different purposes like increasing CoP, increasing temperature lift or decreasing compressor discharge
temperature. Improvements could also be added together to combine the benefits The elementary
improvements are discussed here, and are displayed with T-s and p-h diagrams of the cycle applied
to a dry fluid for subcritical conditions. For completeness, the standard cycle is shown in Figure 2.7.
This is referred to as a single-stage cycle, due to the single compressor. There are thus two pressure
levels in the system, that of the evaporator and that of the condenser.

Figure 2.7: Diagram of a single-stage vapour compression heat pump in its simplest form with the corresponding
cycle shown in property diagrams.

Internal superheating Looking at the T-s diagram Figure 2.7, it is noticed that the condenser
outlet (point 3) is a high-temperature and pressure liquid, which is throttled to a lower temperature
and pressure. The internal energy is used to evaporate part of the liquid. The evaporator inlet
is therefore two-phase vapour-liquid mixture. The amount of heat that can be taken up in the
evaporator from the waste fluid is smaller than if a saturated liquid enters the evaporator. To use
the energy in the condenser outlet more efficiently, an indirect-contact heat exchanger (where fluid
streams do not come into contact) can be used to heat the outlet of the evaporator (point 1), as
shown in Figure 2.8. This allows the compressor to receive superheated vapour (point 2). For wet
fluids, this superheating could be used to avoid wet compression. At the same time, the liquid from
the condenser is subcooled from point 4 to point 5 [28, 45].
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Figure 2.8: Diagram of vapour compression heat pump with an internal superheater with the corresponding cycle
shown in property diagrams.

By sizing the heat exchanger, the degree of superheating can be set. The maximum superheat
possible is the temperature difference between the evaporator and condenser outlet minus the mini-
mum allowed temperature difference. The amount of superheating needed to avoid wet compression
depends on the working fluid and process conditions but can vary from 0 to 35K [3]. For certain
working fluids, the CoP decreases compared to an un-superheated system. For others, there exists
an optimum degree of superheat [2].

Flash chamber A flash chamber is a compartment with a large volume which allows a two-phase
stream to settle and separate. Due to the large volume, the velocity of the stream is reduced and
droplets are not entrained anymore in the vapour. Due to the density difference, the droplets gather
in the bottom of the chamber while the vapour gathers in the top. A connection at the bottom can
therefore draw saturated liquid and a connection at the top can draw saturated vapour [35]. Such
a flash chamber ensures that components receive a single phase if required.

Ejector An ejector uses a high-pressure (motive) stream to entrain a low-pressure stream (suction),
resulting in an intermediate-pressure stream (discharge). Due to the different pressure levels in the
heat pump, (part of) the high-pressure stream can be used to increase the pressure of the low-
pressure stream. Thereby, the pressure ratio over the compressor and with that the compressor
work is reduced [16, 24]. This improves the CoP of the heat pump while the compressor can be
smaller. There are multiple ways in which an ejector can be applied in a heat pump. A simple
cycle with an ejector is displayed in Figure 2.9. Here, the condenser outlet is used as the motive
stream to entrain the evaporator outlet (suction stream). The discharge is a two-phase stream at
intermediate pressure. A flash chamber is used to separate the stream into saturated liquid and
saturated vapour. The vapour enters the compressor, while the liquid is expanded to the evaporator
pressure level with an expansion valve. This cycle was used in [52], [46], [16] (with addition internal
heat exchanger. The ejector thereby recovers some of the expansion energy that an expander could
have recovered. An ejector is however simple, cheap and available compared to an expander [28].
Despite that, according to Adamson et al. (2022), an ejector is very susceptible to small deviations
in operating conditions from the design point and therefore difficult to design.

Multistage expansion with parallel compression As could be seen in Figure 2.7, the expan-
sion over the valve resulted in a two-phase mixture (point 4). The vapour fraction of this mixture is
not needed in the evaporator since only the liquid needs to be evaporated. However, the vapour does
need to be compressed again from the pressure of the evaporator to that of the condenser. A way to
partly avoid this is by splitting the expansion into multiple stages. Figure 2.10 shows a setup where
two expansion valves are used and an intermediate two-phase state is created at point 4. A flash
chamber is used to separate the vapour from the liquid. The vapour enters a second compressor at
point 7 and is compressed back into the condenser. The pressure ratio is smaller than the pressure
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Figure 2.9: Diagram of a single-stage cycle with an ejector to increase the suction pressure before the compressor
[50].

ratio of the main compressor and thus the amount of compression work is lower [2] The saturated
liquid at point 5 is expanded to the evaporator pressure.

Figure 2.10: Diagram of a single-stage cycle with multistage expansion and parallel compression [50].

Mutlistage compression with intercooling It could be that the required temperature lift
requires a compression ratio which cannot be delivered by one compressor [2]. This is partly due to
compressors being unable to cope with very large pressure differentials. Another big issue is that
the fluid may reach compressor discharge temperatures that are too high for the equipment [31]. To
overcome these issues, the compression process can be divided into multiple separate compression
stages. The large discharge temperature issue can be addressed by intercooling the discharge from
one compressor before it enters the next compressor. It can also improve the CoP [2]. Intercooling
can be done in several ways. One way is to use an indirect-contact heat exchanger (ICHX) as shown
in Figure 2.11.
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Figure 2.11: Diagram of a dual-stage heat pump with intercooling using an indirect-contact heat exchanger.

After the condenser outlet is expanded over the expansion valve (point 6), it is colder than the
discharge from the first compressor (point 2). This temperature difference cools the compressor
discharge down before entering the second compressor (point 3) and preheats the two-phase mixture
at point 6 before entering the evaporator [59].

Another way of intercooling is shown in Figure 2.12. Here, the expansion is also dual-staged. After
the first expansion valve, the fluid enters a flash chamber at point 6. The saturated liquid enters
the second expansion valve (point 7) before going to the evaporator (point 8). The first compressor
discharges at point 2 into a direct-contact heat exchanger (DCHX), into which also the saturated
vapour enters at point 9. In a DCHX, two fluid streams come into contact, mix and exchange heat,
resulting in a single discharge. The pressures of the two streams need to be equal, dictating that
the saturated vapour is cooler than the compressor discharge. The fluid therefore enters the second
compressor (point 3) at a lower temperature than at point 2, as can also be seen in Figure 2.12. The
mass flow rates through both compressors are different [35].

Figure 2.12: Diagram of a dual-stage heat pump with intercooling using a direct-contact heat exchanger with
saturated vapour from a flash chamber.

The DCHX can also be combined with a flash chamber. In that way, the discharge of the first
compressor can be fully cooled down to saturated vapour by evaporating some of the liquid. This
reduces the mass flow rate through the first compressor and with that the required compression work,
increasing the CoP of the heat pump [28]. A setup of a dual-stage cycle with intercooling using a
DCHX combined with a flash chamber can be seen in Figure 2.13. Despite the increased CoP, it
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can also be a disadvantage to supply saturated vapour the the compressor since liquid entrainment
is risked. The intercooling of Figure 2.11 & Figure 2.12 can be designed to retain a small degree of
superheating to avoid this risk [45].

Figure 2.13: Diagram of a dual-stage heat pump with intercooling using a direct-contact heat exchanger combined
with flash chamber.

Cao et al. (2014) compared, amongst others, the multistage intercooling cycles of Figure 2.12 and
Figure 2.13 to the standard cycle of Figure 2.7. It appeared that the intercooling cycles were about
25% to 35% more efficient.

Mechanical Vapor Recompression heat pump In certain cases, it is possible to use waste
fluid directly in a heat pump [28]. This fluid is then directly compressed and condensed. After
the condenser, the liquid can still be used for additional superheating or intercooling before being
expanded to ambient conditions and discarded. A diagram of this process, which is called Mechanical
Vapor Recompression (MVR), is shown in Figure 2.14. The advantages are that a separate working

Figure 2.14: Diagram of a Mechanical Vapor Recompression heat pump.

fluid is not required, one heat exchanger can be saved and the efficiency can be larger because
the minimum temperature difference on the source side is no longer needed. It does however limit
the working conditions of the heat pump to those dictated by the source process medium, since it
became, in effect, the working fluid [28].

Cascaded heat pump In some cases, the desired temperature lift cannot be handled by a single
working fluid. It could be that the absolute pressure becomes too high on the sink side, or the
cycle becomes transcritical when this is not desired. A solution in these cases is to use a cascaded
heat pump, which consists of multiple heat pumps in series, where the condenser of the previous
heat pump cycle gives up heat to the evaporator of the next heat pump cycle. A diagram of this
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setup is shown in Figure 2.15. The upper and lower cycles are fully disconnected and can therefore

Figure 2.15: Process flow diagram of a cascaded heat pump.

have different working fluids. A disadvantage of this setup is that there needs to be a minimum
temperature difference in the closed heat exchanger, inherently reducing efficiency [28].

Up to now, only mechanical heat pumps have been considered. Instead of mechanical work, however,
heat pumps can also be driven by heat or chemical reactions. Moreover, combinations of these are
possible. As the focus of this research is on mechanical heat pumps, these alternative types are only
briefly discussed.

Thermal Vapor (Re)Compression heat pump Instead of using a compressor to achieve the
pressure rise, an ejector can be used. The evaporator outlet is then the suction stream. A high-
pressure motive fluid entrains the fluid from the evaporator and discharges it at higher pressure to
the condenser. The motive fluid can be obtained by heating a fluid under pressure in a boiler. Part
of the liquid from the condenser is pumped to be the fluid supply of the boiler. As such, the use
of an expensive mechanical compressor is avoided and it is thus called a thermal vapor compression
heat pump or an ejector heat pump. If a supply of pressurised vapour is already present at a plant,
it can be used as motive fluid instead. In that case, it would be a thermal vapour recompression
heat pump [28].

Compression Resorption Heat Pump Another method to use temperature glides is by using
a compression resorption heat pump. This works with the cycle of Figure 2.7 but uses a mixture
of different substances as the working fluid instead of a pure fluid. The mixture consists of two
substances A and B where A can be absorbed in B. The condenser now becomes the absorber. The
absorption process is exothermic and thereby releases heat, which makes the temperature drop. The
fluid now leaves the condenser as a saturated liquid solution and is then expanded to the lower
pressure level. Due to the internal heat, part of A is vaporised out of the solution. It then enters the
evaporator, which has now become a desorber. Heat is taken from the heat source to liberate the
remaining A as vapours while substance B remains a liquid. Now wet compression can be used to
increase the pressure level of the solution. Alternatively, the vapour and liquid can be separated and
routed to a compressor and pump respectively, which pump the substances to a higher pressure. This
is then called an Osenbrück cycle [28]. Due to the involvement of both absorption and compression,
it is sometimes also called a hybrid heat pump [2].

Absorption heat pump The absorption heat pump functions on the same principle as a com-
pression resorption heat pump, only here the mechanical compressor is replaced by a ’thermal
compressor’. In the evaporator, the fluid (mainly substance A) is vaporised. The vapours are sub-
sequently absorbed by a liquid substance B in the absorber. This is an exothermic reaction, so it
releases heat. The solution is now a liquid and can easily be pumped up to a higher pressure level
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by a pump using little energy. Subsequently, a high-temperature heat source liberates substance
A as vapours from the solution in the desorber. The vapors, now at the higher pressure level, are
condensed in the condenser where they give up their heat to the sink. The liquid remaining after
the condenser is routed back to the evaporator via an expansion valve. Most of substance B remains
in the desorber and is routed back to the absorber via another expansion valve [28].

The CoP of such a heat pump is usually low (often even lower than 1) and it is generally only used
in places where a high-temperature heat source is available as waste heat [54] [2].

2.3 Components of heat pumps

This section describes the individual components of the heat pump in more detail. This provides
insight into the different types of these components and their advantages. It also shows the limits
and constraints that each component poses and therefore helps in the component selection in the
modelling part of this project.

2.3.1 Heat exchangers

Heat exchangers make heat transfer between two fluids at different temperatures possible. They can
be direct-contact or indirect-coontact. In a direct-contact heat exchanger, two fluids are allowed to
mix and equalise at an intermediate temperature. In an indirect-contact heat exchanger, two fluid
streams always remain separated. The temperature difference between the fluids is the driving force
of heat transfer. Other important parameters in a closed heat exchanger are the surface area A and
the overall heat transfer coefficient U . The amount of heat transferred can then be calculated with:

Q = UA∆T. (2.14)

Smaller temperature differences will reduce irreversibilities (entropy production), however, increase
heat exchanger size for the same capacity [2].

The condensers and evaporators are usually of the closed type, as process medium and working fluid
should not be mixed. The most common closed type is the shell and tube heat exchanger consisting
of a tube bundle in a shell. One fluid stream passes through the tubes, while the other flows in the
shell around the tubes. Its construction is easy and well-established. The tube side fluid can have
very high pressures and they are easily cleaned [47]. A related type is the finned tube bundle, where
the tubes have fins to increase the surface area.

Another common closed type is the plate and frame heat exchanger, which consists of a large number
of thin plates spaced apart by a small distance. Every plate has one fluid on one side of the plate,
and the other fluid on the other side. They are compact and have high heat transfer efficiency.
They allow easy disassembly for maintenance like cleaning or resealing. Adjusting its heat transfer
capability is easily done by adding or removing plates. These are however not suited for very high
pressures [13].

A third common closed type is the plate-fin heat exchanger in which fluids flow in cross-flow on
either side of a plate, where the plate has fins attached.

Heat exchangers are usually made of materials that conduct heat well, like copper and steel. Care
has to be taken to prevent fouling, which is the accumulation of contaminants on the heat transfer
surfaces, reducing the amount of heat transfer [13].

2.3.2 Compression devices

The purpose of a compressor is to increase the pressure of a gas. Compressors can be classified as
positive displacement or dynamic. Positive displacement compressors draw gas into a chamber and
then reduce the volume of this chamber. At constant speed, they thus provide a constant volumetric
flow rate. The outlet opens when the required pressure has been reached. Dynamic compressors
on the other hand work by imparting the velocity to the gas and then slowing it down to turn
the velocity head into pressure. At constant speed, they provide constant pressure. Heat pumps
mainly use the positive displacement type compressor. Compressors can be further classified as
reciprocating or rotating. Reciprocating compressors are exclusively of the positive displacement
type while rotating compressors can be both dynamic and positive displacement. Compared to

15



reciprocating compressors, rotating types can be smaller, more efficient, more silent, less vibrant,
provide non-pulsating flow and are easy to control [13].

According to the International Energy Agency [21], four types of compressors are used in vapour
compression heat pumps: scroll, reciprocating piston, screw and centrifugal compressors. The first
three are positive displacement types.

Scroll compressor The scroll compressor consists of two meshing spiral scrolls of which one makes
a circular movement inside the other. It thereby progressively advances a chamber of gas towards
the discharge and is thus classified as a positive displacement type. They are of simple construction,
work reliably and entrained liquid droplets are not an issue [52]. Their use is however limited to low
pressures and small pressure ratios. Furthermore, they use oil for lubrication and sealing. They are
mainly used in smaller heat pumps up to about 100 kW [14].

Reciprocating compressor The reciprocating piston compressor consists of a piston-cylinder
assembly. Discharge and admission valves are needed to control the flow of gas. As positive-
displacement machines, the piston moves up and down, thereby forcing gas through the discharge.
They are suitable for higher pressures and they hold their efficiency for increasing pressure ratios
relatively well, yet their suction and discharge valves cause them to have a lower efficiency compared
to other compressors [13]. Also, they inevitably have some clearance volume which lowers their
efficiency [14]. Furthermore, they have a complex structure and multiple moving parts that lead to
higher maintenance costs and they require oil for lubrication. Entrained liquid droplets are however
no issue. They are used up to about 500 kW of heating power [21].

Alternative to a solid piston, a liquid piston can be used. In that case, a compression chamber
is filled with liquid from a pump. The liquid gathers in the bottom of the chamber and forms a
rising liquid column with a gas-liquid surface. This method makes the usage of oil superfluous as
lubrication is not necessary and sealing is taken over by the liquid [30, 57].

Screw compressors Screw compressors consist of one or two rotating screw(s) which trap a pocket
of fluid and progressively force it to the discharge. They are therefore of the positive-displacement
type. They can achieve moderate pressure ratios but low volume flow rates. Entrained liquid droplets
are not an issue [14, 19]. Oil is not needed for lubrication, however, it is often employed as a seal
between the screw and the housing, and between both screws in the case of a twin screw. Operation
without oil is possible but leads to low volumetric efficiencies [14].

Centrifugal compressors Centrifugal compressors, also called turbo compressors, consist of fast-
spinning blades that impart velocity to the gas, which is subsequently turned into pressure. They
are therefore of the dynamic type. Due to the fast-spinning blades, they are susceptible to liquid
droplets [22]. They can provide a high volume flow rate for compact design and are therefore often
used with water vapour compression systems, compensating for the low vapour density [3]. They
can however only provide a low pressure ratio for a single stage. They are used above 2MW up to
about 5MW with oil-free variants available from 250 kW [21].

The compression process would ideally be done adiabatically and reversibly so that it is an isentropic
process. Any real compressor, however, has an isentropic efficiency less than 100% [35]. Another
deviation from the ideal process is signified by the volumetric efficiency, which accounts for leakage.
If the compressor increases the pressure from p1 to p2, pressure ratio is:

rcom =
p2
p1

. (2.15)

According to Kiss and Ferreira (2017), with multistage compression, the optimal pressure levels are
those which result in the same pressure ratio in each compressor. The isentropic efficiency depends
on the operating conditions, mainly the pressure ratio, as can be seen in Figure 2.16. The maximum
isentropic efficiency of about 70% is reached for pressure ratios of about 3 to 4 for each compression.
The piston compressor retains this efficiency for higher pressure ratios.

Figure 2.17 shows operating regions for screw and centrifugal compressors. As can be seen, the
screw compressor is suitable for pressure ratios up to about 9, but has a lower flow rate capacity
compared to the centrifugal compressor. The latter is therefore suited for fluids with small densities
but it can only achieve a pressure ratio of about 2.5. Reciprocating compressors are more suited for
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Figure 2.16: The influence of the pressure ratio on multiple compressor types’ isentropic and volumetric efficiencies.
The grey line belongs to scroll compressors, the black line to screw compressors and the dashed line to piston com-
pressors [28].

large pressure ratios and large density fluids [35]. According to Adamson et al., (2022) a pressure
ratio of about 8 is the current commercial maximum.

Figure 2.17: The operating regions of centrifugal and screw compressors in terms of pressure ratio and volume flow
rate [19].

Lubrication oils Many compressors require oil for their operation to provide lubrication and/or
sealing. The type of lubrication oil is usually dictated by the choice of the working fluid. The
oil needs to be compatible in terms of viscosity and thermal stability at high temperatures, which
includes coking [3, 21]. When compressing a dry fluid, the discharge temperature however quickly
becomes too large for most types of oils. At high temperatures, oil decomposes leading to damage to
the compressor. According to Kiss and Ferreira (2017), most oils chemically change at temperatures
between 160 ◦C & 200 ◦C and contaminate the working fluid. Working fluids might then decompose
at high temperatures and material properties could change leading to failure susceptibility.

The practical limit was stated to be 130 ◦C to 150 ◦C. A maximum temperature limit of 180 ◦C
was set by [37] to avoid thermal degradation of the lubricant. A slightly more conservative limit
of 150 ◦C was set by [3]. These temperatures practically exclude the use of oil in HTHPs for the
temperature ranges considered in this project. Another disadvantage of oil is that it vaporises and
travels with the working fluid to the heat exchangers where it will cause fouling [56].

2.3.3 Expansion devices

Expansion devices reduce the pressure of the incoming flow of liquid or gas. This is either done
by posing a resistance to the flow or by extracting work from it. Expanders can extract work from
the flow, which can supplement the compressor for a higher efficiency. Expanders usually are of
the centrifugal or screw type. The same drawbacks however apply here in terms of lubrication as
was the case with compressors. Apart from that, the expansion device usually receives a saturated
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or subcooled liquid flow from the condenser. The exergy of such a liquid flow is relatively low
and therefore the energy that an expander would be able to recuperate is significantly lower than
the energy it costs to drive the compressor, rendering the expander uneconomical. Furthermore,
expansion usually takes place in the two-phase region, which complicates the design. Nevertheless,
two-phase expanders have been receiving more attention and have started to show some potential
[28].

Most often, simple expansion valves are used. They purely waste energy as heat, but do this by
simply throttling the flow [45]. The generated heat will go into evaporating part of the fluid. The
expansion valve is often an active device which can adjust its resistance to the flow, thereby taking
part in control and accounting for load variations, maintaining the correct pressure ratio in this way
[13].

2.4 Working fluids

The choice of working fluid has a strong influence on the heat pump performance, due to their
different thermodynamic properties. This leads to differences in efficiency and capacity. Further-
more, their thermal suitability, environmental compatibility and safety are important factors in their
selection. The main selection criteria are further elaborated here.

Thermal suitability The most important requirement is that it has to comply with the source
and sink temperatures, TC and TH respectively, in a desirable way. This means that the temperature
difference between the waste/process fluids and the working fluid should be as close to the minimum
temperature difference as possible over the whole length of the heat exchanger. When both waste
and process fluids have no glides, a subcritical cycle gives the best fit. When the process fluid has a
glide but the waste fluid does not, a transcritical cycle could result in the best fit. If both source and
sink have glides, then both a supercritical cycle or a subcritical cycle with a mixture as a working
fluid can suit these glides. The properties of the fluid determine what pressure levels are required
for these types of cycles. The pressure levels and the pressure ratio between the two pressure levels
should be small to avoid costly compressor systems. At the same time, the smallest pressures in
the system should ideally be above atmospheric pressure to prevent the infiltration of air or the
application of advanced sealing methods [2]. Furthermore, a small adiabatic index is favourable
such that compressor discharge temperatures remain limited [24].

Efficiency The efficiency of a working fluid is described by the coefficient of performance (CoP) of
the heat pump. This value indicates how much heat energy can be delivered to the sink per unit of
necessary compression power (Equation (2.5)). For subcritical cycles, the latent heat of vaporization
at the operating pressures should ideally be large (thus not too close to the critical point) to have
a high CoP [61].

Capacity As working fluids have different densities, the capacity of the heat pump in which they
are used can differ widely. This property is indicated by the volumetric heating capacity (VHC),
which describes the amount of heat energy that can be delivered to the sink per unit of volume of
working fluid. It therefore serves as a compressor size indication and a higher VHC means a smaller
compressor. The VHC is therefore not so much a technical limitation, but rather an economic one.
It is defined as the amount of heat supplied to the sink per unit of volumetric flow rate before the
compressor [3]:

VHC =
Q̇H

V̇CP,i

. (2.16)

In common applications of heat pumps, the VHC is in the range of 3-6MJ. A lower threshold of
about 1MJ defines the practical limit [3].

Environmental compatibility Properties that characterise the environmental impact that work-
ing fluids have are important considerations in selecting a working fluid. The most important are
the global warming potential and ozone-depletion potential. The global warming potential (GWP)
quantifies the impact of the working fluid on global warming compared to CO2. According to [3]
a threshold value of a maximum GWP of 10 should be considered. The ozone depletion potential
(ODP) quantifies the degree of ozone layer destruction the working fluid has compared to Trichlo-
rofluoromethane, also known as R-11. The ODP should be 0 for all cases.
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Safety Working fluids can also be compared based on several safety-related factors, such as
flammability, explosivity, irritation, health hazards and acute toxicity. These come into effect in
cases where the fluid leaves the heat pump in some way, which can be either by a leak of the system
or when purposely opening the system for maintenance purposes. The American Society of Heating,
Refrigerating and Air-Conditioning Engineers has derived a standard for the classification of the
flammability and toxicity of working fluids. This can be seen in Figure 2.18 [4].

Figure 2.18: Safety class allocation indicating the flammability and toxicity of substances used in heat pumps [4].

Availability The working fluid should ideally be cheap and already available on the market.

Other factors Other factors that make working fluids good contestants are solubility in oil (tak-
ing compressor lubrication oil into account) and thermal stability of the working fluid-oil mixture.
Since oil is however largely inapplicable to HTHPs, these subjects are not relevant. Instead, good
lubrication properties of its own and material compatibility with metals used in the components are
desirable [3].

Working fluids can be any suitable natural or synthetic substance or mixture. Many of them are
organic compounds, consisting of simple or halogenated hydrocarbons. They can be naturally oc-
curring, like H2O or CO2 or synthesised in a chemical factory. Furthermore, inorganic compounds
are also used like NH4 (ammonia). Most working fluids however consist of different combinations of
carbon, hydrogen, fluorine and chlorine atoms. Depending on what atoms are present in a certain
substance, different classes of fluids can be categorized. These are for example chlorofluorocarbons
(CFCs, consisting of chlorine, fluorine and carbon atoms), hydrofluorocarbons (HFCs, consisting of
hydrogen, fluorine and carbon atoms) and hydrochlorofluorocarbons (HCFCs). It was found that
the chlorine atom catalyses the depletion of the earth’s ozone layer. To counteract this, the use
of CFCs is fully banned while HCFCs are being phased out [24]. The replacement for these are
chlorine-free hydrocarbons like HFCs, which have zero ozone depletion. However, many fluorinated
hydrocarbons have a large impact on global warming. Therefore, increased research in the use
of simple hydrocarbons, hydrofluoroolefins (HFOs) and hydrochlorofluoroolefins (HCFOs) is being
done with the prospect of HFCs also being banned [3].

Simple hydrocarbons (HCs) are suitable working fluids because of their good thermodynamic per-
formance and lower environmental impact. The larger the number of atoms in HCs, the higher
the boiling point. Octane is the smallest HC for which the boiling point is larger than water.
They are therefore also suited for high-temperature applications. A drawback is however the high
flammability, making certain large-scale applications impossible [24].

Natural substances should be ideal working fluids as their existence in nature implies that they are
low on environmental hazards. Water is a competitive working fluid for applications with tempera-
tures above 150 ◦C. It has a very large latent heat leading to high efficiencies. Due to its thermody-
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namic properties, it can also work with relatively low pressures. However, water inherently has high
compression ratios and a large adiabatic index, meaning that compressor outlet temperatures can
get very high. The small vapor density moreover requires very large compressors [24]. Ammonia is
another natural substance that has good properties to be used as a working fluid. It has zero GWP
and zero ODP, yet it is classified as highly toxic. It has a high VHC so compressors can be small.
The sink temperature using Ammonia is however inherently limited to about 110 ◦C due to the high
pressures necessary [24]. Another popular natural working fluid is CO2. It has zero ODP, a GWP
of 1 and is not toxic. Due to the high vapour density, heat pump systems can be very small in size.
It does however require large pressures to reach useful temperatures. Due to the small system size,
larger pressures are handled more easily, yet the maximum temperature is limited to about 90 ◦C
[24].
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Chapter 3

HTHP State-of-the-Art &
Potential

This section takes a look at the current industrial practices regarding HTHPs. First, Section 3.1
lists some industries which use heat pumps together with an overview of the types of cycles and
CoP used. Then, Section 3.2 identifies the potential that currently exists for heat pumps to deliver
heat at higher temperatures. The limits that prevented heat pumps from achieving this potential
are listed in Section 3.3. Finally, in Section 3.4 some suggestions were identified that could obviate
these limits.

3.1 Current industrial applications of HTHPs

Currently, heat pumps which have sink temperatures of about 90 ◦C are on the market [16]. Commer-
cial products are rare above this temperature, with only demonstration products for temperatures
up to about 160 ◦C. For the higher temperatures of 160-200 ◦C, a limited number of simulations
studies and experimental setups exist [33].

A major application area for high-temperature heat pumps is distillation. Distillation is the most
used technique to separate substances and accounts for more than 40% of the total energy con-
sumption of chemical plants. A heat pump is often used to upgrade heat from the condenser of a
distillation column so that it can be used to heat the reboiler of the same column [28].

Another large application field is drying. Many products in the food, paper and chemical industry
need to be dried at some point in their production. This drying is usually accomplished by using
steam or another gas to heat dry air which is then blown over the product. It entrains moisture from
the product and therefore the humidity increases. Heat is used to evaporate the water and therefore
the discharged humid air has a lower temperature. A heat pump utilises the waste heat contained
in this humid air and upgrades it to heat the dry air. Simultaneously, the air is dehumidified so that
it can be used as the dry air input [28].

In general, many industries need steam at temperatures of 100-200 ◦C. The common way of produc-
ing this steam is in a boiler fired by fossil fuels. Heat pumps exist which use some industrial waste
heat and upgrade it for use as the heat source in the boiler [29].

Jiang et al. (2022) performed a study on what types of HTHPs have been applied in industry.
They identified the type of system, type of working fluid CoP, type of compressor, source and sink
temperatures and heating capacity. An overview of the results can be seen in Figure 3.1. As seen
from Figure 3.1a, the largest sink temperatures encountered are about 150 ◦C, with CoPs of 2 to 3.
In Figure 3.1b, it can be seen that the largest exergy efficiency reached is about 60%. Furthermore,
most heat pumps are developed for temperature lifts below 70 ◦C with the largest lifts achieved by
cascaded cycles. Apart from that, no decisive distinctions could be made between the performances
of different cycle configurations. These heat pumps are used in the food, dyeing, medicine & chemical
industries and various drying processes.

In another study by Hamid et al. [16], 12 cases of experimental heat pumps (both real setups
and simulations) were identified that have sink temperatures above 120 ◦C. One of them reaches
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(a) (b)

Figure 3.1: CoP of different HTHPs against the sink temperature and the temperature lift. In the left figure, also
the temperature lift is indicated. The colour coding is as follows: Single-stage (red), Single stage with improvement
(blue), Dual-stage (green), Cascade (orange), Parallel (magenta), Ejector (black) [24].

sink temperatures of 120-200 ◦C [60] while another goes up to 170-240 ◦C [23]. Both of these are
simulations of a hybrid heat pump, i.e. a compression-resorption cycle.

A study by Arpagus et al. [3] investigated current commercial installations for high-temperature
heat pumps and listed the results in the table shown in Figure 3.2.
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Figure 3.2: Commercially available high-temperature heat pumps, indicated with their source and sink temperatures,
CoP and system setup [3].

3.2 Potential for HTHPs in industry

To determine the potential of heat pumps in high-temperature applications, a review of current
industrial processes and waste heat streams is necessary. These determine the feasibility of a heat
pump in terms of the temperatures, heat loads and CoP values. The lack of development of heat
pumps for temperatures >160 ◦C is likely due to limited knowledge of potential applications [33].
Finding potential involves finding a process which needs heat at technically feasible temperatures.
At the same time, a source of waste heat should be available which has temperature levels that
allow efficient heat pump performance. The amount of heat available from waste fluid, augmented
with the supplied compression energy, should be sufficient to supply the process heat demand. The
process heat demand and waste heat supply should also be available simultaneously. Otherwise, a
thermal buffer might be needed. Furthermore, the source and sink should both be at the same site,
as long-distance heat transport is considered out of the scope of this research.

One consideration in the evaluation of the potential is that many plants have optimised their heat
transfer network already with a pinch point analysis [12]. In these cases, many waste heat streams
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are utilised already to provide process heat, leaving only a ’cold utility’ and a ’hot utility’. The cold
and hot utility is the extra amount of required cooling and heating respectively. A heat pump could
be implemented between these two utilities. Depending on the amount of heating/cooling, the heat
pump will be limited either by the cold utility or by the hot utility. If it is limited by the cold utility,
extra heating by an external source is required at the hot utility. Equivalently, if the heat pump is
limited by the hot utility, extra cooling by an external sink is required at the cold utility [28].

Another consideration is that many processes require very high temperatures over 400 ◦C, usually
reached by a combustion process or by an electric arc furnace [29]. These temperatures are out
of the scope of this research but heat pumps can still be beneficial in these cases by functioning
as a preheater. The process fluid would then be preheated to a temperature efficiently achievable
with a heat pump before its temperature is further increased by a combustion process or electric arc
furnace. A heat pump is only useful if there is not already a waste heat source available to supply
this heat. Preheating is however often already implemented in a heat transfer network.

These considerations open up a whole range of possibilities for HTHPs. It signifies that the optimal
heat pump solution would be very site-specific. Information about energy flows and temperature
levels at a specific site however remains mostly undisclosed. Nevertheless, the industrial sectors are
analysed in search of heat pump potential. The first analysis is based on overall waste heat and
process heat energy levels per industry and temperature range. Afterwards, an analysis is performed
based on specific processes with their associated process and waste heat fluids.

3.2.1 Based on temperature and energy levels

In a study by McKenna & Norman (2010), the United Kingdom’s energy-intensive industries were
examined to identify the heat demands and waste heat sources between 2000 and 2004. This has been
categorised into separate industry sectors and separate temperature bands. The industry sectors
are aluminium, cement, ceramics, chemicals, food & drink, glass, gypsum, iron & steel, lime, pulp &
paper, aero/auto and other industries. For the heat demands, the temperature bands are: <100 ◦C,
100-500 ◦C, 500-1000 ◦C, 1000-1500 ◦C and >1500 ◦C. The heat demand can be seen in Figure 3.3.
The process heat demand in the 100-500 ◦C temperature range is approximately 13% of the entire

Figure 3.3: UK heat demand in the period 2000-2004 [17].

industrial heat demand in the UK. This heat is mostly divided between the pulp & paper, food &
drink, gypsum, chemicals and aero/auto industries.

The waste heat sources were determined by analysing processes for their energy use, exhaust fractions
(part of the input energy that is exhausted) and exhaust temperatures. This analysis gave estimates
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of the amount of waste heat available and the corresponding temperatures. The results of these are
shown in Figure 3.4. These values are the average values of a range between a high estimate and
a low estimate. Most of this waste heat is situated in the 100-200 ◦C temperature range. Matches

Figure 3.4: UK waste heat in the period 2000-2004 [17].

to the process heat demand can be made within the chemicals, food & drink, pulp & paper and
aero/auto industries. However, the amount of waste heat is much smaller than the amount of heat
consumed.

Continuing on the work of McKenna & Norman (2010), Hammond and Norman (2014) worked out
the amount of waste heat that is technically feasible to recover based on the current heat recovery
techniques. He considered: on-site heat recovery using heat exchangers, heat pumps, heat-to-chilling
by using thermal heat pumps that utilize a heat source to achieve refrigeration, heat-to-electricity
conversion and heat transportation by a heat network. He out-ruled any potential for heat pumps if
the heat sink temperatures would be above 100 ◦C. This led to negligible potential for heat pumps,
as there is comparatively little waste heat at temperatures below 100 ◦C to be used as a source.

The technologies that give the largest potential for heat recovery are on-site heat recovery and
heat-to-electricity. On-site heat recovery can recover a significant part of the waste heat for the
<100 ◦C demand. This is due to the largest part of the waste heat being situated in the 100-200 ◦C
range. Heat at these temperatures can easily be recovered with heat exchangers for practically any
process. For the demand in the range of 100-500 ◦C however, on-site heat recovery shows practically
no potential. Only demand in the range of 500-1000 ◦C can again be supplied by recovered heat in
heat exchangers. This means that there is a gap in waste heat recovery for the mid-range demand
temperatures. A heat pump that can deliver heat at these temperatures might fill that gap. The
waste heat that could be used for these heat pumps can be the waste heat currently allocated
to heat-to-electricity potential. However, heat-to-electricity only becomes competitive for larger
temperatures [17]. Heat pumps provide a significantly more efficient way to recover energy than
heat-to-electricity when looking at the energy balance. Therefore, the potential exists that heat
pumps will be the preferred solution.

If we assume that the 100-500 ◦C heat demand range can be reached by a heat pump, it becomes
possible to utilize the 100-200 ◦C waste heat range, if the industries match. This is the case for the
chemicals industry, the food and drink industry, the aero/auto industries and other industries. The
iron & steel sector shows significant waste heat in the 200-300 ◦C range, however, their heat demand
does not fall in the 100-500 ◦C.

In a study by Papapetrou et al. (2018), the heat consumption per industrial sector in the European
Union was investigated. It used the results of Hammond & Norman (2014) for the 2000-2004 UK
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industry and extrapolated these to EU energy levels in 2015. The results are shown in Figure 3.5a.
In a follow-up study by Kosmadakis [29], these results were further broken down into more detailed
temperature ranges, which are shown in Figure 3.5b. These results show that especially in the
chemical industry, a large heat demand exists for the temperature range of 200-500 ◦C. This is
followed by the paper industry, machinery and transport equipment.

(a) EU heat consumption in 2015 per industry [10].

(b) Fractions of heat consumption per industry and per temperature range [29].

Figure 3.5: Total annual heat consumed in the European Union per industrial sector and per temperature range
[39, 29].

Composing possible heat pump applications from this data is very hard to impossible, as it does not
describe site-specific details concerning the arrangement of processes. It can only be used to derive
an insight into relative heat pump necessity.

3.2.2 Based on specific processes

In a study carried out by Marina et al. (2021), a large data set was established to identify potential
heat pump applications in the European Union. It lists different kinds of industrial processes with
their required temperatures and heat demand, as well as accompanying waste heat streams with their
respective temperatures and total heat content. On top of that, the process media are mentioned.
The industrial sectors included are the paper, chemical, refinery and food industries. The processes
which have a sink temperature above 200 ◦C are extracted and shown in Table 3.1. For the chemical
industry, most chemicals are made with temperatures <200 ◦C. The oxy-alcohols lie only marginally
outside this bound. The production of Phthalic anhydride requires temperatures of 220-240 ◦C,
which is achieved using hot oil. This process produces waste heat streams of condensate at 200 ◦C.
Moreover, the quantities of sink heat demand and source heat supply are comparable. This process
is therefore promoted as a possible HTHP application [33]. The refinery industry has more processes
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that are >200 ◦C. As can be seen, most processes currently use fuel-firing to achieve the required
temperatures. The temperature lift can however not be too large as the CoP will become too low.
In this regard, the refinery processes of catalytic cracking and hydrocracking seem to be the most
promising potential for HTHP integration.

Process data Process heat Waste heat

Industry Process Q̇H [TJ/a] TH [◦C] Medium Q̇C [TJ/a] TC [
◦C] Medium

Chemical Oxy-alcohols 570 203 Steam 248 126-125 Condensate

Chemical Phthalic anhydride 2508 220-240 Hot oil 2675 201-200 Condensate

2675 220-240 Hot oil 2842 201-200 Condensate

Chemical Propyleenglycol 1127 203 Steam 1288 127-40 Hot oil

Refinery Catalytic cracking 14489 210-217 Waste heat 24086 123-82 Condensate

Refinery Catalytic reforming 22136 210-216 Fuel 12678 136-45 Air

Refinery Crude distillation 160992 250-350 Fuel 80496 130-32 Air

Refinery Hydrocracking
21672 330-345 Fuel 9288 210-170 -

13622 290-340 Fuel 12384 70-32 Air

Refinery Hydrotreating 63809 310-330 Fuel 14180 140-30 Air

Refinery Thermal cracking
37926 336-473 Fuel 19722 124-36 Air

4551 240-270 Heat recovery 1517 74-36 Condensate

Refinery Vacuum distillation 108670 225-400 Fuel 25078 100-44 Condensate

Table 3.1: Industrial processes in the European Union showing the amount of heat, corresponding temperatures
and the medium which contains this heat for both the process itself and the accompanying waste stream. From the
original data, only the process with sink temperatures above 200 ◦C are selected [33].

3.3 Limitations to higher temperatures

Developing heat pumps for higher temperatures leads to increasing difficulties. These have pre-
vented attempts to achieve temperatures sink temperatures above 200 ◦C. The limitations have
been identified:

1. High compressor discharge temperatures that significantly overshoot the sink temperature
level. This leads to material and sealing issues [7, 16].

2. High pressures required with conventional working fluids to reach the required sink temperature
level [7]. It depends on the VHC whether pressure levels are problematic. If the VHC is low,
the components can be small and high pressure can be handled more easily. CO2 has a low
VHC and systems can work with pressures reaching 150 ◦C. Water on the other hand has
a high VHC and the size of the components limits the feasible operating pressure to around
25 bar [16, 3]. With transcritical cycles, one can implement superheating before compression
to achieve the required sink temperature levels without needing very high pressures [16].

3. Generally, large temperature lifts are necessary for HTHP applications. This limits the effi-
ciency of the system and the corresponding compression ratio may be too large for current
compressor technology. Moreover, large overall compression ratios increase subsequent expan-
sion losses [2].

4. Lubrication oil of the compressor, which degrades at higher temperatures. This first leads
to decreased lubricity, oil tightness and eventually to chemical decomposition and coking [3].
Furthermore, the oil should be miscible with the refrigerant [2]. For temperatures above about
150 ◦C, oil becomes problematic to use [3].

5. Difficulty in finding suitable working fluids. Due to the long list of criteria for working fluids,
compromises inevitably need to be made. This is in conjunction with the desired operating
pressures, efficiency and equipment cost [2].

6. Lacking knowledge of market potential which prevents investments in HTHP technology for
further development [3].
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7. Large investment costs are necessary compared to acquiring heat from fossil fuels or direct
electric heating [3].

3.4 Possible solutions to achieve higher temperatures

Several options to alleviate the limitations of Section 3.3 exist. Even though some are overlapping,
possible solutions could be defined for each limitation:

1. Intercooling is an option to decrease the discharge temperature, while it could also improve
efficiency. Despite that, it usually implies increased cost and complexity to the system [2].
Alternatively, liquid injection in the compressor is possible to cool the gas during compression
[32, 24].

2. To decrease the required pressure level, working fluids can be selected with favourable thermo-
dynamic properties. For subcritical cycles, a high critical temperature combined with a low
critical pressure allows for high-temperature operation with low pressures. When high pressure
levels are necessary, selecting a working fluid with a low VHC can allow small component sizes
and therefore more ease with handling the high pressures. Moreover, a type of compressor can
be selected that is especially capable of working with higher pressures.

3. To increase the efficiency of the system, advanced cycles like parallel compression and/or multi-
staging with intercooling can be used. Multistaging could also solve the issue of compression
ratios being too large, yet possibly at the expense of efficiency, simplicity and costs. Apart
from that, a compressor type can be selected with the largest possible isentropic efficiency.
The choice of working fluid also influences the efficiency that can be reached for a certain
temperature lift. Matching the working fluid temperature glides to that of the waste and
process fluids is important to minimise irreversibilities. Matching inclined temperature glides
can be achieved with trans- or supercritical systems, or with a zeotropic mixture of substances
[24]. Another improvement is to use an expander in the place of the expansion valve, thereby
recovering some of the energy in the return flow. Furthermore, the minimum temperature
difference in the heat exchangers can be decreased, which improves efficiency but also increases
heat exchanger size [32, 2].

4. One obvious solution is to find lubricants that fulfil the requirements of HTHPs. Another
solution is to use oil-free compressors. These are however usually compromised on isentropic
efficiency [2].

5. Comparing the available working fluids against each other for different types of system setups
is an option to find good matches. Another option is to perform research into substances that
have not yet been thermodynamically characterised.

6. Pursue market research projects to increase the incentive for technology development.

7. Perform a techno-economic evaluation to take equipment and maintenance costs into account
to arrive at the most cost-effective product. This is however subject to constantly changing
industry dynamics and policies. In the end, new technologies are usually more expensive than
existing ones. To prevent limitations on innovation, the economic side of heat pumps has been
mostly left out of the scope of the report.
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Chapter 4

HP model: Design & Modelling
Methodology

Answering the research questions involves finding solutions to the limitation posed in Section 3.3.
For that purpose, a heat pump model is necessary which can simulate different working fluids for
multiple cycle configurations in the temperature ranges of interest. Therefore, a modular heat pump
model was developed which had the flexibility to simulate practically any type of heat pump. This
section describes how these models were developed and what considerations and assumptions have
been taken in the process. First, the fundamental structure is discussed Section 4.1 explaining which
steps the model takes in which succession. Then, in Section 4.2 the inputs that the model takes
are discussed together with how these lead to the initial conditions. In Section 4.3, the modelling
of individual components is discussed and the corresponding equations are derived. The equations
used to calculate the mass, heat and work flow rates are given in Section 4.4. Then in Section 4.5, it
is discussed how the performance of the heat pump model is indicated and how these performance
indicators are calculated. The components of a heat pump can be configured in different ways and
the ones used in this research are discussed in Section 4.6. Lastly, in Section 4.7 it is shown how
this model was integrated into a heat pump design tool that allows one to choose a process stream
& a waste stream and fully configure a heat pump that optimally conforms to these streams.

4.1 Structure of the model

The structure of the model is shown in the process flow diagram of Figure 4.1. The model is designed
to simulate a heat pump under steady-state conditions from a set of inputs defining the heat pump.
The underlying working principle is that the inlet conditions of a component are used to calculate the
outlet conditions. These outlet conditions then form the inlet conditions of the next component in
the cycle. These conditions are the state properties temperature, pressure, specific enthalpy, specific
entropy, specific flow exergy and relative mass flow rate. The relative mass flow rate is defined as
the mass flow rate per unit of mass flow rate that flows through the evaporator.

Calculate initial conditions The initial conditions are calculated from the inputs. These inputs
define the operating point of the heat pump, the working fluid, the setup and sequence of the
components and the parameters of the components. These allow the model to calculate the outlet
conditions of the evaporator and the condenser. Furthermore, the pressure levels for the entire heat
pump are calculated. These are then fed to the model. The declaration of the inputs and the way
these initial conditions are calculated is further explained in Section 4.2.

Next component in the sequence The model checks the component sequence to find out what
the next component in the cycle is. If this component is the first in the sequence, the initial conditions
are passed on as inlet conditions of this component. If this component is not the first, then the outlet
conditions of the previous component are passed on as inlet conditions to this component. The first
component is always the next component after the evaporator.
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Figure 4.1: The process flow diagram of the heat pump model.

Calculate outlet conditions of this component The inlet conditions are used to calculate the
outlet conditions of this component. The way the outlet conditions are calculated depends on the
component and is explained in Section 4.3.

Was this the last component in the sequence? The model checks the component sequence
to find out if the last component in the cycle has been calculated. If this is not the case, the
outlet conditions of the previous component are sent back to the next component block. If the last
component in the cycle has been calculated, the results are passed on to the energy and mass flow
rate calculation block

Calculate associated energy and mass flow rates The results of the calculation are used
together with the inputs to calculate the mass flow rates at each point in the cycle. These are then
used to calculate for each component: the heat transfer rate, the power, the entropy production and
the exergy destruction. The way these are calculated is explained in Section 4.4.

Calculate performance indicators The calculated energies can be used to calculate the pa-
rameters that define the efficiency and capacity of the heat pump. These are the Coefficient of
Performance (CoP), the Volumetric Heat Capacity (VHC) and the exergy efficiency (ηex). The way
these are calculated is explained in Section 4.5.

The models are made in MatLab and the fluid properties are evaluated using REFPROP [20]. The
working fluids that were used are listed in Chapter A together with some important characteristics.
The fluids are referred to by the names in this list, which can be either a formula like C3CC6,
an abbreviation like DMC or a shorter name like cyclohex. The equations of state that were used
depend on the specific working fluid that was chosen. In each case, the default setting has been
used.

4.2 Inputs and initial conditions

This section defines the inputs that the model uses and how these are used to calculate the initial
conditions.
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4.2.1 Definition of inputs

The following inputs can be supplied to the model:

1. Sequence: Different components can be arranged in various orders to make different config-
urations. The sequence defines the order in which the working fluid passes the components,
starting from the first component after the evaporator. The sequence thereby also defines the
configuration of the heat pump. All configurations contain one evaporator and one condenser,
which are modelled as indirect-contact heat exchangers. Other components, which are shown
in Section 4.3, can be added by inserting them in the sequence. The cycles used for the results
are shown with their sequence in Section 4.6.

2. Fluid: The fluid input defines which fluid is to be used as the working fluid.

3. Evaporator outlet temperature: The evaporator outlet temperature (TC,e) defines the
desired temperature of the working fluid at the outlet of the evaporator.

4. Evaporator pressure level: This input defines the pressure of the working fluid in the
evaporator (pC). This pressure can be set to the saturation pressure at a certain temperature
TC,sat, which should be equal to or less than TC,e. If TC,sat = TC,e, then the evaporator
delivers a fluid at a saturated or 2-phase state. If TC,sat < TC,e, then the evaporator outlet
is in a superheated state, with the difference between the temperatures being the degree of
evaporator superheating: ∆TC,SH = TC,e − TC,sat. The evaporator pressure can however also
be set above the critical pressure of the fluid. In that case, the fluid is not evaporating in the
heat exchanger, nevertheless the name ’evaporator’ is kept to avoid confusion. This situation
implies the condenser will also have to be at supercritical conditions and thus a supercritical
cycle is simulated.

5. Evaporator outlet quality: The evaporator outlet quality defines the quality of the vapour
at the evaporator outlet. This input is used in case the evaporator pressure level is set to the
saturation pressure at the temperature of the evaporator outlet, so TC,sat = TC,e. It allows
for the simulation of a less-than-saturated vapour exiting the evaporator. Such could be the
case if not enough heat was transferred to the evaporator to fully evaporate the fluid, or if the
vapour drags liquid droplets with it out of the outlet.

6. Condenser outlet temperature: The condenser outlet temperature (TH,e) defines the de-
sired temperature of the working fluid at the outlet of the condenser.

7. Condenser pressure level: This input defines the pressure of the working fluid in the
condenser (pH). This pressure can be set to the saturation pressure at a certain temperature
TH,sat, which should be equal to or greater than TH,e. If TH,sat = TH,e, then the condenser
delivers a fluid at a saturated or 2-phase state. If TH,sat > TH,e, then the condenser outlet is in
a subcooled state, with the difference between the temperatures being the degree of condenser
subcooling: ∆TH,SC = TH,sat−TH,e. The condenser pressure can however also be set above the
critical pressure of the fluid. In that case, the fluid is not condensing in the heat exchanger,
nevertheless the name ’condenser’ is kept to avoid confusion. In this situation, the evaporator
can be at subcritical or supercritical conditions. In the former case, a transcritical cycle is
simulated, in the latter case a supercritical cycle.

8. Condenser outlet quality: The condenser outlet quality (xH,e) defines the quality of the
liquid at the condenser outlet. This input is used in case the condenser pressure level is set
to the saturation pressure at the temperature of the condenser outlet, so TH,sat = TH,e. It
allows to simulate a less-than-saturated liquid exiting the condenser. Such could be the case
if not enough heat was transferred away from the condenser to fully condense the fluid, or if
the liquid drags vapour bubbles with it out of the outlet.

9. Compressor isentropic efficiency: The compressor isentropic efficiency ηCP defines the
efficiency of the compressor compared to an ideal compressor, i.e. a compressor without
irreversibilities. It is assumed that, if there are multiple compressors in one configuration,
they all have the same isentropic efficiency.

10. Expander isentropic efficiency: The expander isentropic efficiency ηXP defines the effi-
ciency of an expander compared to an ideal expander, i.e. an expander without irreversibilities.
This setting is only needed when the cycle includes an expander. It is assumed that, if there
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are multiple expanders in one configuration, they all have the same isentropic efficiency. Since
this value is constant, it is assumed that it is independent of the compression ratio.

11. ICHX setting: If the configuration includes an indirect-contact heat exchanger, this input
is used. It defines the amount of heat transfer happening in this heat exchanger. If the
heat exchanger is one with a predefined heat load, as in Figure 4.2, then the amount of heat
transfer Q̇HX needs to be specified. If the heat exchanger is of the type with two fluid streams,
as in Figure 4.3, then either the change in temperature ∆THX or the change specific enthalpy
∆hHX can be specified. Furthermore, it needs to be specified which of the two fluid streams
this change should be applied to. This fluid stream is then the ’controlled stream’ and the
other fluid stream is the ’reacting stream’. The model will then make sure that the controlled
stream attains the prescribed change in temperature or specific enthalpy in any way and that
the reacting stream reacts to make up for this heat transfer. Also, the minimum temperature
difference that is allowed to occur in the heat exchanger, ∆THX,min, needs to be specified. The
model then checks if the temperature difference inside the exchanger does not drop below the
specified minimum temperature difference.

12. Waste heat supply or process heat demand: This setting defines the rate at which waste
heat energy is supplied, Q̇C, or the rate at which process heat is demanded, Q̇H. The former
allows to define a set amount of waste heat, after which the model calculates how much process
heat can be delivered. The latter allows to define a set amount of process heat, after which
the model calculates how much waste heat is required. Irrespective of which is used, using the
relative mass flow rate, the absolute mass flow rates at each point in the heat pump can be
calculated. This input only defines the size and capacity of the heat pump system but does not
influence the operating conditions or performance indicators. They are independent of system
size and therefore apply for any heat load.

13. Environmental temperature and pressure: The environmental temperature T0 and pres-
sure p0 are used for the reference state in the exergy analysis. The reference state can then be
evaluated with:

h0 = h (p = p0, T = T0) & s0 = s (p = p0, T = T0) . (4.1)

4.2.2 Calculation of initial conditions

With the evaporator and condenser pressure levels known, the overall pressure ratio can be calcu-
lated:

rcycle =
pH
pC

. (4.2)

The sequence input is checked to retrieve the amount of compression stages ncom and the amount
of expansion stages nexp. For multi-stage systems, the intermediate pressure levels are divided
logarithmically between the stages such that each compression and expansion stage has the same
pressure ratio. This results in the smallest possible pressure ratios and give optimum pressure levels
according to Kiss & Ferreira (2017). The individual compression and expansion stage pressure ratios
are then:

rcom = (rcycle)
1

ncom & rexp = (rcycle)
1

nexp . (4.3)

The evaporator outlet conditions can be calculated using the given inputs. If the evaporator pressure
is set to the saturation pressure at TC,sat = TC,e, then the specific enthalpy and entropy at the outlet
are calculated using the pressure and the outlet quality:

hC,e = h (p = pC, x = xC,e) & sC,e = s (p = pC, x = xC,e) . (4.4)

In any other case, then the specific enthalpy and entropy at the outlet are calculated using the
pressure and the outlet temperature:

hC,e = h (p = pC, T = TC,e) & sC,e = s (p = pC, T = TC,e) . (4.5)

The condenser outlet conditions are calculated with the same reasoning. If the pressure is set to the
saturation pressure at TH,sat = TH,e, then:

hH,e = h (p = pH, x = xH,e) & sH,e = s (p = pH, x = xH,e) , (4.6)
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else:

hH,e = h (p = pH, T = TH,e) & sH,e = s (p = pH, T = TH,e) . (4.7)

The specific flow exergy can be calculated for both the evaporator and condenser outlet with the
general formula:

ef = (h− h0)− T0 (s− s0) . (4.8)

4.3 Component models

The models make use of the fundamental thermodynamic laws derived at steady-state with the
assumption that gravitational and kinetic effects can be neglected in all cases. With these conditions,
the thermodynamic laws can be simplified before evaluating them for the different components.
Using information and conventions from Moran et al. (2018), the mass, energy, entropy and exergy
balances are retrieved:

1) Mass:
∑
i

ṁi =
∑
e

ṁe (4.9)

2) Energy:
∑
j

Q̇j −
∑
k

Ẇk =
∑
e

ṁehe −
∑
i

ṁihi (4.10)

3) Entropy:
∑
j

Q̇j

Tj
=

∑
e

ṁese −
∑
i

ṁisi − σ̇CV (4.11)

4) Exergy:
∑
j

(
1− T0

Tj

)
Q̇j −

∑
k

Ẇk =
∑
e

ṁeef,e −
∑
i

ṁief,i + Ėd (4.12)

Here, ṁ is the mass flow rate, Q̇ is the heat flow rate into the system (if negative, heat flows out of
the system), Ẇ is the work delivered by the system (if negative, work is supplied to the system), h
is the specific enthalpy, T is the temperature of the surface at which the heat transfer takes place,
s is the specific entropy, σ̇CV is the entropy destruction rate, ef is the specific flow exergy and Ėd

is the exergy destruction rate. The subscripts i and e signify inlet and exit (outlet). The inlet
conditions are always known properties in this model. The balances will be used to calculate the
outlet conditions of the component. When two state properties are known, other state properties
are evaluated using REFPROP 9.0 [20].

For all components, if the fluid is in the two-phase regime, the temperature T is taken to be the
saturation temperature. Otherwise, if the fluid is outside the two-phase regime, the temperature T
is approximated as the thermodynamically averaged temperature [35, 28, 55]:

T =
Te − Ti

ln Te

Ti

. (4.13)

The heat pumps modelled in this project consist of different types of heat exchangers, compressors,
expansion valves and expanders. A brief description of how each component is modelled will be
given here.

4.3.1 Heat exchangers

Heat exchangers allow heat to be transferred to and from a substance. All heat exchangers are
assumed to have no pressure drop across them and are therefore isobaric components. Heat loss to
the environment is neglected.

Indirect-contact heat exchanger (ICHX) with predefined heat load In this heat ex-
changer, a fluid is heated by a known amount of input heat energy Q. A diagram can be seen
in Figure 4.2 where the system boundary is the rectangle. In this report, the condensers and evapo-
rators are modelled like this type of heat exchanger. The thermodynamic balances of Equation (4.9)
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Figure 4.2: Indirect-contact heat exchanger with predefined heat load.

can be reduced to the following for this type of heat exchanger:

1) Mass: ṁi = ṁe = ṁ

2) Energy: Q̇ = ṁ(he − hi)

3) Entropy:
Q̇

T
= ṁ(se − si)− σ̇CV

4) Exergy:

(
1− T0

T

)
Q̇ = ṁ(ef,e − ef,i) + Ėd

Since the inlet enthalpy and relative mass flow rate are known, the outlet enthalpy can be calculated
with:

he = hi +
Q̇

ṁ
. (4.14)

With the outlet pressure also known (pe = pi), the other state properties can be evaluated with
REFPROP. An ICHX with a predefined heat load can be called up with ’ICHX-Q’ in the component
sequence.

Alternatively, this heat exchanger can be used as an evaporator or condenser. The outlet state
properties are in those cases already known from the initial conditions. A condenser or evaporator
is called up with ’CD’ or ’EV’, respectively, in the component sequence.

It is possible that the fluid is highly superheated when entering the condenser and has a much larger
temperature than the saturation temperature. In this project, it is assumed that the condenser can
cope with this superheat in any case and that no special desuperheating is necessary.

Indirect-contact heat exchanger (ICHX) with two fluid streams This heat exchanger
consists of two separated fluid streams, one colder than the other. The hotter fluid gives off its heat
to the colder fluid without coming into contact with each other. This allows both streams to be at
different pressures, and also to be substances of different kinds. A diagram can be seen in Figure 4.3.
The system boundary is again the rectangle.

Figure 4.3: Indirect-contact heat exchanger with two fluid streams.

The thermodynamic balances of Equation (4.9) can be reduced to the following for this type of heat
exchanger:

1) Mass: ṁC,i = ṁC,e = ṁC

ṁH,i = ṁH,e = ṁH

2) Energy: 0 = ṁC(hC,e − hC,i) + ṁH(hH,e − hH,i)

3) Entropy: 0 = ṁC(sC,e − sC,i) + ṁH(sH,e − sH,i)− σ̇CV

4) Exergy: 0 = ṁC(efCe − efCi) + ṁH(efHe − efHi) + Ėd

Which stream is the controlling stream and which is the reacting stream depends on the inputs. It
can also differ whether the controlled stream is controlled by a temperature change or an enthalpy
change. If the cold stream is the controlled stream and an enthalpy change ∆hHX has been specified,
then:

hC,e = hC,i +∆hHX. (4.15)
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Alternatively, if a temperature change ∆THX has been specified, then the outlet temperature of the
cold stream is:

TC,e = TC,i +∆THX. (4.16)

The outlet enthalpy of the cold stream is then hC,e = h (p = pC;T = TC,e).

In either case, the outlet enthalpy of the hot stream (the reacting stream) can then be calculated
with:

hH,e = hH,i −
mC

mH
(hC,e − hC,i) . (4.17)

The remaining state properties can then be evaluated with REFPROP, as for each in/outlet the
enthalpy and pressure are known. A controlling or reacting side ICHX is called up with ’ICHXc’ or
’ICHXr’, respectively, in the component sequence. When referring to the heat exchanger as a whole,
just ’ICHX’ is used.

Direct-contact heat exchanger (DCHX) This heat exchanger has two fluid streams which
are allowed to mix and thereby exchange heat. The resulting single fluid stream leaves the heat
exchanger, as seen in Figure 4.4. In general, the streams entering the heat exchanger are of the same
substance. Moreover, the inlet and outlet pressures are all equal and perfect mixing is assumed.

Figure 4.4: Schematic representation of direct-contact heat exchanger.

The thermodynamic balances of Equation (4.9) can be reduced to the following for this type of heat
exchanger:

1) Mass: ṁe = ṁC,i + ṁH,i

2) Energy: 0 = ṁehe − ṁC,ihC,i − ṁH,ihH,i

3) Entropy: 0 = ṁese − ṁC,isC,i − ṁH,isH,i − σ̇CV

4) Exergy: 0 = ṁeef,e − ṁC,iefC,i − ṁH,iefH,i + Ėd

With the inlet states known, the outlet state can thus be calculated with:

he =
ṁC,ihC,i + ṁH,ihH,i

ṁC,i + ṁH,i
. (4.18)

The other state properties can then be evaluated using REFPROP since the outlet enthalpy and
the pressure are known. A DCHX is called up with ’DCHX’ in the component sequence.

Direct-contact heat exchanger with flash chamber (DCHXFC) The direct-contact heat ex-
changer can also be combined with a flash chamber in which the vapour and liquid are separated
from each other by gravity. It therefore has two outlets, one at the top for the vapour and one at
the bottom for the liquid, as seen in Figure 4.5. The flash chamber is assumed to achieve perfect
separation such that pure saturated vapour leaves from the top outlet while pure saturated liquid
leaves from the bottom outlet.

Figure 4.5: Schematic representation of a direct-contact heat exchanger combined with a flash chamber.

The thermodynamic balances of Equation (4.9) can be reduced to the following for this type of heat
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exchanger:

1) Mass: ṁC,e + ṁH,e = ṁC,i + ṁH,i

2) Energy: 0 = ṁC,ehC,e + ṁH,ehH,e − ṁC,ihC,i − ṁH,ihH,i

3) Entropy: 0 = ṁC,esC,e + ṁH,esH,e − ṁC,isC,i − ṁH,isH,i − σ̇CV

4) Exergy: 0 = ṁC,eefC,e + ṁH,eefH,e − ṁC,iefC,i − ṁH,iefH,i + Ėd

Due to the assumptions that pure saturated vapour and liquid leave from the outlets and that the
entire heat exchanger is at the same pressure level pHX, the outlet enthalpies can be evaluated with
REFPROP using:

hC,e = h (p = pHX, x = 0) hH,e = h (p = pHX, x = 1) . (4.19)

The other state properties can be evaluated equivalently. In many cases in heat pumps, the mass
flow rates of this type of heat exchanger are equal in pairs. That is due to one outlet, after being
routed through other components, usually coming back to one of the inlets. Taking Figure 2.13
as an example, the saturated vapour outlet ’He’ comes back to the inlet ’C, i’ after having passed
through a compressor, the condenser and an expansion valve. Similarly, the saturated liquid outlet
’C, e’ comes back to the inlet ’H, i’. Therefore:

ṁH,e = ṁC,i & ṁC,e = ṁH,i. (4.20)

Then, both mass flow rates can be related to each other using the thermodynamic balances:

ṁH,e

ṁH,i
=

ṁC,i

ṁC,e
=

hH,i − hC,e

hH,e − hC,i
. (4.21)

In the component sequence, this type of heat exchanger is separated into two parts. One is the
’Hot’ side, which has the ’H, i’ inlet and the ’H, e’ outlet. The other is the ’Cold’ side, which has the
’C, i’ inlet and the ’C, e’ outlet. A hot or cold side DCHX with a flash chamber is called up with
’DCHXFC,h’ or ’DCHXFC,c’, respectively, in the component sequence.

4.3.2 Machinery

This section describes the considerations and assumptions taken into account while modelling the
mechanical components used in a heat pump. All components are assumed to operate adiabatically,
without any heat transfer to or from the environment. The components are modelled with a certain
isentropic efficiency, accounting for the irreversibilities in the process.

Compressors and pumps The compressors compress a gas (mostly dry gas but sometimes also
wet) to an elevated pressure level, while pumps achieve the same for liquids. In Figure 4.6 a schematic
representation is shown.

Figure 4.6: Schematic representation of a compressor.

The thermodynamic balances of Equation (4.9) can be reduced to the following for both the com-
pressors and pumps:

1) Mass: ṁi = ṁe = ṁ

2) Energy: Ẇ = ṁ(hi − he)

3) Entropy: 0 = ṁ(si − se) + σ̇CV

4) Exergy: Ẇ = ṁ(ef,i − ef,e)− Ėd,
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The inlet pressure pi and the compression pressure ratio rcom are known. The outlet pressure is
thus: pe = rcompi. Then, the outlet enthalpy is to be determined. To this end, the assumption is
made that the compressor operates with a certain isentropic efficiency ηCP. The outlet enthalpy can
then be calculated with:

he = hi +
he,s − hi

ηCP
(4.22)

with isentropic outlet enthalpy: he,s = h(p = pe, s = si). The other state properties can then be
evaluated with REFPROP since the outlet enthalpy and pressure are known. A compressor or pump
is called up with ’CP’ in the component sequence.

Expanders For expanders, a similar analysis as for the compressors and pump is conducted and
their thermodynamic balances appear to be the same. They have an isentropic efficiency of ηXP,
and their outlet enthalpy he can be calculated with:

he = hi + ηXP(he,s − hi), (4.23)

where he,s = h(p = pe, s = si) is the isentropic outlet enthalpy. The other state properties can now
be evaluated in the same way as for the compressor. An expander is called up with ’XP’ in the
sequence.

4.3.3 Expansion valves

Expansion valves induce a pressure differential to the flow that passes it. They are assumed to
operate adiabatically, so there is no heat transfer to or from the surroundings. They therefore
operate isenthapically. A schematic representation is shown in Figure 4.7.

Figure 4.7: Schematic representation of an expansion valve.

The thermodynamic balances of Equation (4.9) can be reduced to the following:

1) Mass: ṁi = ṁe = ṁ

2) Energy: hi = he

3) Entropy: 0 = ṁ(se − si)− σ̇CV

4) Exergy: 0 = ṁ(ef,e − ef,i) + Ėd

The inlet pressure pi and the expansion pressure ratio rexp are known. The outlet pressure is thus:
pe = pi

rexp
. The other state properties can then be evaluated with REFPROP since the outlet

enthalpy and pressure are known. An expansion valve is called up with ’XV’ in the component
sequence.

4.4 Calculation of energy and mass flow rates

Once the entire heat pump model is determined with a relative mass flow rate, the inlet and outlet
enthalpies are known for each component and thus the absolute mass flow rates can be calculated.
Subsequently, also the associated energy rates can be calculated.
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4.4.1 Determination of absolute mass flow rates

If a waste heat supply Q̇C is given as an input, the absolute mass flow rate through the evapora-
tor, ṁC, can be calculated using the thermodynamic balances given for the indirect-contact heat
exchanger with constant heat transfer:

ṁC =
Q̇C

hC,e − hC,i
. (4.24)

To obtain the absolute mass flow rates at all points in the cycle, the relative mass flow rates should
all be multiplied by ṁC. If a process heat demand Q̇H is given as an input, the absolute mass flow
rate through the condenser, ṁH, can be calculated similarly:

ṁH =
Q̇H

hH,e − hH,i
. (4.25)

To obtain the absolute mass flow rates at all points in the cycle, the relative mass flow rates should
be multiplied by ṁH

ṁCD
, where ṁCD is the relative mass flow rate through the condenser. The division

by ṁCD is needed because of the definition of the relative mass flow rate, which is the mass flow
rate per unit of mass flow rate through the evaporator.

4.4.2 Calculation of energy rates

The calculation of the energy rates is dependent on the component in question. The equations for
the different components are shown here.

For evaporators, condensers or ICHXs with predefined heat loads, the heat transfer rates Q̇ can be
calculated with the general equation given the thermodynamic balances:

Q̇ = ṁ (he − hi) . (4.26)

Then the entropy production and exergy destruction for these components can be calculated with

σ̇CV = ṁ(se − si)−
Q̇

T
and Ėd =

(
1− T0

T

)
Q̇− ṁ(ef,e − ef,i). (4.27)

For the ICHX with two fluid streams, the DCHX without and with a flash chamber and the expan-
sion valve, the entropy production can be calculated by subtracting the outlet entropies from inlet
entropies, the general equation being:

σ̇CV =
∑
e

ṁese −
∑
i

ṁisi. (4.28)

To obtain the exergy destructions for these components, the inlet flow exergies can be subtracted
from the outlet flow exergies. The general equation is:

Ėd =
∑
i

ṁief,i −
∑
e

ṁeef,e. (4.29)

The equations are fully written out for each component in Section 4.3.

For both the compressor and expander, the entropy productions and exergy destructions can be
calculated with:

σ̇CV = ṁ(se − si) and Ėd = ṁ(ef,i − ef,e)− Ẇ . (4.30)

The total power input of the cycle, Ẇcycle, is calculated by summing all compressor powers and
subtracting all expanders powers:

Ẇcycle =

ncom∑
k=1

ẆCP,k −
nexp∑
k=1

Ẇexp,k. (4.31)

The total exergy destruction of the cycle, Ėd,cycle can be calculated by summing the exergy destruc-
tions of all components:

Ėd,cycle =
∑

Ėd. (4.32)
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The total exergy input to the system, Ėcycle,i, is the sum of the exergies that enter the system
boundary. This is the heat transfer at the evaporator and the power supply at the compressor. It
can be calculated with:

Ėcycle,i =

(
1− T0

TC

)
Q̇C −Wcycle. (4.33)

The useful exergy output of the system is the exergy that leaves the system at the condenser, which
can be calculated with:

Ėcycle,e =

(
1− T0

TH

)
Q̇H. (4.34)

The temperatures TC and TH are the thermodynamically averaged temperatures in the evaporator
and condenser. If the fluid is in the two-phase region in these heat exchangers, then these temper-
atures are the saturation temperatures. In any other case, these temperatures are calculated with
Equation (4.13) [28, 55].

4.5 Calculation of performance indicators

With these inputs, the model can compute the most important performance indicators: the coeffi-
cient of performance, exergy efficiency, volumetric heating capacity and the pressure ratio.

Coefficient of Performance The CoP is the benchmark for the efficiency of a heat pump. It
indicates the process heat transfer rate, Q̇H, per unit of power input, Ẇcycle:

CoP =
Q̇H

Ẇcycle

. (4.35)

A higher CoP means that less energy is required. The theoretical maximum attainable CoP, CoPmax,
also called the Carnot CoP [35], can be calculated with:

CoPmax =
TH

TH − TC

. (4.36)

It is an economic question to assess whether the CoP is large enough that the reduced energy costs
justify the larger capital cost and system complexity. Since this project is not focused on economic
analysis, the threshold value of the smallest economically viable CoP is set to 1.5. This is based on
the smallest CoP values found in Arpagaus et al., (2018) and Jiang et al. (2022), who provided an
overview of existing industrial high-temperature heat pump systems.

An actual heat pump usually has a waste fluid running through the evaporator and a process fluid
running through the condenser, which both have been disregarded in this analysis. Waste fluid and
process fluids however always have a temperature difference to the working fluid. This difference
makes the temperature lift between the waste and process fluid lower than the temperature lift of
the working fluid. The overall CoP of an actual heat pump is therefore also lower than the CoP
calculated here. How much lower depends on the temperature differences in the heat exchangers.

Exergy efficiency The exergy efficiency, ηex, indicates how close the heat pump performs to the
theoretical maximum. It relates the useful exergy output to the exergy input in the following ways
[8]:

ηex =
Ėcycle,e

Ėcycle,i

= 1− Ėd,cycle

Ẇcycle

=
CoP

CoPmax
. (4.37)

For the calculation of the exergy efficiency for a heat pump, the temperature of the reference state
has to be set to the thermodynamically averaged evaporator temperature: T0 = TC [28]. As its
value is rather used for informative purposes than for performance selection, no threshold value is
specified.

Volumetric heating capacity The VHC is the benchmark for the size of a heat pump. It is an
indication of the compressor size required to compress the fluid and is given in MJ/m3. A higher
VHC means that more energy can be delivered to the sink per unit of working fluid volume. In
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other words, the higher the VHC is, the smaller the compressor can be [3]. The VHC is calculated
with the process heat demand and the volumetric flow rate:

VHC =
Q̇H∑ncom

k=1 V̇CPk,i

. (4.38)

where V̇CPk,i is obtained from the mass flow rate and the density of the fluid at the inlet of compressor
k:

V̇CPk,i =
ṁCPk

ρCPk,i
. (4.39)

It depends on the application field and local parameters whether the VHC of a cycle is large enough.
A lower practical limit of 1MJ/m3 was given by Arpagaus et al. (2018), which is used as the
threshold value in the results.

Compression pressure ratio The compression pressure ratio, rcom, is a benchmark of how
difficult it is to compress a fluid. The calculation is shown in Equation (4.3). Since most compressors
have a limit on the pressure ratio that can be reached in a single stage, a larger pressure ratio means
a more advanced and expensive compressor is required. Or even that multiple compressors or stages
are required to reach the pressure ratio. The largest pressure ratio associated with conventional
compressors is about 8 [2], which is therefore set as a threshold value in the results.

Condenser pressure level The pressure level of the working fluid on the sink side indicates the
largest pressure in the system. Higher pressures mean the heat pump becomes more difficult and
expensive to construct. The largest acceptable pressure is rather an economical question than a
thermodynamic one. Since supercritical steam at pressures up to 300 bar is used in vapour power
plants [35], it is assumed that supercritical steam pressures can be used in heat pumps as well. A
pressure of 300 bar is therefore set as a threshold value.

Evaporator pressure level The pressure level of the working fluid on the source side indicates
the smallest pressure in the system. If the pressure is sub-atmospheric, different types of sealing are
needed to avoid air infiltration into the system. Therefore, if the pressure is too low, the heat pump
becomes more difficult and expensive to construct. A lower limit was arbitrarily set to 0.5 bara by
[11].

Compressor discharge temperature The discharge temperature of the compressor is an indi-
cation of the largest temperatures that occur in the system. For certain fluids, this temperature
can reach very large values that lead to difficulties for the materials and components used in the
heat pump. When there are multiple compressors in a configuration, only the largest discharge
temperature is shown. If a compressor is lubricated, the temperature limit can be set to 180 ◦C
to avoid thermal decomposition of the lubricant [37]. With oil-free compressors, this limitation is
not present. No definite upper limit was however found in the literature. As this research however
concerns sink temperature up to 400 ◦C, this was set as the threshold value.

4.6 Component configurations

There are many possible component configurations with an arbitrary number of compression stages.
In this research, the number of stages will be limited to two. The configurations used in this research
are listed below. The entries start with an identification code followed by a short description with
a motivation for why this configuration was created. Lastly, the sequence which is used as input to
the model is shown, with the accompanying diagrams shown in Figure 4.8 and Figure 4.9.

1. 1S-XV: This is a single-stage cycle with an expansion valve, as shown in Figure 4.8a. It is
referred to as the standard cycle and has the following sequence:

CP - CD - XV - EV.

2. 1S-XP: This is a single-stage cycle with an expander, as shown in Figure 4.8b with the
expansion valve replaced by an expander. The expander is used to recover some of the potential
energy in the pressurised flow coming from the condenser. It has the following sequence:

CP - CD - XP - EV.
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3. 1S-SH1: This is a single-stage cycle with superheating of the compressor inlet using the
condenser outlet, as shown in Figure 4.8c. The heat exchange is done with an ICHX. Except
for supercritical cycles, the condenser outlet is always hotter than the evaporator outlet and
this difference can be used to superheat the evaporator outlet. At the same time, the condenser
outlet is subcooled. The superheat is beneficial to avoid liquid droplets entering the compressor
and can also improve the CoP [59].

ICHXc - CP - CD - ICHXr - XV - EV.

4. 1S-SH2: This is a single-stage cycle with superheating of the compressor inlet using the
compressor outlet, as shown in Figure 4.8d. The heat exchange is again done with an ICHX.
This cycle also superheats the compressor inlet to avoid liquid droplets entering the compressor.
However, it only works if the compressor discharge temperature overshoots the condenser
temperature so that the temperature difference can be utilised. The influence on the CoP will
be compared to 1S-SH1. It has the following sequence:

ICHXc - CP - ICHXr - CD - XV - EV.

5. 2S-DCIC: This is a double-stage cycle with intercooling using a direct-contact heat exchanger
with a flash chamber (DCHXFC) to cool the vapour from the first compressor before going into
the second compressor, as shown in Figure 4.9a. This is achieved by mixing this vapour with
the condenser outlet stream and separating the vapour and liquid, as explained in Section 2.2.
Thereby, the cycle uses part of the energy otherwise wasted through the expansion valve and
thus could potentially improve the CoP even for wet fluids. The two compressors both receive
saturated vapour, but now at different mass flow rates. It has the following sequence:

CP - DCHXFC,h - CP - CD - XV - DCHXFC,c - XV - EV.

6. 2S-ICIC: This is a double-stage cycle with intercooling using an ICHX with two fluid streams,
as shown in Figure 4.9b. It uses an ICHX to cool the vapour from the first compressor before
going into the second compressor. The fluid from the condenser flows through the expansion
valve, after which it has cooled down to the temperature level of the condenser. The fluid
from the first compressor is at a higher temperature, so this temperature difference can be
utilised to cool the compressor outlet. The cooling stream partly evaporates in front of the
compressor. This cycle is only useful if the temperature of the vapour from the first compressor
overshoots the saturation temperature. If there is no overshoot, the intercooler would condense
the vapour, leading to wet compression in the second compressor. It has the following sequence:

CP - ICHXc - CP - CD - XV - ICHXr - EV.

7. 2S-2SH-DCIC: This is a double-stage cycle with intercooling using a DCHX and double
superheating using two ICHXs, as shown in Figure 4.9c. This setup aims to combine the
benefits of both intercooling and superheating. It has the following sequence:

ICHXc,1 - CP - DCHXFC,h - ICHXc,2 - CP - CD

- ICHXr,2 - XV - DCHXFC,c - ICHXr,1 - XV - EV.
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(a) 1S-XV (b) 1S-XP

(c) 1S-SH1 (d) 1S-SH2

Figure 4.8: Diagrams of single-stage cycles used in the model.

(a) 2S-DCIC (b) 2S-ICIC (c) 2S-2SH-DCIC

Figure 4.9: Diagrams of two-stage cycles used in the model.

4.7 Heat Pump design tool

To be able to conveniently design a heat pump when a certain waste heat supply and process heat
demand are given, a heat pump design tool has been developed. This tool allows the user to define
the waste and process fluids and visually tune a heat pump to the optimal configuration. The process
fluid and its state can be defined with the following properties:
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1. Type of fluid

2. Mass flow rate

3. Pressure

4. Inlet temperature

5. Outlet temperature or Process heat transfer rate Q̇H

The latter option allows the user to either define the temperature that the process fluid should have
at the outlet of the condenser, or define Q̇H directly. The user can then plot the states of the process
fluid on T-s and p-h diagrams. The Q̇H is used as input to the heat pump model. Subsequently, the
user can define a heat pump with the same inputs as in Section 4.2.1, after which the heat pump
model simulates the cycle. The states are plotted in Ts- and p-h diagrams and the performance
indicators are displayed. At this point, the necessary waste heat supply Q̇C is also known and the
user can define a waste fluid with the following properties:

1. Type of fluid

2. Mass flow rate

3. Pressure

4. Inlet temperature

The tool calculates the states of the waste fluid and displays these on T-s and p-h diagrams as well.

To be able to tune the heat pump, the temperature profiles of the process fluid, the working fluid and
the waste fluid in the evaporator and condenser are calculated and displayed in one graph. Further-
more, the temperature difference between the process fluid and the working fluid in the condenser,
and between the waste fluid and the working fluid in the evaporator is calculated and displayed
in another graph. With these graphs, the user can visually see whether the temperature profiles
are possible and if no minimum temperature difference limits are violated. The heat pump can be
optimised to minimise the temperature difference between the working fluid and the process/waste
fluids.

It is also possible to control the heat pump model from the waste heat supply. In that case, the
process is similar but allows the user to input an outlet temperature for the fluid or a waste heat
demand Q̇C. Then the heat pump is configured and after that the process fluid, which now adapts
to the calculated Q̇H

An example of a heat pump configuration in the heat pump design tool is shown in Figure 4.10. On
the source side, a waste stream of hot air evaporates the working fluid benzene. In a single-stage
cycle with superheat (1S-SH1), the benzene is pressurised to the pressure level of the sink. On the
sink side, water is boiled at 18 bar. In the top one of the two rightmost diagrams, the temperature
profiles in the evaporator and the condenser are shown. The heat pump has been tuned such that
the temperature profiles reasonably match and the temperature difference between these profiles
does not become lower than about 10 ◦C. These temperature differences are shown in the bottom
right graph. In the top right, the performance indicators are shown. The inputs are shown on the
left, with the top block being the process fluid inputs, the middle block the working fluid inputs and
the bottom block the waste fluid inputs. The switch in the middle top allows to switch between a
heat pump defined from the source or the sink side.
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Figure 4.10: An example of a heat pump configuration in the heat pump design tool. On the source side, a waste
stream of hot air evaporates the working fluid benzene. In a single-stage cycle with superheat (1S-SH1), the benzene
is pressurised to the pressure level of the sink. On the sink side, water is boiled at 18 bar.
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Chapter 5

HP Model: Results & Discussion

The goal of this investigation is to find out which fluids have the best performance and with which
cycles this is achieved for certain operating conditions. To that end, the heat pump model is first
validated in Section 5.1, using models from the literature. Afterwards, in Section 5.2, the model
is simulated for two sets of operating conditions. This shows the benefits and merits of each fluid
and provides the reader with information about which fluids could potentially be a suitable working
fluid. Furthermore, the effect that superheating has on the fluids is shown. Then, the model is used
to simulate different configurations per fluid. This allows the determination of the best configuration
out of the ones defined in Section 4.6 for each fluid. The heat pump model is subsequently simulated
for each fluid with its best configuration, for the two sets of operating conditions. The results are
discussed and conclusions are drawn along the explanation of the results. A summary of the result
and the conclusions that were drawn are given in Chapter 6, together with a general conclusion on
the heat pump model.

5.1 Model validation

To validate the heat pump model, a few cases from the literature are simulated and the results are
compared.

First comparison The first comparison is an example from Moran et al., (2015, p. 525-527). It
concerns a 1S-XV cycle using R134a as the working fluid. The T-s diagram is shown in Figure 5.1. It

Figure 5.1: Example from [35]: Subcritical single-stage cycle without superheating using R134a as working fluid.

is seen that TC,e = −10 ◦C, pH = 9bar and TH,e = 30 ◦C. The evaporator pressure is the saturation
pressure at TC,e. The compressor isentropic efficiency is 80% and the environment temperature

is 26 ◦C. The example uses these inputs as a basis to calculate the compressor power ẆCP, the
refrigeration capacity Q̇C, the refrigeration-based coefficient of performance CoPrefrigeration and the

rates of exergy destruction of the compressor and expansion valve, Ėd,CP and Ėd,vl. As the main

purpose of this cycle is refrigeration instead of heat pumping, the CoP is calculated as Q̇C

ẆCP
. The

heat pump model has been simulated with the same inputs. The results of the example and the
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model are shown in Table 5.1. It is seen that the results of the model are in good agreement with
the results from the example.

Table 5.1: Results from the example and the heat pump model for the single-stage cycle without superheating [35].

Case ẆCP [kW] Q̇C [kW] CoPrefrigeration [-] Ėd,CP [kW] Ėd,vl [kW]
Example 3.1 12.0 3.86 0.58 0.39
Model 3.1027 11.997 3.8667 0.58325 0.39493

Second comparison The second comparison is again a model from Moran et al., (2015,p. 542-
543). Here, a 1S-XP supercritical (Brayton) refrigeration cycle is simulated using air as the working
fluid. The T-s diagram is shown in Figure 5.2. From the figure, the following inputs can be

Figure 5.2: Example from [35]: Supercritical single-stage cycle with expander using air as the working fluid.

deduced: pC = 1bar, TC,e = −3.15 ◦C, pH = 3bar and TH,e = 26.85 ◦C. The compressor isentropic
efficiency is 80%. The example uses these inputs as a basis to calculate the net power input to the
cycle Ẇcycle, the refrigeration capacity Q̇C and the refrigeration-based coefficient of performance
CoPrefrigeration. The net power input is the difference between the compressor and expander power:

Ẇcycle = ẆCP− ẆXP. The heat pump model has been simulated with the same inputs. The results
of the example and the model are shown in Table 5.2. It is seen that the results of the model are
again in good agreement with the results from the example.

Table 5.2: Results from the example and the heat pump model for the supercritical Brayton refrigeration cycle [35].

Case Ẇcycle [kW] Q̇C [kW] CoPrefrigeration [-]
Example 108.5 63.08 0.581
Model 108.35 63.228 0.5835

Third comparison The third comparison is a model from Cao et al. (2014), who simulated a
2S-DCIC cycle, as in Figure 4.9a, using R152 as the working fluid. They simulated this cycle for an
evaporator saturation temperature of TC = 30 ◦C and a condensation temperature in the range of 98-
108 ◦C. For the comparison with the heat pump model, a condensation temperature of TH = 100 ◦C
is selected. They model the evaporator such that the vapour at the exit has 3 ◦C of superheat.
Likewise, the condenser is modelled such that the liquid at the exit has 5 ◦C of subcooling. The
outlet temperatures of the evaporator and condenser become the saturation temperatures plus/minus
the degree of superheating/subcooling, so TC,e = 33 ◦C and TH,e = 95 ◦C.

The heat pump model requires the process heat demand QH as an input. However, in the model of
Cao et al. (2014), heat flows are determined by the waste fluid flow in the evaporator. Here, waste
water enters with 10 kg/s at 45 ◦C and leaves at 5 ◦C above the lowest working fluid temperature in
the evaporator, which is 30 ◦C. The waste water, therefore, cools down to 35 ◦C. The waste heat
supply can then be calculated: Q̇C = 420 kW. Cao et al. (2014) calculated the CoP to be 3.75,
which results in a process heat demand of QH = 573 kW. Cao et al. (2014) use a correlation for the
compressor isentropic efficiency based on the inlet and outlet pressures of the compressors. Next
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to the CoP, other results from this model are the total power consumption Wcycle and the exergy
efficiency ηex. The latter is calculated as:

ηex =
Ėd,e

Ėd,i

(5.1)

where Ėd,e is the overall output exergy and Ėd,i the overall input exergy, which are evaluated as:

Ėd,e = ṁP (ef,P,e − ef,P,i) Ėd,i = Ẇcycle + ṁW (ef,W,i − ef,W,e) . (5.2)

The subscripts ’P’ and ’W’ indicate the product and waste streams, respectively. The heat pump
model has been simulated with the same inputs. The results of the example and the model are
shown in Table 5.3. The results of Cao et al. (2014) have been read from graphs and are therefore
not perfectly accurate. Nevertheless, it is seen that the results of the model are in good agreement
with the results from the literature.

Table 5.3: Results from the model of Cao et al. (2014) and the heat pump model for a 2-stage cycle with a direct-
contact heat exchanger.

Case CoP [-] Ẇcycle [kW] ηex [%]
Cao et al. (2014) 3.75 153 51.8

Model 3.7506 152.55 53.507

In conclusion, the heat pump model provides consistently similar results as models from other
authors and thus the heat pump model is considered validated. It can now be used to assess the
performance of different cycles and refrigerants.

5.2 Performance analysis

In this section, the heat pump model is simulated for different cases, fluids and configurations. The
results display the heat pump performance, which is analysed and discussed. As became clear from
Figure 3.4, the largest portion of waste heat is emitted at temperatures between 100-200 ◦C. At the
same time, sufficient heat demand exists in the range of 100-500 ◦C. Therefore, it was decided to
constrain the cases for which the model is simulated to the following two domains:

Domain 1 An evaporator outlet temperature of TC,e = 100 ◦C and a condenser outlet temperature
in the range of TH,e = 150 − 300 ◦C. The evaporator and condenser pressure levels, pC and
pH, are the saturation pressures at these temperatures. Therefore, TC,e = TC & TH,e = TH

and as such these temperatures are generally referred to as the source and sink temperature,
respectively. The evaporator outlet quality is xC,e = 100% and the condenser outlet quality is
xH,e = 0%. This domain will show the potential of a vapour compression heat pump for the
lower end of the high-temperature waste heat.

Domain 2 An evaporator outlet temperature of TC,e = 200 ◦C and a condenser outlet temperature
in the range of TH,e = 250 − 400 ◦C. The evaporator and condenser pressure levels are again
the saturation pressures at these temperatures. The evaporator outlet quality is xC,e = 100%
and the condenser outlet quality is xH,e = 0%. This domain will show the potential of a
vapour compression heat pump for the higher end of the high-temperature waste heat.

The waste and product fluids are left out of consideration in these simulations. In other words,
the minimum temperature difference is set to ∆Tmin = 0, assuming the unrealistic situation where
no temperature difference is needed in the heat exchangers for the heat transfer. This is required
since the tailoring of a heat pump to waste and process fluids is an optimisation problem. Though
possible with the heat pump design tool shown in Section 4.7, this is a tedious and time-consuming
process. An optimisation algorithm was however not developed. Nevertheless, this approach allows
to qualitatively compare heat pump configurations and fluid for different temperature ranges without
the added variability of waste and process fluids.

For all simulations, the compressor isentropic efficiency has been set to ηCP = 70%, which is a value
commonly used in theoretical calculations [3]. In case an expander is used, the same value is taken:
ηXP = 70%. The process heat demand is completely arbitrary and does, as stated, not influence the
result. A value of QH = 100 kW is taken as it appears to be an average value in existing HTHPs [3].
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For indirect-contact heat exchangers, a minimum temperature difference of 10 ◦C is set. This is on
the safe side since many authors use a value of 5 ◦C [45, 3, 11]. The performance of the heat pumps
is indicated using the performance indicators stated in Section 4.5. As was also mentioned in that
section, the temperature of the reference state is set to the thermodynamically averaged evaporator
temperature, T0 = TC, which is just TC,e in this case because it is a subcritical cycle.

First, Section 5.2.1, different fluids will be simulated in a 1S-XV configuration to compare their
performance against each other. Being done for both domains, the results help to understand which
fluids have the largest potential. In addition to this analysis, the effect of wet compression on the
performance is elaborated in Section 5.2.2. It is also noticed that the lack of superheating severely
limits the potential of many fluids. Therefore, the model is simulated with a 1S-SH1 configuration
for different degrees of superheat in Section 5.2.3. Using the conclusions from these sections, some of
the high-potential fluids will be simulated for the different configurations established in Section 4.6.
These results are discussed in Section 5.2.4 and show which configurations have the best performance
for which types of fluids. The results for the best fluids and configurations are then combined to
show the best heat pump designs in Section 5.2.5.

5.2.1 Comparison of fluid performances in the standard cycle

The simplest configuration, 1S-XV, has been chosen to initially show the performance of different
fluids over the two domains. It will be referred to as the ’standard cycle’.

Domain 1 All fluids are simulated for domain 1 and the ones with the best performance have
been selected for display. The constraint for the selection in domain 1 is that at TH = 200 ◦C, the
fluid must at least have a CoP of 1.5 and a VHC of 1MJ/m3. This constraint is in line with the
threshold values defined in Section 4.5. Seven fluids passed this criterium, with 4 dry fluids (acetone,
ethanol, methanol and water) and 3 wet fluids (benzene, cyclopen and DMC) The results for domain
1 are shown in Figure 5.3. The top left diagram shows the CoP for the range of sink temperatures,
along with lines of constant exergy efficiency. It is seen that water has the largest CoP throughout
the entire range of sink temperatures. Water is also the only fluid that can reach TH = 300 ◦C
from TC = 100 ◦C in this cycle. Other fluids can only reach lower temperatures due to the critical
temperature being lower than the sink temperature or due to the compressor compressing completely
through the two-phase region, resulting in a liquid. This latter problem is only applicable to wet
fluids and is the reason that many of these fluids can not be used without superheating (which is
why the effect of superheating is discussed in Section 5.2.3). After water, the most efficient fluids
are methanol and ethanol. However, they can only be used in this cycle up to about TH = 240 ◦C
(limited by critical temperature). All fluids but water show a large drop in exergy efficiency with
increasing TH. Water on the other hand sustains a relatively high efficiency of about ηex = 60% at
TH = 300 ◦C.

The top diagram shows the VHC for the range of sink temperatures. It is seen that methanol
has a very much superior VHC value. The VHC of water is initially relatively low but, unlike all
other fluids, shows a positive gradient and becomes larger than the other fluids for the higher sink
temperatures.

The discharge temperature diagram clearly shows that water has a much larger temperature increase
during compression than the other fluids. While all other fluids remain below the threshold value of
400 ◦C, water surpasses it already at about TH = 165 ◦C. Such temperatures require special materials
and are therefore severely limiting the usage of water in heat pumps. These results clearly show that,
for water, intercooling is a necessity. The other dry fluids have a much more modest temperature
increase. For the wet fluids, the discharge temperature is equal to the saturation temperature due
to wet compression and thus no overshoot is present. Such wet compression is only possible with
certain compressor types, complicating the design of the heat pump

Regarding pressure levels, it is seen that none of the fluids have subatmospheric evaporator pressures,
so there is no risk of air leaking into the system. All fluids have condenser pressures below the
threshold value of 300 bar and the smallest condenser pressures are achieved by water, benzene and
DMC. Water does however have the largest pressure ratio. That indicates that water is the most
difficult to compress, which is in line with what was found in [11]. The pressure ratios all quickly
surpass the threshold value of 8. For most cases, a dual-stage cycle (maximum pressure ratio of
64) is sufficient, but for the largest temperatures with water and methanol, triple-stage compression
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Figure 5.3: Performance figures for the configuration 1S-XV over domain 1. Since the colours match, the bottom
left diagram can be used as a legend.

might be needed. The diagrams of the pressure ratios seem to go hand in hand with those of the
CoPs. That is, with higher CoP comes a higher pressure ratio.

From these results, it can be concluded that methanol is the most suitable working fluid, but only
for sink temperatures up to 240 ◦C. It has the highest CoP apart from water and has a much
larger VHC than the other fluids. Methanol however still poses some technical challenges for high
temperature applications. It has the largest condenser pressure of the other fluids for every sink
temperature. Another downside is that the compressor discharge temperature higher than the other
fluids, although much lower than water. On top of that, methanol is toxic, has a GWP of 2 8 and
is flammable. It has an auto-ignition temperature of 464 ◦C [9], which poses a threat in case of
leakages. A close contender for methanol is ethanol, yet it has less performance with the same
downsides. If the challenges of compressing water vapour are addressed, it would be a superior fluid
to methanol. That is if a method to suppress the compressor discharge temperature is found along
with a compression system that can handle the large pressure ratios, the higher efficiency of water
combined with the lower sink pressure puts water at an advantage. This is further augmented by
water being non-toxic, non-flammable and having a GWP of 1.

Domain 2 For domain 2 again the best fluids have been selected and the results are shown in
Figure 5.4. The constraint for the selection is that at TH = 250 ◦C, the fluid must at least have a
CoP of 1.5 and a VHC of 1MJ/m3, which is again in line with the threshold values. Eleven fluids
passed this criterium, with water being the only dry fluid. It can immediately be seen that the
difference between water and the other fluids is significant. For the latter, the CoP quickly drops
and only low sink temperatures are reached with useful CoP. Water on the other hand sustains an
exergy efficiency of about 60 ◦C for most of the TH-range and ends at a CoP just below 2 at about
TH = 370 ◦C. The second-best fluid in terms of CoP is toluene.

Water also has the largest VHC by a considerable margin and remains relatively constant over the
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Figure 5.4: Performance figures for the configuration 1S-XV over domain 2. Since the colours match, the bottom
left diagram can be used as a legend.

entire domain. For the other fluids, the VHC quickly drops down to values that require very large
compression equipment. The second-best fluids in terms of VHC are benzene and DMC, while
toluene comes close to these.

The discharge temperature diagram again makes it clear that intercooling is a necessity for water.
All other fluids exhibit complete wet compression.

Regarding pressures, no fluid is again below atmospheric conditions. Water however shows the
largest pressures for both the evaporator and condenser compared to the other fluids, yet below the
threshold value of 300 bar. The pressure ratio on the other hand is below 8 for most of the sink
temperatures. Only for water, at the largest TH values, a dual-stage compressor might be necessary.
Toluene is also more satisfactory than water in terms of evaporator pressure, condenser pressure and
pressure ratio.

From these results, it can be concluded that none of these fluids is truly suited for this cycle. The CoP
is uneconomically low for all fluids but water, while water has unacceptable temperatures and large
pressures. For the lower sink temperatures, toluene is the most suitable working fluid, provided
wet compression is possible. It has the largest CoP after water, acceptable VHC, no discharge
temperature overshoot and a moderately low evaporator pressure, condenser pressure and pressure
ratio. The downsides are however that toluene is flammable, irritant, poses a health hazard and has
a GWP of 2.7 [27]. Even though water has a much better CoP and VHC, the technical challenges
of a compressor that can handle the high temperatures, pressures and pressure ratios prevent it
from being implemented. If these challenges could be solved, water can again be considered to be a
superior fluid to toluene.
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5.2.2 Exploiting wet compression for water

Assuming that wet compression is possible, the effect of wet compression with water is investigated.
The advantage of wet compression is that the compression process happens (partly) in the two-phase
region and thereby the temperature is fixed to the saturation temperature. Any heat generated
during compression will evaporate liquid instead of increasing the temperature, preventing the large
discharge temperature overshoot experienced with water. In the heat pump model, wet compression
can be achieved by setting the evaporator outlet quality, xCP,e, to lower than 100% in the 1S-
XV cycle. This is only useful for dry fluids since wet fluids already compress in the two-phase
region. To find out what effect xCP,e has on the CoP, the HP model has been simulated with a
1S-XV cycle with xCP,e in the range of 50-100% using water as the working fluid. The results for
domain 1 and domain 2 are shown in Figure 5.5. The graphs show the points for which the CoP

(a) Domain 1 (b) Domain 2

Figure 5.5: The CoP of the 1S-XV cycle with water as working fluid where xCP,e has been varied in the range of
50-100% for domain 1 and 2. The top graph, with the largest CoP values, corresponds to the lowest sink temperature.

becomes the largest for that sink temperature (red dots) and the points for which the discharge
vapour is fully saturated (asterisks). That is, a larger quality results in the discharge vapour being
superheated while a smaller quality would result in liquid still being present in the discharge. Since
these points are not coincident, it does not hold that delivering saturated vapour results in the
best CoP. Nevertheless, it can be seen that wet compression can improve the CoP compared to dry
compression (xCP,e = 100%). However, for both domains, the best CoP is achieved at a higher
quality than the quality for which the discharge vapour is saturated. Therefore, to reach the best
efficiency, a superheated vapour is unavoidable. This data will be used in Section 5.2.4 to compare
wet compression against the other cycles.

5.2.3 Superheating to prevent wet compression

One of the reasons that wet fluids could not be used up to large sink temperatures was that the
compression process fully passes through the two-phase region, resulting in a subcooled liquid at the
discharge. Then there is no more vapour left to condense, rendering the condenser useless. If the
condenser outlet conditions are set such that saturated liquid is discharged, the heat pump cycle
would even be invalid, as the working fluid would have to heat up in the condenser instead of cooling
down. The condenser outlet conditions may be set to a subcooled liquid state such that the working
fluid cools down in the condenser. An example of such a cycle is seen in Chapter B, which shows a
very small exergy efficiency and is not considered any further.

Apart from a low efficiency, many types of compressors can not handle liquid droplets. If this is
the case, then certainly wet fluids need superheating. However, some superheating (usually 5-10 ◦C)
might also be necessary for dry fluids, as there is a risk that liquid droplets are entrained in the flow
from the evaporator outlet to the compressor [61, 45]. Superheating can even improve the CoP for
wet fluids [28, 2].

To show the effect of superheating on the performance of different fluids, the 1S-SH1 configuration
is chosen. This cycle uses the condenser outlet, which is a saturated liquid at saturation tempera-
ture TH. The vapor coming from the evaporator outlet can therefore be superheated close to this
temperature. There always needs to be a minimum temperature difference, which in this case is set
to 10 ◦C. The source temperature is set to TC = 100 ◦C and the sink temperature to TH = 200 ◦C.
The model has been simulated for a range of superheat values from 0 ◦C to 90 ◦C. The results are
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shown in Figure 5.6. Fluids for which the maximum VHC did not reach above 1MJ/m3 were not
displayed.

The location of the dots on the line tells the reader what the minimum degree of superheat is for that
fluid to avoid wet compression completely. As seen for the dry fluids (acetone, ethanol, methanol,
R141B and water), no superheat is required while for a wet fluid like hexane, about up to 40 ◦C of
superheat is necessary. As can be seen from these results, superheating increases the performance

Figure 5.6: A single-stage heat pump with superheating using the condenser outlet for a degree of superheat in the
range of 0-90 ◦C. The projection of the dots on the x-axis indicates the minimum superheat necessary to avoid wet
compression completely.

of most fluids. For all fluids apart from water and methanol, the CoP increases considerably with
increasing superheat. The reason for this can be explained using the p-h diagram of cyclohex. The
cycle of cyclohex is shown in Figure 5.7 for a non-superheated case and a case with 60 ◦C superheat.
By looking at the relative sizes of Q̇H and Ẇ , it can be seen that for the non-superheated case,
Ẇ is about half of Q̇H, while for the case with 60 ◦C superheat, Ẇ is less than half of Q̇H. These
observations are supported by the CoP values, which are 1.98 without superheat and 2.67 with 60 ◦C
superheat.

Since the CoP with water and methanol only decreases with more superheat and 5-10 ◦C is sufficient
to prevent liquid in the compressor, the results for larger superheat values are essentially meaningless.
For ethanol, the CoP increases marginally. However, the increase in discharge temperature does not
justify this gain. Acetone shows a larger increase in CoP and a smaller discharge temperature,
indicating the degree of superheat for this fluid would be a compromise. For the other fluids, the
differences in discharge temperature are relatively small and are therefore not expected to have a
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Figure 5.7: The p-h diagram of cyclohexane in a single-stage heat pump without superheating and with 60 ◦C super-
heating using the condenser outlet. Indicated are the specific heat delivered to the sink and the specific compression
work.

Table 5.4: Safety and environmental classifications of selected fluids. The information was retrieved from [27] and
[20].

Fluid GWP ODP Flammable Irritant Acute
Toxic

Health
hazard

Environmental
hazard

ASHRAE 34

Acetone 0.5 - x x - - - -

Benzene - - x x - x - -

C1CC6 - - x x - x x -

Cyclohex - - x x - x x -

Cyclopen - - x - - - - -

DMC - - x - - - - -

Ethanol - - x - - - - -

Heptane - - x x - x x -

Hexane - - x x - x x -

Ihexane - - - - - x - -

Methanol 2.8 - x - x x - -

MM - - x - - - x -

R113 6130 0.85 - x - - x A1

R141B 725 0.12 - x - - - -

Toluene 2.7 - x x - x - -

Water - - - - - - - A1

large influence in selecting between these fluids. Furthermore, it appears that for all fluids except
water and methanol, the VHC increases with increasing superheat. Again, ethanol only marginally
increases.

From these results, it can be concluded that methanol again appears to be a suitable fluid. At low
superheat, it has a large CoP and VHCs, while the discharge temperature is not much larger than
a wet fluid like benzene. Close contenders are ethanol and acetone which have a lower discharge
temperature, though at the cost of CoP and VHC. In case the VHC is not significantly important
compared to CoP, benzene at 90 ◦C superheat appears to be suited since it has an even larger CoP
than water. The discharge temperature of benzene remains significantly below the threshold value.
The safety and environmental aspects are summarised in Table 5.4. This shows that almost all fluids
are flammable and many are irritant and pose health hazards. While benzene has these three traits,
DMC is only flammable. Acetone is flammable and irritant, which is relatively safe compared to
cyclohex and benzene, the latter being suspected to be carcinogenic [27].

Water is fully exempt from safety or environmental hazards. Without superheat, water has almost
the largest CoP of the simulation and has a moderate VHC. These facts motivate the desire to find
a method of water vapour compression which avoids unacceptable discharge temperatures.

5.2.4 Comparison of different configurations per fluid

With the knowledge of which fluids potentially have the best performance, different cycle configura-
tions can be compared to obtain the best combination. To investigate the performance of different
component configurations, the model is simulated for multiple configurations per fluid over domain
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1. The results are compared based on percentual CoP and VHC improvement compared to the
1S-XV cycle and on the discharge temperature.

As appeared in Fig. 5.6, a higher degree of superheat leads to a better CoP and VHC for all fluids
except water and methanol. Therefore, the superheat in the 1S-SH1 and 1S-SH2 cycles was set to
(TH − TC)− 10, which is the maximum possible while keeping a temperature difference of 10 ◦C in
the heat exchanger. For the 2S-2SH-DCIC cycle, it was assumed that the intermediate saturation
temperature is approximately the average of the source and sink temperatures. The degree of
superheat was therefore set to (TH − TC)/2 − 10 for both superheaters. A check was implemented
to give an alert if the 10 ◦C minimum temperature difference was violated, which did not happen in
any simulation. For methanol and water, the degree of superheating was set to a low value of 10 ◦C
for all cycles containing a superheater. The degree of intercooling in the 2S-ICIC cycle has been set
such that the outlet temperature of the controlled stream is 10 ◦C above its saturation temperature,
thereby prohibiting the presence of liquid droplets in the compressor inlet. For the wet fluids, the
2S-ICIC was not simulated, as the fluid does not need intercooling in this cycle due to the wet
compression. The 1S-XV has been simulated with two levels of wet compression:

• Evaporator outlet quality set such that maximum efficiency is obtained (1S-XV(wc-Eff))

• Evaporator outlet quality set such that saturated vapour is obtained (1S-XV(wc-Sat))

This evaporator outlet quality data was obtained for water only. Nevertheless, it was also used for
other fluids and though not optimised for these fluids, does provide a qualitative insight into the
performance of a cycle with more or less wetness.

The cycles have been simulated for all fluids that appeared in Figure 5.6. It was noticed that all
wet fluids have the same trend in the results. This trend is discussed using the results for benzene,
which are shown in Figure 5.8. It is seen that the 2S-2SH-DCIC cycle has the best improvement
in CoP, though 1S-SH1 cycle is very close. In terms of VHC, the former cycle has a much larger
improvement than the latter. The 2S-DCIC cycle has a similar but smaller improvement in VHC
compared to 2S-2SH-DCIC. This confirms that direct-contact intercooling does improve the CoP
but not as much as superheating does, while the inverse is true for the VHC. The performance of
the 2S-2SH-DCIC cycle in these aspects shows that the benefits of superheating and intercooling
can be combined, at least for wet fluids.

Comparing both types of superheating cycles, 1S-SH1 and 1S-SH2, it appears that the former is
significantly better in terms of CoP and VHC, while equal in terms of discharge temperature.

The 1S-XV and 1S-XP cycles are coincident in VHC and discharge temperature, while the latter
improves the CoP almost as much as the 2S-DCIC cycle does. Even though the expander has to
deal with wet expansion, which faces the same difficulties as wet compressions, it does show the
improvements that might be possible.

The wet compression cycles also show a worse CoP compared to the standard cycle. This confirms
that, at least for the wet fluids, the decrease in compression work is relatively less than the decrease in
available enthalpy difference over the condenser. The VHCs also decrease compared to the standard
cycle, so it can be concluded that such wet compression cycles are not desired with wet fluids.

The discharge temperature diagram shows that superheating leads to a significant temperature
overshoot, though still below the threshold value of 400 ◦C. The superheat can be lowered to avoid
this overshoot, however, as seen in Section 5.2.3, this will lower the CoP. The diagram also shows that
the combination of superheating and intercooling results in an intermediate discharge temperature.
It can thus be thought of as a compromise between preventing wet compression and avoiding large
discharge temperatures.

For the other wet fluids that were simulated in this way, the general trend was equivalent to that of
benzene, though with different absolute values. This trend can be summarised as:

• The best CoP was achieved by 2S-2SH-DCIC, closely followed by 1S-SH1

• The best VHC was also achieved by 2S-2SH-DCIC and 2S-DCIC, followed at a distance
by 1S-SH1

• The 2S-2SH-DCIC achieves dry compression with moderate overshoot, while 1S-SH1 has
an overshoot about twice as large. The other cycles end their compression in the two-phase
region.
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Figure 5.8: Comparison of different cycle configurations for benzene.

The fluids which have been simulated and follow the same trend include toluene, DMC, C1CC6,
cyclohex, cyclopen and hexane. The respective diagrams can be seen in Chapter B. For these fluids,
it can thus be concluded that 2S-2SH-DCIC gives the most satisfactory results.

Fluids which follow different trends are water, methanol, ethanol and acetone. The comparison
of configurations for water is shown in Figure 5.9. From the CoP diagram it appears that in
general, the improvements possible with different cycles are much lower than what was possible with
benzene. This is inherently connected with the already large CoP of water in the standard cycle.
Nevertheless, improvements in CoP up to 10% are possible with wet compression and intercooling
cycles. Both the 1S-XV(wc-Eff) and 1S-XV(wc-Sat) can significantly improve the CoP for
lower sink temperatures while the improvement diminishes for higher sink temperatures and even
disappears for the latter cycle. The VHC of both these cycles also shows deterioration. Nevertheless,
the discharge temperatures are the lowest compared to the other cycles.

Looking at the cycles with intercooling, it appears that in contrast to wet fluids, 2S-DCIC performs
better than 2S-2SH-DCIC on all terrains. It has a larger CoP, while the VHC and discharge
temperatures are, though similar, in favour of the former cycle. It is also seen that 2S-ICIC
performs significantly worse than 2S-DCIC both on CoP and VHC. On discharge temperature, it
is coincident with the 2S-2SH-DCIC cycle and can therefore not be seen. This confirms that direct-
contact intercooling is better than indirect-contact cooling. Comparing 2S-DCIC to 1S-XV(wc-
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Figure 5.9: Comparison of different cycle configurations for water.

Eff) is difficult. The former scores better on VHC while the latter has a lower discharge temperature.
The latter has a better CoP at low sink temperatures and is a simpler setup. Nevertheless, it requires
technically challenging wet compression and at high sink temperatures, the CoP becomes less than
2S-DCIC. Therefore, it was concluded that the 2S-DCIC is the most suited.

The analysis for the fluids methanol, ethanol and acetone resulted in a slightly different conclusion.
For methanol, it appeared that adding an expander to a single-stage cycle (1S-XP) results in a larger
CoP improvement compared to the standard cycle than 2S-DCIC gives. The latter has a better
CoP than 2S-2SH-DCIC for most of the sink temperature range and is very effective at keeping a
low discharge temperature. On top of that, it has the largest VHC. Therefore, it is concluded that
for methanol, 2S-DCIC is the best configuration. For ethanol, it appeared that 2S-2SH-DCIC
has a slightly better CoP than 2S-DCIC and comparable VHC. Since the discharge temperatures
are relatively low, it was concluded that 2S-2SH-DCIC is the best configuration for ethanol. The
same was concluded for acetone. The respective diagrams can be seen in Chapter B.

5.2.5 Combination of best-performing cycles with the best fluids

From the previous section, it appeared that for most fluids, the 2S-2SH-DCIC was the configuration
with the best improvement compared to the standard cycle. Only for water and methanol, this was
2S-DCIC. All fluids have been simulated again with their improved cycles over domains 1 and 2.
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The results for domain 1 are shown in Figure 5.10 and for domain 2 in Figure 5.11. Again only the
best fluids have been selected for display, with the following selection criteria:

• Domain 1: At TH = 200 ◦C: CoP > 3 & VHC > 1MJ/m3

• Domain 2: At TH = 250 ◦C: CoP > 3 & VHC > 1MJ/m3

The CoP limit was set larger than the threshold value to cut down on the number of fluids in the re-
sults display. This increased threshold was necessary because of the usage of the best configurations,
which resulted in many fluids with a CoP larger than 1.5 at the stated TH.

Figure 5.10: Performance figures for the different fluids using the configuration with the best improvement compared
to 1S-XV for domain 1. Since the colours match, the bottom left diagram can be used as a legend.

Domain 1 From the results for domain 1, it appears that the CoP values are a lot less spread out
compared to the results for 1S-XV and that more fluids can be used up to a higher sink temperature.
Nevertheless, water still has the best CoP values, can reach the largest sink temperatures and has
average VHC. The discharge temperatures are lower than with the 1S-XV cycle but still surpass
the threshold value of 400 ◦C at about TH = 220 ◦C. Benzene also has high a CoP and average
VHC, while keeping the discharge temperatures below the threshold value. Due to the dual-stage
compression, the pressure ratios of all fluids are lowered and do not surpass the threshold value of
8, except water for the largest sink temperatures.

The conclusion is therefore relatively comparable to the one for domain 1 of the 1S-XV cycle, with
benzene being the most suitable fluid to use. Again, if solutions can be found for the large discharge
temperature, it would be a superior fluid due to the higher CoP and hazard-free characteristics.

Domain 2 For this domain, the results look a bit different. In the CoP diagram, it is seen that
over the entire TH range, water has a better CoP by a considerable margin. Moreover, it is still the
fluid that can reach the largest temperature lifts and sustains an exergy efficiency of about 60%
over this range. All other fluids have a quickly deteriorating exergy efficiency, where decane and
C3CC6 can be considered edge cases. In terms of VHC, water is very much superior. The fluids
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Figure 5.11: Performance figures for the different fluids using the configuration with the best improvement compared
to 1S-XV for domain 2. Since the colours match, the bottom left diagram can be used as a legend.

decane and C3CC6 have a VHC which is about a factor of 10 lower. Benzene and DMC also have
relatively high VHC values, however, their use is limited to sink temperatures up to about only
270 ◦C. Regarding the discharge temperatures, water still has the same problem while all other
fluids have similar results. The pressure ratios are however all largely below the threshold value. In
conclusion, water is the most suitable fluid for domain 2, provided the discharge temperatures can
be handled. If this can not be handled, C3CC6 would be the second-best alternative.

In this analysis, the condenser and evaporator have been modelled as indirect-constant heat ex-
changers with a constant heat load. In real heat pumps, however, there are process and waste fluids
with distinct temperature profiles inside the condenser and evaporator. Because a minimum tem-
perature difference is always required in these heat exchangers, the actual temperature lift and CoP
of the heat pump are lower than what has been obtained in this chapter. However, since the char-
acterisation of the process and waste fluids can vary wildly, it was decided to omit these from these
simulations and focus on the working fluid solely. Moreover, this analysis only simulated subcritical
cycles. This allowed a constant temperature profile in the condenser, setting the same bar for each
fluid.

To obtain results for more realistic heat pumps, follow-up research would be necessary. A manual
optimisation to find the optimum cycle configuration and fluid for a given case is possible using the
heat pump design tool shown in Section 4.7. However, due to the vast number of possibilities and
different variables, it can be very time-consuming and inefficient. A follow-up project could therefore
be the development of an optimisation algorithm.
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Chapter 6

HP Model: Summary &
Conclusion

The heat pump model was first compared to three models from other authors. Consistent results
were obtained, which led to the model being considered validated. Afterwards, the model was used
to simulate various heat pump configurations for different fluids over two temperature domains. The
results revealed which are the best configurations and which fluids have the best performance.

For the standard cycle in domain 1, 1S-XV, it appeared that methanol was a good fluid to use
because of its high CoP, VHC and only moderately high discharge temperature. However, it could
only reach a sink temperature of 240 ◦C. Furthermore, the dangers of methanol were pointed out
and it was realised that if the challenges regarding water vapour compression were solved, it would
be a superior fluid. In domain 2, it appeared that no fluid came close to the CoP performance of
water, however, the extreme discharge temperatures and large pressure ratios prevented water from
being a suitable working fluid in this case. Toluene was the next best alternative, though it could
only be used up to 305 ◦C.

With knowledge from the literature study, an investigation into the effect of wet compression with
water as the working fluid was performed. This showed that wet compression can improve per-
formance while lowering the discharge temperature. However, the best CoP was obtained with
superheated vapour.

Because many of the simulated fluids are wet, most of the 1S-XV cycles exhibit wet compression,
which is challenging to achieve. To remedy this, the effect of superheating was investigated. It
appeared that superheating could considerably increase the CoP while preventing wet compres-
sion. Despite this, it was concluded that methanol with minimal superheating still proved to be a
favourable working fluid. Neglecting VHC, benzene would be a good fluid with high CoP and low
discharge temperature. However, the safety and environmental issues of all fluids in the results were
also pointed out and it was again realised that with water, none of these issues exist.

Subsequently, it was investigated which configurations of the ones developed in Section 4.6 give the
best performance. It appeared that for all fluids except water and methanol, the 2S-2SH-DCIC
configuration gave the best results based on its good CoP and low discharge temperature. For water
and methanol, it appeared that superheating did not improve the performance. Therefore, it was
concluded that 2S-DCIC would be the best cycle to use. For water, the standard cycle with wet
compression appeared to give very favourable improvements. However, due to the reduced improve-
ment at higher sink temperatures and the fact that wet compression is technologically challenging,
this cycle was not preferred.

Using the 2S-DCIC cycle for water and methanol and 2S-2SH-DCIC for all other fluids, the
two domains were simulated again. For both domains, it appeared that even with the improved
configurations, no fluid could surpass the CoP performance of water. The discharge temperature
of water was however still much higher than all other fluids. The first best-alternative fluids are
benzene for domain 1 and C3CC6 for domain 2.

Drawing an overall conclusion from these results, a general trend is that water has the absolute
best CoP performance. This is the case with a configuration setup that has fewer components
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than those for the other fluids. Regarding VHC, water is average for the lower sink temperatures
and becomes superior to the other fluids at higher sink temperatures. However, in most cases, the
discharge temperature of water surpasses the threshold value, which is the main reason why water
is challenging to use. Another challenge is the large pressure ratios. The alternative to water is
benzene in domain 1 and C3CC6 in domain 2. Apart from the lower performance, these fluids have
several associated safety and environmental hazards, making their usage dangerous. Water is, apart
from being cheap and freely available, non-harmful and environmentally friendly. This makes water
the ideal working fluid for a HTHP, provided the issues of high discharge temperatures and large
pressure ratios can be solved.

In the next chapter, a compressor design is proposed which could solve these issues associated with
water while keeping its beneficial characteristics.
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Chapter 7

LPGC Model: Design & Modelling
Methodology

In the previous chapter, it became clear that water is an attractive working fluid for a high-
temperature heat pump. It attained the largest CoP relative to all other fluids, with a simpler
cycle, while also being cheap, non-flammable, non-explosive, non-toxic and non-harmful to the en-
vironment. The main downside appeared to be the unacceptably large temperature increase during
compression and the large pressure ratios. With multistage compression and intercooling, the dis-
charge temperature and pressure ratio could be somewhat alleviated, yet at the expense of increased
system complexity and cost. A method of water vapour compression is therefore desired which solves
the problem of large discharge temperatures and pressure ratios. At the same time, this method
should not compromise the heat pump to a great extent in terms of size, cost, or complexity.

It was seen that intercooling the vapour using a DCHXFC has a positive effect on the CoP. However,
this intercooling can only be done between two compressor stages. To exploit this type of intercooling
further, it is thus necessary to add more compressor stages. Since each stage requires an extra DCHX
and another expansion device, system complexity increases quickly to uneconomic magnitudes.

Wet compression can be thought of as another way of intercooling, but then continuously. Due
to the two-phase state of the vapour in the compressor, any heat generated with the compression
will just evaporate more liquid. The temperature is thus fixed to the saturation temperature. This
cycle also showed a large improvement in CoP compared to the standard cycle. Wet compression is
however, as discussed in Section 2.3.2, troublesome with centrifugal compressors due to the damage
that liquid droplets can do to the blades. A twin-screw compressor can be used for wet compression
but requires oil for sealing. Oil-free twin-screw compressors are available, but are more susceptible
to leakage and thus not suited for large pressure ratios [14]. The same problems are true for scroll
and reciprocating compressors. The latter can however also be used with a liquid piston instead of
a solid one, as noted in Section 2.3.2. This principle is known as Liquid Piston Gas Compression
(LPGC).

To understand whether an LPGC would be a suitable compressor in heat pumps, it was decided to
develop a detailed model simulating different effects that occur inside it. For this reason, background
information about its working principle, characteristics, advantages and disadvantages was gathered,
which is presented in Section 7.1. The information was used to develop a numerical model able to
simulate the entire compression and discharge process. The structure, assumptions and calculations
used in this model are described in Section 7.2. Then, in Section 7.3, the conditions which define
the boundaries of the compression process are given. Finally, Section 7.4, discusses the limitations
of the model that resulted from the implications in the modelling method.

7.1 Background information on LPGC

An LPGC can be thought of as a reciprocating piston-cylinder assembly, in which the solid piston
is replaced by a rising liquid column. Using a pump, liquid can be forced into a gas-filled cylinder,
called the compression chamber. A pool forms in the lower part of the chamber due to the higher
density of the liquid compared to the gas. As the liquid is incompressible, the volume of the gas
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has to decrease when there is no other exit in the chamber. The gas is therefore compressed to
a higher pressure [30]. This section aims to show the advantages compared to other compressors
(Section 7.1.1), explain the compression process (Section 7.1.2), describe how LPGC can be beneficial
in heat pumps (Section 7.1.3) and finally, a summary of LPGC in literature is given (Section 7.1.4).

7.1.1 Advantages of LPGC

Unlike a solid piston, a liquid piston can take on any shape that is imposed on it [42]. This
characteristic facilitates measures to increase the heat transfer from the gas, either by increasing the
surface area of the chamber [43, 57] or by introducing (part) of the liquid as a spray [44, 30, 42]. The
former can be done by dividing the compression chamber is multiple smaller compression chambers.
The latter is done by diverting a fraction of the liquid and injecting it as finely dispersed droplets.
The droplets have a large surface area for heat transfer [44]. This allows the gas temperature to
remain low during compression, thereby also reducing the specific compression work. While spray
injection is also possible in solid piston reciprocating compressors, a separate system is required to
evacuate a surplus of injected liquid. If not addressed adequately, there is the risk of a hydraulic
lock [43]. With LPGC, the droplets can conveniently fall into the liquid column [44].

Another advantage of LPGC is that compared to a solid piston, the sliding friction is replaced by
viscous friction. Even though the friction forces were found to be of the same order magnitude, no
oil is required as the operation is wear-free [57].

Furthermore, since any heating effects only happen in the compression chamber, the pump can
operate at a constant low temperature. Therefore, a pump could be relatively cheap compared to a
compressor. Depending on the type of pump, they could also be more efficient than a compressor.
Typical hydraulic pump efficiencies are 80-90% [34]. Due to the incompressibility of water, positive
displacement pumps can reach large pressure ratios in one stage. On top of that, the flow rate is
approximately linearly related to the pump speed, making simple control possible [18].

A disadvantage is that compression speed is limited by gravitational effects to prevent liquid sep-
aration and splashing [44]. Therefore, to achieve the required capacities, the LPGC system might
require more floor space than ordinary compressors would. This downside could however be com-
pensated by the fact that the compression chamber is easily scalable.

7.1.2 Compression process in LPGC

The different stages of the compression process in an LPGC are shown in Figure 7.1.

Figure 7.1: The separate stages that occur in the compression process of the LPGC. The blue colour indicates
liquid, while the green, orange, and red colours describe low-pressure, medium-pressure, and high-pressure vapour
respectively.

The system consists of a compression chamber that has in and outlets both at the top and at the
bottom of the chamber. Spray nozzles are also situated at the top of the chamber. Furthermore,
there are 5 valves, numbered in the drawing of the ’Initial’ stage:
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1. Liquid admission valve: controls the entrance of liquid into the chamber. The liquid comes
from a pump and can therefore be forced into the compression chamber.

2. Liquid discharge valve: controls the release of liquid out of the chamber towards a liquid
reservoir.

3. Spray valve: controls the amount of liquid towards the spray nozzles.

4. Vapour discharge valve: controls the release of vapour out of the chamber towards a high-
pressure vapour reservoir.

5. Vapour admission valve: controls the entrance of vapour into the chamber towards a low-
pressure vapour reservoir.

The orientation of the valves shows whether the fluid can flow in that stage or not, which is also
indicated by the arrows. The stages of the cycle are:

• Initial: At this stage, the compression chamber contains only low-pressure vapour. All valves
are closed and there is no flow. It is therefore only an instantaneous stage in the cycle

• Compression: In this stage, the liquid admission valve and spray valve are open. This allows
liquid to enter from the bottom of the chamber forming a rising liquid column. As all other
valves are closed, the vapour has no way out and thus the available volume for it decreases.
Thereby the chamber pressure is increased. If the compression is assumed to be adiabatic,
the temperature of the vapour increases rapidly. The spray valve allows some of the liquid
to enter the compression chamber from the top. The spray nozzles inject the liquid as finely
distributed small droplets right into the vapour space. This enables a large degree of heat
transfer between the droplets and the vapour, thereby cooling the vapour.

• Discharge: In this stage, the vapour discharge valve is opened because the pressure in the
chamber reached the desired value. The liquid admission valve is also still open and thus the
liquid column keeps rising, thereby forcing the vapour out of the compression chamber. The
spray valve is closed in this stage, as the vapour is not being compressed anymore. Adding
more spray could lead to condensation of the vapour, which is undesirable.

• Reverse: At this stage, the compression chamber has been filled up with liquid. All valves are
closed, so there is no more flow. It is therefore only an instantaneous stage in the cycle

• Release: In this stage, the liquid discharge valve is opened and the remaining high-pressure
vapour forces the liquid out of the chamber. All other valves are closed.

• Recharge: In this stage, the pressure in the chamber is decreased to that of the low-pressure
vapour. This allows the vapour admission valve to be opened, allowing new low-pressure
vapour to enter the chamber. The vapour replaces the liquid, which keeps discharging from
the chamber via the liquid discharge valve.

7.1.3 LPGC in heat pumps

A key characteristic of an LPGC in a vapour compression heat pump is that the liquid phase of the
working fluid can be used to compress the vapour phase of this working fluid. So with the use of
water as a working fluid, liquid water can be used to compress steam. Figure 7.2 shows a diagram
of how an LPGC can be implemented in a vapour compression heat pump.

The system consists of the usual evaporator (1) and condenser (9), which are modelled as shell-and-
tube heat exchangers. These heat exchangers also act as flash chambers, as visualised Figure 7.3. The
waste and process heat streams flow through the tubes in the evaporator and condenser respectively.
In the evaporator, the tubes are surrounded by saturated liquid water. As the waste heat stream
gives up its heat, the water boils and the resulting steam gathers in the upper portion of the shell.
Therefore steam can be drawn off from the top of the evaporator towards the vapour admission
valve (2). This valve controls the admission of vapour into the compression chamber (6). From the
bottom of the evaporator, liquid can be drawn off towards the pump (3). The pump is driven by
a motor (4) and pumps liquid towards the compression chamber, governed by the liquid admission
valve (5). A small fraction of the supplied liquid, controlled by the spray valve (7), is diverted to
spray nozzles at the top of the chamber. The spray line is branched off before the liquid admission
valve instead of after because of the pressure drop that the spray valves have. By controlling both
valves, the amount of spray can be controlled.
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Figure 7.2: Diagram of a Liquid Piston Gas Compressor implemented in a vapour compression heat pump. The
components are not drawn to size.

Once the pressure in the chamber reaches the desired discharge pressure, the discharge valve (8)
opens, allowing the high-pressure steam to enter the condenser (9). In the condenser, the process
stream flows through the tubes which are surrounded by the steam. The steam gives up its heat
to the process fluid and thereby condenses. The condensate gathers at the lower portion of the
condenser shell, where it can exit towards the expansion valve (10). This valve throttles the high-
pressure condensate to the pressure of the evaporator, which the resulting stream subsequently
enters. When the compression chamber is full of water, the liquid discharge valve (11) opens to
allow the water back into the evaporator. This discharge is facilitated by the remaining pressure
in the chamber and the higher position of the compression chamber to the evaporator so that the
liquid naturally falls to the evaporator.

Depending on the pressures of the waste and process fluid it might not be desirable to have the
working fluid outside the tubes in the evaporator and condenser. Generally, the fluid with the
largest pressure is placed inside the tubes to minimise construction costs [58]. In that case, a
separated flash chamber may be incorporated with an ordinary shell-and-tube heat exchanger.

Otherwise, the evaporator thus acts as both a heat exchanger and a liquid reservoir for the pumping
liquid. A disadvantage of this system is its cyclic operation. With every cycle, there is an interval
in which a lot of liquid is withdrawn from the evaporator, followed by an interval where a lot of
liquid returns. The same goes for the vapour in the evaporator and condenser. The level of the
liquid-vapour interface therefore changes during the process. The tubes in the evaporator should
remain submerged in liquid to keep the same evaporating capacity. Similarly, the tubes in the
condenser should remain submerged in vapour to keep the same condensing capacity. Furthermore,
the pressure levels change during the inflow/outflow of liquid/vapour. The corresponding saturation
temperature changes accordingly which undesirably deviates the process from the design point.

This problem can be dealt with by sizing the evaporator, condenser, and compression chamber such
that the admission and discharge do not have a large influence on the surface levels in the heat
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(a) Evaporator. (b) Condenser.

Figure 7.3: The evaporator (a) and condenser (b) are shell-and-tube heat exchangers with extra space above and
beneath the tubes respectively.

exchangers. This approach could however lead to largely oversized components. Another solution
to this problem is having multiple smaller compression chambers in parallel to each other, but
operating in different phases. The number of chambers can be chosen such that there is one chamber
discharging to the condenser at all times, approaching a more continuous operation. Another reason
for adding more compression chambers can be to increase the pumping capacity when increasing
the chamber volume is not practical. Furthermore, a multitude of compression chambers allows the
pump to run continuously instead of having to start and stop again and again.

During compression, the liquid column in the chamber likely heats up due to heat transfer from the
compressed vapour. This heat is not wasted because once the release valve opens, the pressure is
lowered and the liquid becomes supersaturated. A part of it therefore flashes to vapour either inside
the compression chamber or in the evaporator.

7.1.4 LPGC in literature

Various projects in the literature investigated LPGC. Most of these use LPGC in Compressed Air
Energy Storage (CAES) systems. Here, air is compressed and stored when there is a surplus of
energy and expanded when there is an energy demand. With an ordinary compressor air significantly
heats up, consuming considerably more work than isothermal compression would [42]. With LPGC,
authors hope to achieve (near-) isothermal compression by the cooling which LPGC facilitates. This
is either done by facilitating convection [40, 41], increasing the surface area of the compression
chamber [57, 43], or by liquid spray injection [44, 30, 1, 42]

Van de Ven & Li (2009) made a numerical simulation which used water to compress air. Cooling
was implemented by simulating an LPGC consisting of 1 up to 1.000.000 individual compression
chambers. With more chambers, the ratio of wall area to volume was increased, giving more surface
for heat transfer. The process was compared to an ordinary air compressor and it was found that the
energy consumption of LPGC was 19% lower than the ordinary compressor, while near-isothermal
operation was achieved.

Qin & Loth (2013) made a numerical simulation of a liquid column of water in a compression
chamber, moved up and down by a reciprocating piston in the same chamber, to compress air. Due
to the gravitational effects, the acceleration of the liquid column is limited to prevent separation.
Air was cooled by direct droplet spray injection and by pre-mixing of droplets in the air admission
pipe. A detailed analysis considered individual droplet sizes, kinetics and evaporation effects. The
compression process was assumed to be polytropic. Viscous losses in the compression were about
2% and therefore neglected. The vapour space was assumed to be adiabatic and the droplets were
uniformly distributed through the chamber and had identical temperatures. The mean droplet
diameters used were 10µm, 20µm, 50µm and 100µm. For each time step, the compression was
calculated, followed by a heat balance to calculate the heat transfer to the droplets. The results
showed that compression efficiency was improved from 71% for adiabatic compression to 95% with
near-isothermal compression at high liquid mass loading. The optimum operation was achieved with
direct injection of small droplets.
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The work that referred LPGC to heat pumps was found in the work of Kowalski et al. (2022),
who used propylene glycol to compress CO2. In an experimental setup, a pump forced liquid into a
compression chamber both as a column from the bottom and as spray from the top. Results showed
that near-isothermal compression could be achieved and compression efficiency was improved by
17% to 30% compared to the adiabatic case. Even though the downsides of compressors in heat
pumps motivated this research, no application to heat pumps was made.

7.2 LPGC Model

A numerical model of a Liquid Piston Gas Compressor with liquid spray injection has been made.
In this model, the compression chamber is a cylindrical chamber with diameter D and volume VC,
as seen in Figure 7.4. The model simulates the compression process from the ’Initial’ stage until
the ’Reverse’ stage, referring to Figure 7.1. The release and recharge are not simulated as these are
not relevant to the compression characteristics. Furthermore, the pressures in the evaporator and
condenser are assumed to be constant and thus independent of the inflow/outflow of liquid/vapour.
Also, it is assumed that deviations from thermodynamical equilibria can be neglected. As such the
model is simulated as a quasi-equilibrium process.

Figure 7.4: Schematic overview used for the model of the LPGC. It shows an instantaneous moment in the com-
pressing part of the cycle. Four droplet layers have been injected.

In the initial state, t = 0, the chamber thus contains only saturated vapour at the pressure of the
evaporator. The liquid column rises from the bottom to the top, thereby compressing the vapour.
The admission of liquid stops when the chamber is filled, leaving a small clearance volume Vcl in the
discharge pipe. The clearance volume is defined as a percentage fcl of the chamber volume:

Vcl = fclVC. (7.1)
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The final state of the simulation (t = tf) is the point where the admission of liquid stops. The liquid
mass flow rate, ṁL, is taken constant and thus the upwards velocity of the vapour-liquid surface, us,
is also constant. The vapour space, which is taken as control volume (CV), is therefore gradually
decreasing in volume. This vapour space is assumed to be adiabatic, so it does not exchange heat
with the walls over the chamber, nor with the liquid column. The CV does have liquid droplets
entering from the top and exiting at the bottom (droplets fall into the liquid column). A fraction
fLS of the supply liquid is taken from the admission/release pipe and enters the chamber through
the spray nozzles. This is the spray fraction. The mass flow rates of the liquid column (LC) and the
liquid spray (LS) are therefore

ṁLC = (1− fLS) ṁL & ṁLS = fLSṁL (7.2)

respectively. The velocity of the vapour-liquid surface is then

us =
ṁLC

ρLAC
, (7.3)

where ρL is the liquid density and AC = 1
4πD

2
C is the cross-sectional area of the chamber.

A new layer of droplets is assumed to enter the chamber in evenly spaced time intervals of ∆tLS.
The droplets themselves are modelled as perfect spheres, which can be assumed for diameters lower
than 400µm [26]. Properties that describe droplets are denoted with a small ’d’ subscript. Each
layer is assumed to contain an equal amount of droplets. All droplets in one layer are assumed to
be identical, so they always have the same diameter, vertical position, velocity etc. Therefore, some
droplet properties describe the entire layer. The droplets are assumed to be perfectly distributed
around the chamber from the moment they are injected. The droplet mass can then be calculated
as:

md = ρLVd (7.4)

where Vd is the droplet volume. The number of droplets injected each second is then:

ṅd =
ṁLS

md
(7.5)

and number of droplets in each single layer is:

nd = ṅd∆tLS. (7.6)

7.2.1 Structure of the model

The structure of this model is explained with the flow diagram shown in Figure 7.5. First, the
inputs are defined and used to calculate the initial conditions of the LPGC, described further in
Section 7.2.6. These are used to initiate a numerical model of the compression chamber with droplets
sprayed into it. The steps that are taken with each step in time are:

• Discharge pressure check: it is checked whether the set discharge pressure was reached in
the previous time step. If this has not been reached yet, the discharge valve is still closed
and the model continues with adiabatic compression. Otherwise, if the discharge pressure has
been reached, the discharge valve is open and the model continues with discharge property
calculations.

• Adiabatic compression: due to the decreased volume of the vapour space, the pressure of
the vapour increases. This increase is calculated with adiabatic process thermodynamics.

• Reaching thermal equilibrium: due to the difference in temperature between the droplets
and the vapour, thermal energy will be exchanged. This will evaporate some of the droplets,
thereby cooling the vapour. The pressure will be corrected for the changes in density and
mass.

• Discharge property calculation: due to the discharge valve being open, the mass of the
vapour decreases while the pressure stays constant. The remaining droplets in the chamber
are

• Calculating droplet kinematics: the droplet masses might have changed by evaporation
or by falling into the liquid column. Therefore, the forces on them have changed and thereby
the path they take through the chamber.
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Figure 7.5: A flow diagram of the LPGC model showing the general sequence of actions that are taken.

This separated order of accounting for the different mechanics is similar to what Qin and Loth
(2013) used. This process was validated in the same work using experimental data on channel flow
developed in [25, 53].

When the last time step has been reached, the final mass and energy flow rates are calculated. These
provide the specific work, compression efficiency and entropy production of the compression.

The length of a single time step in discrete form is ∆t so that:

tj = tj−1 +∆t. (7.7)

The first instant is at j = 1 and the simulation starts at t = 0, so t1 = 0. The time step is derived
from the final time and the number of steps N of the simulation:

∆t =
tf
N

. (7.8)

7.2.2 Adiabatic compression

The mass of the liquid column is that of the previous time step plus the part that has entered the
chamber since.

mLC,j = mLC,j−1 + ṁLC∆t. (7.9)
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The volume of the liquid column is then VLC,j =
mLC,j

ρL,k
. The volume of the liquid present in the

room as sprayed droplets is the sum of the volumes of all individual droplet layers:

VLS,j =

NT,j∑
k=1

mdT,k,j

ρd,k,j
, (7.10)

where mdT,k,j is the total droplet mass of layer k, ρd,k,j the droplet density of layer k and NT,j the
number of layers present in the chamber, all at time tj .

Now, the volume left for the vapour can be calculated:

VV,j = VC − VLC,j − VLS,j . (7.11)

It is assumed that the relationship between pressure and volume can be described as a polytropic
process, which was also used by Qin & Loth (2013) and Van de Ven & Li (2009). The pressure is
then calculated using the polytropic process relation with the conditions of the previous time step:

pj = pj−1

(
VV,j−1

VV,j

)κj

. (7.12)

Here κj is the polytropic index which is, for an isentropic (reversible and adiabatic) process, the
ratio of specific heat capacities of the fluid [35, 49]. For the calculation, the heat capacities of the
previous time step are used: κj =

cp,j−1

cV,j−1
. As the specific heats are recalculated every time step, the

polytropic index dynamically follows the compression process.

The deviation of the isentropic process is quantified by the isentropic compression efficiency ηcom [5,
2]:

hV,j = hV,j−1 +
hVs,j − hV,j−1

ηcom
(7.13)

where hVs,j = h (p = pj , ρ = ρV,j) is the isentropic specific enthalpy evaluated at the current pressure
pj and the current vapour density ρV,j =

mV,j

VV,j
. With the newly calculated vapour enthalpy and the

current vapour density, which has not changed, the pressure corrected for the isentropic efficiency
can be evaluated: pj = p (h = hj , ρ = ρV,j).

7.2.3 Thermal equilibrium

Due to the assumption of a quasi-equilibrium process, it is assumed that the vapour and the droplets
reach full thermal equilibrium with each time step. The thermal equilibrium is found by deriving
the mass and energy balances of the vapour space. The total equilibrium mass is found by adding
the droplet mass to the vapour mass mV,j :

meq,j = mV,j +mLS,j . (7.14)

The energy balance is:

mV,jhV,j +

NT,j∑
k=1

mdT,k,jhd,k,j = meq,jheq,j . (7.15)

Here hV,j is the vapour enthalpy, mdT,k,j the total droplet mass in layer k and hd,k,j the enthalpy
of the droplets in layer k, all at time tj . From this equation the equilibrium enthalpy heq,j can
be calculated. The equilibrium volume is fixed and independent of the thermodynamics. It is the
chamber volume minus the liquid column volume, Veq,j = VC−VLC,j , so that the equilibrium density
is calculated with ρeq,j =

meq,j

Veq,j
. With heq,j and ρeq,j , two state points are known and the resulting

pressure and quality xeq,j can be evaluated with RefProp. This pressure is therefore a correction to
the previously calculated pressure and any variables that depend on it should be corrected as well.

The masses of the vapour and droplets remaining after the thermal equilibrium can be calculated
with the quality:

mV,j = xeq,jmeq,j & mLS,j = (1− xeq,j)meq,j (7.16)

The total evaporated mass of droplets is then:

mevap,j = mLS,j−1 −mLS,j . (7.17)
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To determine how this evaporation is distributed over all layers, the surface area of the droplets
Ads,j before thermal equilibrium is used. The larger the surface area of the droplets in a layer, the
larger the area available for heat transfer. Therefore it is assumed that more will evaporate from
larger droplets. The surface distribution coefficient per layer, narea,k,j , is thus the droplet surface
area normalised by the total droplet surface area in the chamber:

narea,k,j =
Ads,k,j∑NT,j

k=1 Ads,k,j

. (7.18)

The new liquid mass in layer k can then be calculated with:

mdT,k,j = mdT,k,j−1 − narea,k,jmevap,j . (7.19)

Now that the mass of liquid droplets has been corrected, the volume of the liquid spray can be recal-
culated with Equation (7.10). This can be used to recalculate vapour volume with Equation (7.11)
and then the vapour density can be calculated with:

ρV,j =
mV,j

VV,j
. (7.20)

With the pressure and vapour density known, the other vapour state properties, TV,j , hV,j , sV,j and
µV,j , can be determined.

The liquid droplet state properties, hd,j and ρd,j are determined by evaluating the saturated liquid
state properties at the new higher pressure pj . The liquid in the column is pumped to the new
pressure and thus its specific enthalpy changes accordingly:

hL,j = hC + (hLs,j − hC) /ηPU (7.21)

where ηPU is the isentropic efficiency of the pump and hLs,j is the isentropic enthalpy evaluated from
the new pressure and the liquid entropy of the evaporator. With the pressure and liquid enthalpy
being known, the other liquid state properties, TL,j , hL,j , sL,j and µL,j , can be determined.

7.2.4 Droplet kinematics

The droplets are modelled in 1D, so they only have vertical motion. They therefore do not move
sideways and they do not interact with other droplets. In this section, most properties are evaluated
at each time j and for each layer k separately, unless stated otherwise. For readability, however, the
j and k notation has been dropped. The mass of an individual droplet is calculated by dividing the
layer mass by the number of droplets: md = mdT

nd
. The droplet diameter, volume, frontal area and

surface area can then be calculated:

Dd =

(
6md

πρL

) 1
3

Vd =
1

6
πD3

d Adf =
1

4
πD2

d Ads = πD2
d. (7.22)

The only forces acting on the droplets are assumed to be the gravity Fg downwards and the drag FD

upwards. The buoyancy force is assumed to be negligible due to the density of steam being smaller
than that of water by about a factor of 1000. The force balance then becomes:∑

F = FD − Fg = mdv̇d. (7.23)

Here, vd is the velocity of the droplet and thus v̇d is its acceleration. The gravity is simply:

Fg = mdg (7.24)

where g = 9.81m/s2. The drag force is calculated with the general drag equation:

FD =
1

2
CDρVAdw

2
d. (7.25)

Here, ρV is the vapour density, and wd is the relative velocity between the droplet and the vapour:

wd = u− vd (7.26)
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where u is the vapour velocity at the position of the droplet, zd. The vapour velocity is zero at the
top of the chamber, and us at the position of the vapour-liquid surface, zs. The vapour velocity may
be assumed to be linearly distributed between these extremities [44], so that:

u =
zd
zs

us. (7.27)

The drag coefficient CD is estimated with [36]:

CD =
24

Re
+

2.6
(
Re
5.0

)
1 +

(
Re
5.0

)1.52 +
0.411

(
Re

2.63×105

)−7.94

1 +
(

Re
2.63×105

)−8.00 +
0.25

(
Re
106

)
1 +

(
Re
106

) (7.28)

where Re is the Reynolds number:

Re =
ρVwdDd

µV
(7.29)

with µV the dynamic viscosity of the vapour.

With the forces known, the acceleration can be computed. By integrating the acceleration, the
velocity can be found. By integrating the velocity, the droplet position can be found. In the model,
this is achieved with the Euler method [51]:

vdT,j = vdT,j−1 + v̇d,j∆t, (7.30)

zdT,j = zdT,j−1 + vd,j∆t. (7.31)

The vapour-liquid surface position has increased as well:

zs,j = zs,j−1 + us∆t. (7.32)

7.2.5 Calculation of energies and masses

The compression work is approximated by taking the sum of the differential amount of specific work
done in each time step by the pump and multiplying it with the liquid mass flow rate through the
pump:

WCP = ṁL

N∑
j=1

(hL,j − hL,C) . (7.33)

where hL,j is the enthalpy of the liquid after the pump at tj and hL,C is the enthalpy of the liquid
before the pump. The work can also be calculated by taking the integral of the differential pressure
in the chamber over the vapour volume to obtain the work associated with the compression of the
vapour by the liquid column and divide that by ηPU to account for the pump efficiency:

WCP =
1

ηPU

∫
(p− p0) dV. (7.34)

In the model, the integral is approximated by a trapezoidal numerical integration using the ’trapz’
function in MatLab.

To calculate the specific work, it is required to know the vapour mass discharged from the compres-
sion chamber. To that end, the vapour mass that will be left in the clearance volume should be
subtracted from the vapour mass present at the instant the discharge valve opens:

mV,discharged = mV,open −mcl. (7.35)

The specific work can then be calculated as:

wCP =
WCP

mV,discharged
. (7.36)
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7.2.6 Inputs & Initial conditions

The inputs that the LPGC model takes are largely analogous to the heat pump model. These are:

• Evaporator saturation temperature, TC

• Evaporator vapour quality, xC

• Condenser saturation temperature, TH

• Isentropic compression efficiency ηcom

Additional inputs to define the LPGC model are:

• Isentropic pump efficiency ηPU

• Compression chamber volume, VC

• Compression chamber diameter, DC

• Clearance volume fraction, fcl

• Spray fraction, fLS

• Initial droplet diameter, Dd,1

• Initial droplet velocity, vd,1

• Droplet layer time interval, ∆tLS

• Number of simulations steps N

With these inputs, the initial conditions can be calculated. The initial thermodynamic state prop-
erties of temperature, density, specific enthalpy, specific entropy and dynamic viscosity can be de-
termined for both the vapour and the liquid. These are T1, ρL,1, ρV,1, hL,1, hV,1, sL,1, sV,1, µL,1

and µV,1

From the first instant, a layer of droplets is present at the top of the chamber. The initial mass of
liquid droplets present is therefore:

mLS,1 = ṁL∆tLS. (7.37)

Apart from these droplets, the model starts with the chamber completely filled with this vapour
from the evaporator. The initial mass of this vapour is:

mV,1 = ρV,1

(
VC − mLS,1

ρL,1

)
. (7.38)

The entrance conditions of the liquid, determined above, define the state in which the liquid enters
the chamber. The droplets enter the chamber with an initial diameter of Dd,1 and an initial velocity
of vd,1. During the simulation, however, the pressure increases and the vapour properties change.
Therefore the properties with which the liquid enters the chamber also change and these are thus
corrected accordingly. The initial droplet state properties hd,1 and ρd,1 become that of the pumped
liquid in the column calculated from Equation (7.21).

The initial vapour-liquid surface position is at the bottom of the compression chamber, so:

zs,1 = − VC
1
4πD

2
C

. (7.39)

The initial droplet position is at the top of the compression chamber, so zd,1 = 0.

The simulation runs until the liquid column has filled the compression chamber volume up to the
point where only the clearance volume is left for the vapour, thus:

VLC = VC − Vcl. (7.40)

The time at which this happens is needed before the simulation starts to set up the time vector. It
is approximated by:

tf =
VC − Vcl

V̇L

, (7.41)
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where V̇L is the liquid volume flow rate calculated with the initial liquid density:

V̇L =
ṁL

ρL,1
. (7.42)

This is valid under the assumption that the density of the liquid column remains approximately the
same.

7.3 Boundary conditions

If the layer position has become lower than the vapour-liquid surface position, it has effectively
encountered the liquid column. The layer mass will be removed from the liquid spray and added
to the liquid column. These droplets will therefore not be able to exchange heat with the vapour
anymore.

If the pressure in the chamber becomes larger than the condenser pressure, the discharge valve opens,
allowing the vapour to discharge to the condenser. The liquid is still pumped into the chamber,
thereby displacing the vapour out to the condenser. The pressure in the chamber however remains
constant at the condenser pressure and thus no compression is taking place anymore. Because of this,
the spray valve closes at the same time that the discharge valve opens to discontinue the injection
of droplets in the chamber. If the injection continued, the pressure and quality of the vapour would
rapidly decrease due to the injected droplets being colder than the vapour. Part of the vapour would
condense to increase the droplet temperature to the saturation point. Some droplets would exit the
chamber to the discharge pipe and end up in the condenser where they have no potential for heat
transfer. The total liquid mass flow rate will however not change.

The distribution of the evaporated liquid mass over the layers by using the surface distribution
narea,k,j may result in some layers being attributed an excess of evaporated mass, thereby resulting
in a mathematically negative layer mass. To prevent this, the signs of the layer masses in mdT,k,j are
checked and if any is negative, the distribution is recalculated with the mass distribution coefficient
nmass,k,j , where:

nmass,k,j =
mdT,k,j∑NT,j

k=1 mdT,k,j

. (7.43)

The new liquid mass in layer k at time tj can then be calculated with:

mdT,k,j = mdT,k,j−1 − nmass,k,jmevap,j . (7.44)

As such, negative mass is inherently prevented.

7.4 Limits to the model

As the model is not focused on representing an accurate CFD simulation, a large set of assumptions
was used and the model is therefore highly simplified. Even though this approach is believed to be
sufficient for the purpose of this model, some limitations are discussed here.

Quasi-equilibrium process assumption The first limitation is the assumption of a quasi-
equilibrium process in which the droplets and vapour come into equilibrium with each other in
every time step. This implies that with every ∆t, any heat produced in the vapour is completely
exchanged with the droplet. A more realistic model would calculate the heat transfer coefficient and
subsequently the heat transfer to the droplets. The evaporator droplet mass could then be smaller
than what is calculated in this mode. Qin & Loth (2014) employ such calculations, taking the
evaporation effect into account as well. The evaporation of droplets causes a mass flux that changes
the heat transfer coefficient. Connected to this limitation is that the model does not account for
a possible reduction in drag force due to evaporation effects. This effect happens as the boundary
layer near the droplet is different due to the vapour mass flux [44]. Furthermore, the model assumes
that heat can always be transferred to the droplets, even if just one layer is present in the chamber.
Even though more layers are added quickly, the first layers take a relatively large part of the heat
in the initial stages. The influence that this behaviour has on the end result was not investigated.
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Adiabatic vapour space assumption Another assumption was that the vapour space is fully
adiabatic, which was also used by Qin & Loth (2014). Therefore, the model does not account for heat
transfer between the liquid column and the vapour, even though there is a temperature difference
between them. Furthermore, it assumes a perfectly flat vapour-liquid surface with no mixing. To
quantify the heat transfer to the column relative to the droplets, the maximum droplet surface area
was evaluated for the simulation that used the inputs Section 8.2.1. It appeared that the vapour-
liquid surface area of the column was at least 23% of the droplet surface area. Therefore, the column
could play a significant part in cooling the vapour, which is not taken into account in the model.
The same is true for the walls of the compression chamber. However, it is expected that they have
a much smaller thermal mass compared to the liquid column.

Step size assumption In the results, the step size was arbitrarily set to a value which still showed
similar performance as a much smaller step size. The droplets however have a characteristic response
time τd. For Reynolds numbers smaller than 1, this time is:

τd =
ρLD

2
d

18µV
. (7.45)

Due to the evaporation of the droplets and the associated reduction in droplet diameter, the charac-
teristic time continuously decreases during the simulation. Once this characteristic time drops below
the step size ∆t, the particle kinetics become unstable. This behaviour expresses itself by a runaway
effect where the calculated acceleration overcompensates the changes in the droplet characteristics.
To prevent such events, the step size could be set so small that the characteristic time never becomes
larger. This may however require an unnecessarily small step size. To suppress this effect at larger
step sizes, the model checks if the acceleration surpasses a certain threshold value. When this is the
case, the acceleration is set to 0. It is thereby assumed that the particle has reached its terminal
velocity so that there would be no more acceleration anyway.

This simplification is intensively used in the model, since the τd appeared to become significantly
smaller than the step size. It was found by Qin & Loth (2014) that the step size should be set
to ∆t = 0.02τd to be able to account for even the kinetics of even the smallest droplets. Since
the purpose of this model is not to describe droplet dynamics accurately, this recommendation was
dropped and the approach described above was utilised.

Euler’s method approximation To compute the droplet velocities and accelerations, Euler’s
method was used. This method however results in an error increasing with time [51]. The step size
should be set small enough such that the error remains insignificant. It was however not investigated
whether the step size used in the results was small enough to fulfil this requirement. Nevertheless,
since the step size was set to such a size that the results did not differ significantly with smaller step
sizes, it is believed that the error remained small.

Droplet collisions It was assumed that droplets were perfectly distributed around the chamber
and did not collide with each other or with the chamber walls. This assumption was also used in
Qin & Loth (2014) and was taken on the basis that this model is not trying to accurately describe
droplet behaviour.

Compression speed No considerations were made regarding the speed of compression. It was
assumed that the vapour-liquid surface instantly reached its speed. In reality, however, pump and
valve inertia do not allow instantaneous flow. Furthermore, gravitational effects limit the allowable
acceleration of the surface to avoid separation. Besides that, the potential splashing of the vapour-
liquid surface is not taken into account. Qin & Loth (2014) however assumed the same and used a
limit of 0.5g for the acceleration of the vapour-liquid surface.

Pumping simplifications It was assumed that the pump outlet pressure was equal to the cham-
ber pressure. However, in a real system, there is a pressure difference over the valves and spray
nozzles. Therefore, the pump should work at a larger pressure ratio than the compression ratio of
the heat pump. The magnitude of this pressure drop was not investigated, but Patil et al. (2020)
experienced near-isothermal compression with an injection pressure of about 2 bar.

Another effect which is not considered for the pump is cavitation. Due to the pump receiving
saturated liquid, cavitation is likely to happen [43]. In this project, it was assumed that the pump
is cavitation resistant.
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Chapter 8

LPGC Model: Results &
Discussion

This section shows the results of compression processes simulated with the LPGC model. First,
an attempt at validating the model is made in Section 8.1. Afterwards, the model is simulated
for an example case. The inputs, initial conditions and results are shown in Section 8.2, which also
discusses model behaviour. Lastly, the LPGC model is integrated into the heat model in Section 8.3.
The influence of spray fraction on the performance is investigated and the best settings are used to
compare a heat pump cycle with an LPGC using water against the best results of Chapter 5. The
conclusion of these results is given in Chapter 9.

8.1 Model validation

Model validation is difficult because no literature has been found on liquid pistons using water to
compress steam. The majority of the literature on LPGC concerns the compression of air with
water. Some cases of different gases and different liquids have been found, but not with an identical
liquid-gas pair. This characteristic is important since the evaporation of droplets that add to the
vapour mass is an integral model dynamic. Furthermore, most of the literature is developed towards
compressed air energy storage (CAES), for which isothermal compression is most desired. When
applied to heat pumps, full isothermal compression is however obviously not desired. In contrast, it
is important to prevent any condensation of the steam, as it reduces the amount of heat available for
the compressor. Gearing the model to that found in literature, therefore, requires an unreasonable
amount of adjustments and changes. The result would not represent the actual model anymore and
could therefore not be used as validation.

Nevertheless, one way to test the model qualitatively is by setting the spray fraction to zero, resulting
in a purely adiabatic compression. This compression can be compared to adiabatic compression
literature. The work of Qin and Loth (2014) concerns an LPGC with water spray injection into
an air-filled compression chamber. In the same compression chamber, a piston is placed with a
fixed volume of liquid on top of it. With the piston moving up, the liquid column moves up and
thus the air space is compressed. A numerical model was made that simulates droplets and their
dynamics. The simulation was also run with the droplet mass loading set to zero. The starting
pressure is pC = 1.01 bar and a pressure ratio of rcom = 10 was used. The discharge valve therefore
opens at pH = 10.1 bar. The air in the chamber at the beginning of the compression process and the
water used for the liquid piston both have a temperature of 20 ◦C. The polytropic index is taken
to be the ratio of specific heat capacities of air. The exact value used is not explicitly given in the
paper, but at the initial conditions, the value is n = 1.402 [20] so this value will be used in the
validation. The compression chamber has a diameter 0.3m and a length of 0.3m. The resulting
compression curves are shown Figure 8.1a in terms of temperature, pressure and cumulative work
against the piston travel. The red line represents the adiabatic case against which the LPGC model
is compared. Figure 8.1b shows the results from the LPGC model when it is supplied with the same
inputs. The discharge temperature, final work and piston travel at which the discharge valve opens
can approximately be read from the graphs and compared to the values from the LPGC model.
This comparison is shown in Table 8.1 where it is seen that the LPGC model closely approaches the
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(a) Qin and Loth (2013) [44] (b) LPGC model

Figure 8.1: Results of the model of Qin and Loth (2013) compared with the LPGC model for the same inputs [44].

model of Qin.

Tdischarge [K] Wfinal [kJ] Piston travel [%]
Qin and Loth (2013) 566.7 7.000 80.71

LPGC model 565.0 6.985 80.65
Error [%] 0.300 0.214 0.689

Table 8.1: Results of the model of Qin and Loth (2013) compared with the LPGC model for the same inputs [44].

With the adiabatic case validated, the compression process of the LPGC model can be trusted.
The heat transfer and droplet kinetics are however yet to be validated. Nevertheless, as stated in
Section 7.4, the purpose of the model is not to accurately describe droplet behaviour. Instead, it is
hoped that the model can show the influence of the presence of liquid droplets on the thermodynamic
properties of the vapour during the compression process. With that realisation, doubts about the
validity of the droplet models can be somewhat alleviated.
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8.2 Simulation of an example LPGC

An LPGC compressor is simulated to showcase and explain its behaviour. The inputs that are used
for this example and the resulting initial conditions are first discussed in Section 8.2.1. Afterwards,
the results of these inputs are shown in Section 8.2.2 together with a discussion of the behaviour.

8.2.1 Inputs

For the example simulation of this model, an evaporator pressure of pC = 1bar and a condenser
pressure of pH = 10bar has been chosen arbitrarily. The isentropic compression efficiency is set
equal to that of an ordinary compressor: ηcom = 70%. The isentropic pump efficiency is set at
ηPU = 80% [34]. The gravitational acceleration is g = 9.81m/s2.

The geometry of the compression chamber and is chosen arbitrarily. It has a diameter of DC = 0.5m
and a volume of VC = 0.1m3. The clearance volume is fcl = 0.01% of the chamber volume. The
mass flow rate of the pumped liquid is set at ṁL = 10 kg/s. This results in the chamber being full
in about 9.5 s.

The initial droplet diameter is chosen to be Dd,1 = 100 µm (one of the sizes used by Qin & Loth
(2014)) and the initial velocity is arbitrarily set to vd,1 = −0.1m/s. The number of steps is chosen
to be 2000 , resulting in a time step of ∆t = 4.8ms. This step size showed no significant difference
in the results compared to smaller step sizes. The interval between the injection of two layers of
droplets is set at DeltatLS = 20ms.

The fraction of liquid sprayed into the chamber, fLS has been set such that the final quality of the
vapour is approximately 1 such that there is no overshoot. In this case, the spray fraction needs
to be fLS = 0.00056. With these inputs, the calculations that were necessary in advance of the
simulation could be made and the results are shown in Table 8.2.
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Table 8.2: The initial calculations, which are necessary for the simulation, calculated from the inputs.

Fluid properties Quantity Value Unit Source
Initial temperature T1 99.6 ◦C Section 7.2.6
Initial liquid specific enthalpy hL,1 417 kg/kJ Section 7.2.6
Initial liquid specific entropy sL,1 1.30 kg/kJ/K Section 7.2.6
Initial liquid density ρL,1 959 kg/m3 Section 7.2.6
Initial liquid dynamic viscosity µL,1 2.83E-04 Pa s Section 7.2.6
Initial vapour specific enthalpy hV,1 2.67E+03 kg/kJ Section 7.2.6
Initial vapour specific entropy sV,1 7.36 kg/kJ/K Section 7.2.6
Initial vapour density ρV,1 0.590 kg/m3 Section 7.2.6
Initial vapour dynamic viscosity µV,1 1.22E-05 Pa s Section 7.2.6

Initial calculations
Initial mass of liquid droplets mLS,1 0.500 kg Equation (7.37)
Initial mass of vapour mV,1 0.0590 kg Equation (7.38)
Initial droplet volume Vd,1 5.24E-13 m3 Equation (7.22)
Initial droplet mass md,1 5.02E-10 kg Equation (7.4)
Initial droplet frontal area Adf,1 7.85E-09 m2 Equation (7.22)
Initial droplet surface area Ads,1 3.14E-08 m2 Equation (7.22)
Initial vapour-liquid surface position zs,1 -0.509 m Equation (7.39)
Initial droplet position zd,1 0.000 m Section 7.2.6
Initial layer mass mdT,1 1.35E-04 kg Equation (7.6)
Initial vapour velocity at droplet position u1 0.00 m/s Equation (7.27)
Initial relative velocity between droplet and vapour wd,1 0.10 m/s Equation (7.26)
Initial characteristic time scale τd,1 0.0436 − Equation (7.45)
Initial droplet Reynolds number Red,1 0.483 - Equation (7.29)
Initial droplet aerodynamic drag coefficient Cd,1 50.1 - Equation (7.28)
Initial droplet drag force Fd,1 1.16E-09 N Equation (7.25)
Initial droplet gravity force Fg,1 4.92E-09 N Equation (7.24)
Initial droplet acceleration v̇d,1 -7.50 m/s2 Equation (7.23)

General calculations
Liquid column mass flow rate ṁLC 1.00E+01 kg/s Equation (7.2)
Liquid spray mass flow rate ṁLS 5.60E-03 kg/s Equation (7.2)

Liquid volume flow rate V̇L 0.0104 m3/s Equation (7.42)
Clearance volume Vcl 1.00E-05 m3 Equation (7.1)
Compression chamber cross-sectional area AC 0.196 m2 Equation (7.3)
Velocity of vapour-liquid surface us 0.053 m/s Equation (7.3)
Number of droplets injected every second ṅd 1.12E+07 #/s Equation (7.5)
Amount of droplets per layer nd 2.23E+05 # Equation (7.6)
Time until chamber is completely full tf 9.49 s Equation (7.41)
Time step dt 0.00316 s Equation (7.8)

8.2.2 Behavior analysis

With the inputs of Section 8.2.1, the model simulates a single compression process consisting of the
compression and discharge stages. Figure 8.2 shows the chamber pressure and temperature evolution
against time. In Figure 8.2a it can be seen how the chamber pressure changes between the evaporator
(starting) pressure and condenser (final) pressure. Moreover, it shows the chamber pressure when
the spray fraction is set to zero. This curve is equivalent to an ordinary adiabatic reciprocating
compressor and is referred to as ’adiabatic’. In both cases, the pressure increases exponentially until
the discharge pressure is reached and then remains at that pressure until the end of the cycle. It is
seen that the LPGC pressure rises slower and reaches the discharge pressure at a later time. This
is due to the vapour remaining at the saturated point and thus having a persistently higher density
than the adiabatic compressor case. Therefore the same mass of vapour takes up less space and thus
the pressure is lower.

In the adiabatic case, the vapour becomes highly superheated, causing the lower vapour density.
As can be seen in Figure 8.2b, the adiabatic temperature ends up at about 360 ◦C, far above the
condenser temperature of 180 ◦C. These results therefore show that the LPGC can effectively keep
a low vapour temperature, which is one of the most important advantages.

The heat of compression, which causes the large temperature rise in the adiabatic compressor, is
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(a) (b)

Figure 8.2: Chamber pressure and temperature against time, with the evaporator and condenser properties also
shown.

Figure 8.3: The vapour mass in the compression chamber. It increases during compression because of droplets
evaporating. The sharp decrease is when the discharge valve opens.

completely devoted to evaporation in the LPGC. The mass of the vapour in the chamber therefore
increases, which can be seen in Figure 8.3. From the initial vapour mass present, it exponentially
increases until the discharge valve opens. After this, the vapour is steadily discharged from the
chamber until the end of the discharge. At this point, the remaining vapour mass in the chamber
corresponds to the leftover clearance volume. An increase in vapour mass should intuitively increase
the chamber pressure since the available volume remains the same. However, as the pressure is lower
than the adiabatic compression, this effect is weaker than the increase in density of the vapour due
to the cooling effect.

The LPGC achieves this low-temperature compression with a significantly lower work input, which
is another important advantage. The total work required is the area under the pressure-volume
diagram, shown in Figure 8.4. The volume shown here is the liquid volume present in the chamber,
which starts at zero and ends at the chamber volume minus the clearance volume. The area under
the evaporator pressure line should be subtracted from the area under the p-V curves. It can already
be seen that the LPGC has a lower area under the curve. The results of the work input W are:

Wadiabatic = 29.4 kJ & WLPGC = 26.6 kJ,

which is a 9.84% improvement over the adiabatic compression. The advantage of LPGC is however
even greater, as it delivers a greater mass of compressed vapour than the adiabatic compressor due
to droplet evaporation. Dividing the work values above by the respective discharged vapour masses
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Figure 8.4: Pressure displayed against the liquid volume in the compression chamber, both for the LPGC and
the adiabatic compressor. The area between these curves and the blue line (evaporator pressure) is the work of
compression.

gives the specific work w:

wadiabatic =
Wadiabatic

mV,1
= 499 kJ/kg & wLPGC =

WLPGC

mV,open
= 389 kJ/kg. (8.1)

This is a 22.1% improvement of the LPGC over the adiabatic compression.

The evolution of the thermodynamic state properties of the vapour and liquid are shown in a T-s
and p-h diagram in Figure 8.5. It shows how the properties of the vapour in the chamber and the
liquid in the column change during the process. It also shows the combined vapour-liquid properties
in magenta. Furthermore, adiabatic compression is shown in black. In both diagrams, it can be

Figure 8.5: The temperature against specific entropy and pressure against specific enthalpy diagrams for this
compression stage. The magenta line is the equilibrium quality which ends up at a quality of approximately 1.
Furthermore, the adiabatic compression lines are shown in black.

seen that the LPGC vapour (green) is coincident with the saturated vapour line. In contrast, the
adiabatically compressed vapour enters the superheated region. In the T-s diagram, it appears
as if the specific entropy decreases, suggesting that the second law of thermodynamics is violated.
To prove that this is not the case the entropy balance of the cycle is derived such that the entropy
production can be calculated. The cycle is however not a steady state open or closed system, as there
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is mass accumulation. To avoid the calculation of time-dependent terms, the system is interpreted as
a theoretical closed system. Since mass can not enter or exit a closed system, all liquid and vapour
that is present in the final state, already has to be present in the initial state. Figure 8.6 will be
used for clarification.

Figure 8.6: Illustration of the model used to determine the entropy production of the LPGC. This closed system
representation is equivalent to the LPGC model.

The control volume (CV) encapsulates all liquid and vapour that is present both at the start and end
of the cycle. It does change in volume to accommodate the increase in pressure. The liquid that will
be pressed in the compression chamber, is initially in the liquid reservoir, which is equivalent to the
liquid being in the evaporator. The red piston acts as the compressor, able to press the liquid into
the compression chamber. As this happens, the vapour volume decreases and its pressure increases.
When it reaches the discharge pressure, it can exit the compression chamber towards the vapour
reservoir, which is equivalent to the condenser. There is also a red piston inside this chamber which
can move to allow space for the vapour while maintaining its pressure. In this way, the cycle can be
viewed as a closed system without compromising its dynamics.

The general equation of a closed-system entropy balance is [35]:

0 =
∑
j

Qj

Tj
+
∑
i

misi −
∑
f

mfsf + σCV, (8.2)

where Q̇ is the heat transfer across the system boundary, T the temperature at the system boundary,
m the mass, s the specific entropy and σCV the entropy production. The subscript j signifies a certain
system boundary, i signifies the initial state and f signifies the final state. Because the model is
assumed adiabatic, there is no heat transfer across the system boundary. The equation can then be
rewritten as:

σCV = mL,fsL,f +mV,fsV,f −mL,isL,i −mV,isV,i. (8.3)

In the initial state, this chamber is filled with liquid with a mass equal to the mass of the liquid
column in the final state plus the mass of evaporated liquid:

mL,i = mLC,f + (mV,open −mV,1) . (8.4)

where mV,open is the mass of vapour at the instant the discharge valve opens. The initial vapour
mass is just the mass of vapour that is present at the start of the simulation, mV,1. The initial
specific entropies of both the liquid and vapour are equal to those of the evaporator: sL,i = sL,1 &
sV,i = sL,1.

In the final state, the mass of liquid is that of the liquid column, mL,f = mLC,f . The mass of
vapour in the final state is the same as what is present at the instant the discharge valve opens,
mV,f = mV,open. The specific entropies of the liquid and vapour in the final state are also equal to
those at the instant the discharge valve opens since these properties do not change during discharge.
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All values are thus known and the entropy production can be calculated. For this system, the result
is:

σCV = 94.9 · 1303 + 0.07 · 6587− (94.9 + (0.07− 0.06)) · 1303− 0.06 · 7359 = 30 kJ. (8.5)

This value being positive implies that the entropy of the system increased and therefore it does not
violate the second law of thermodynamics.

Returning to the property diagrams, it is seen that the magenta line starts at the vapour saturation
line, implying that there is no liquid in the vapour initially. As the droplets enter the chamber,
however, the quality of the vapour-liquid equilibrium decreases while the pressure starts increasing.
At one point, the line makes a sharp turn and starts approaching the vapour saturation line again.
The evolution of the quality can be tracked more easily in Figure 8.7a, where the turn can also be
seen. The positions of the individual droplet layers, which are shown in Figure 8.7b, are used to
explain this sharp turn. In the latter figure, the green line is the position of the vapour-liquid surface,

(a) (b)

Figure 8.7: Chamber pressure and temperature against time, with the evaporator and condenser properties also
shown.

while each blue line is the position of an individual droplet layer. In total, there were 190 layers with
this simulation, of which 50 are shown in this figure. It is seen that the vapour-liquid surface rises
from the bottom while the droplets fall from the top. The droplet layers are injected in a consecutive
manner which makes them behave differently. The first droplet layers are for example overtaken by
droplet layers injected later in the process. This effect is due to a different degree of evaporation
of these layers. The first layers take a relatively larger part in heat exchange with the vapour and
therefore have evaporated relatively more than later layers. This makes the drag force comparatively
more important, slowing the layer down more than later layers. When droplet layers encounter the
vapour-liquid surface, they are absorbed in the liquid column. It can be seen that the first layers
fall in the vapour-liquid surface at about 1.5 s. This coincides with the time at which the quality
of the vapour-liquid equilibrium makes a sudden sharp turn. This sharp turn is therefore the result
of the amount of liquid in the chamber steadily increasing until t = 1.5 s after which addition and
absorption of droplet layers cancel each other more or less out. From this point in time, the quality
is influenced mainly by the evaporation. The degree of evaporation of the droplets depends on the
heat of compression and the time they have in the chamber. Since the pressure and temperature
increase exponentially during compression, the heat transfer to the droplets and with that the rate
of evaporation should increase. However the further the vapour-liquid surface rises, the less time the
droplets have in the chamber to evaporate. These two effects counteract each other and how this
affects the degree of droplet evaporation can be seen in Figure 8.8. It can be seen that every layer
starts with an equal mass, however follows a different evaporation path. Once a line stops, a layer
has fallen on the vapour-liquid surface. If a layer reaches zero, it has fully evaporated. It can be seen
that the first layers evaporate about half of their mass before encountering the surface. After about
t = 1.5 s, there are so many droplets in the chamber that they do not evaporate so much before
falling into the column. This is also due to the heat of compression being low in this phase (due to
the exponential nature of the pressure increase). The further in the process, however, the more the
droplets evaporate. This implies that the effect of increased heat of compression is much stronger
than the shorter time the droplets have in the chamber. In the final phase before the discharge valve
opens, the droplets fully evaporate even though they have a short time in the chamber.
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Figure 8.8: An overview of how different (not all) droplet layers lose their mass and when they enter the vapour-
liquid surface.

A further remark can be made about the end state of the quality of the vapour-liquid equilibrium.
The fraction of liquid sprayed, fLS, has been manually tuned such that the quality ends up at
approximately 1. In this way, the vapour discharged from the chamber is as close as possible to sat-
urated vapour, ensuring zero the compressor discharge temperature overshoot while not prematurely
condensing vapour.

8.3 Application of LPGC to heat pumps

With the compression process explained, the LPGC is implemented into the heat pump model. To
this end, the standard 1S-XV cycle is taken and the ’CP’ input in the sequence is replaced by
’LPGC’. The heat pump model then uses the LPGC for the compression process. Using the same
inputs as Section 8.2.1, the resulting heat pump cycle is shown in Figure 8.9a. For comparison, a
single-stage cycle with an adiabatic compressor acting between the same pressure levels is shown in
Figure 8.9b.

The specific work calculated in Equation (8.1) can be used to obtain the CoP of this heat pump.
When this is multiplied by the mass flow rate of the cycle, the compressor power is obtained:
ẆLPGC = ṁwLPGC. The result is then:

CoPadiabatic = 3.60 & CoPLPGC = 4.43,

which is a 23% improvement of the LPGC over adiabatic compressor. The maximum CoP for this
cycle is: CoPMax = 5.64. The second law efficiencies are therefore:

ηex,adiabatic = 70.0% & ηex,LPGC = 78.1%.

The volumetric heating capacities are:

VHCadiabatic = 1.51MJ/m3 & VHCLPGC = 1.21MJ/m3,

which is a 20% reduction, showing that the adiabatic compressor is at an advantage here. However,
it is doubtful how useful this parameter is in comparing the compressor size in this case, as the type
of compressor is very different.

It is desirable to find the relationship between the amount of spray injected in the chamber and the
resulting CoP and the discharge temperature of the heat pump. Therefore, the LPGC model has
been simulated for multiple spray fractions fLS over a range of sink temperatures corresponding to
domain 1 in Section 5.2. The suction pressure is thus the saturation pressure at TC = 100 ◦C and
the discharge pressure is the saturation pressure for the range TH = 150 − 300 ◦C. The results are
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(a) LPGC

(b) Adiabatic

Figure 8.9: Property diagrams of a 1S-XV heat pump cycle using (a) an LPGC compressor or (b) an ordinary
adiabatic compressor.

shown in Figure 8.10. The different solid lines represent the CoP or the discharge temperature at
certain spray fractions for different sink temperatures. In the CoP diagram, the order in the legend
corresponds to the order in the diagram, so the upper line corresponds to TH = 150 ◦C and the
bottom line to TH = 300 ◦C. In the discharge temperature diagram, the order is inversed. The jiggly
path of the lines is due to the limited number of TH and fLS values together with the intermittent
nature of the spray injection. The spray fraction for which the maximum CoP is attained in the
simulation is indicated with a black dot for each sink temperature. The spray fraction for which
the discharge temperature becomes equal to the sink temperature is indicated with a blue dot for
each sink temperature. The grey and cyan dashed lines represent curve fits to the black and blue
points respectively. From the CoP diagram, two conclusions can be drawn. The first one is that
for a higher sink temperature, a larger spray fraction is needed to obtain the maximum CoP. The
second one is that the amount of spray necessary for the maximum CoP is not the same as the
amount of spray necessary to achieve zero discharge temperature overshoot. The latter requires
more spray to be injected, which implies that the maximum CoP is attained with a certain degree of
overshoot and further more spray injection will only decrease the CoP. Therefore, the setting of fLS
will be a compromise between reaching the largest CoP and reducing the discharge temperature. The
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Figure 8.10: Diagrams showing the CoP and discharge temperatures for multiple sink temperatures in domain 1
over a range of spray fractions. The black dots are the spray fractions for which the CoP is maximum for that sink
temperature. A grey fit curve passes through these points. The blue dots indicate the spray fractions for which the
LPGC discharge is fully saturated vapour, with a cyan fit curve.

degree of overshoot that is evident at maximum CoP can be read from the discharge temperature
diagram on the right. At the sink temperature of TH = 300 ◦C, the discharge temperature is about
TH = 400 ◦C, thus the overshoot is about 100 ◦C.

It is also desirable to know the relationship between the sink temperature and the spray fractions
that give maximum CoP and zero overshoot. This relation is displayed in Figure 8.11 together with
fit curves. It can be seen that the relation between the sink temperature and spray fraction to obtain
maximum CoP is linear. To achieve a discharge temperature equal to the saturation temperature,
however, the amount of spray required increases exponentially.

Figure 8.11: Diagram showing the spray fractions required for the sink temperatures in domain 1 to obtain the
maximum CoP and fully saturated vapour.

This analysis was conducted in the same way for domain 2 and provided similar results. It was
therefore concluded that the spray fraction is a compromise between the best CoP and the smallest
discharge temperature. The fit curves were all derived using the ’fit’ function in MatLab. The
correlations for the curves with corresponding coefficients are given in Chapter C.
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The relations allow the simulation of the LPGCmodel over a range of temperatures for the interesting
limits of maximum CoP and zero discharge temperature overshoot. The performance of the LPGC
model can then be compared to the cycles in Section 5.2.4. This comparison is done in the same
way as Figure 5.9, with results for the relative CoP gain, the VHC and the discharge temperature
plotted for water over domain 1. The results are shown in Figure 8.12. Only the configurations
1S-XV, 1S-XV(wc) and 2S-DCIC are shown in this figure, as these appeared to be the best
cycles for water. For the LPGC model, three settings of water spray fraction are shown: no spray
(1S-LPGC(dry)), so much spray that the CoP is maximum (1S-LPGC(Eff)) and so much spray
that the discharge temperature is equal to the saturation temperature (1S-LPGC(Sat)).

Figure 8.12: Comparison of different cycle configurations for water including LPGC with three different settings for
the spray fraction: no spray (1S-LPGC(dry)), so much spray that the CoP is maximum ()1S-LPGC(Eff) and so
much spray that the discharge temperature is equal to the saturation temperature (1S-LPGC(Sat)).

The jiggly shape of the performance lines for the LPGC models can again be explained by the
intermittent nature of the spray injection, and the fact that a fit curve has been used which might
not be very accurate. Nevertheless, the advantage of the LPGC is clear. For 1S-LPGC(Eff),
the CoP is significantly larger than the other cycles over the entire domain. For the lower sink
temperatures, 1S-LPGC(Sat) is also much higher, however, the advantage quickly decreases for
the higher sink temperatures until the CoP becomes even lower than that of the standard cycle. This
behaviour is similar to what was observed for the 1S-XV(wc) cycles. Also interesting to note is the
behaviour of the LPGC model without spray (1S-LPGC(dry)) compared to the standard cycle.
Even running dry, the LPGC appears to have a better performance. This difference can presumably
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be attributed to the decoupling of the vapour compression and the pump itself. As was observed
with the model validation, the LPGC running dry was in line with the literature, indicating that
these results are correct.

Along with the significantly higher CoPs, the discharge temperature of 1S-LPGC(Eff) is consider-
ably lower than even 2S-DCIC. For the lower sink temperatures, the discharge temperature is close
to the saturation temperature. At the largest sink temperature, TH = 300 ◦C, it is only about 100 ◦C
higher than the saturation temperature and about 180 ◦C lower than the discharge temperature of
2S-DCIC. For all temperatures, it remains below the threshold value of 400 ◦C. This discharge
temperature can be further lowered by increasing the spray fraction, however at the expense of CoP.

Looking at the VHC diagram, it is seen that spray injection lowers the VHC compared to the other
cycles. It is however again disputed if conclusions can be drawn from the VHC value due to the
very different way of compressing. For the LPGC, it is calculated using the vapour inlet density.
However, this disregards the density of the liquid spray also entering the chamber. On the contrary,
for the 1S-XV(wc) cycle, VHC is calculated with the average inlet density of the two-phase mixture
at the inlet. Since this density is higher, the VHC of this cycle is inherently calculated to be larger
than that of the LPGC. For the LPGC, it is not possible to determine a similar average inlet density
because the liquid is added during the compression.

From these results, it can be concluded that 1S-LPGC(Eff) allows a considerably increased perfor-
mance for water compared to 2S-DCIC. At the same time, the discharge temperature is significantly
lowered to below the threshold. Therefore, 1S-LPGC(Eff) replaces 2S-DCIC as the best cycle
for water. This conclusion might not be limited to water, but could also be applied to the other wet
fluids. This possibility has however not been investigated in this research.

To compare the performance of water in an 1S-LPGC(Eff) cycle to the other fluids using their
best cycle, the same simulation as Section 5.2.5 has been performed. The results for domain 1 are
shown in Figure 8.13.

Figure 8.13: Performance figures for the different fluids using the configuration with the best improvement compared
to 1S-XV for domain 1.
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Domain 1 With an LPGC, water is clearly at a much higher level compared to the other fluids
in terms of CoP. The CoP remains significantly higher than all other fluids over the entire domain.
The discharge temperature remains one of the lowest for the lower sink temperatures and is only
marginally larger than the other fluids for the higher sink temperatures. The VHC is on the lower
end for the lower sink temperatures, while it becomes similar to the other fluids that can still be used
at the higher sink temperatures. The pressure ratio is much larger than the other fluids due to being
a single-stage compression cycle. For an LPGC however, the pressure ratio is not as problematic as
with gas compressors due to liquid pumps usually being able to reach large pressure ratios.

Domain 2 The results for domain 2 are shown in Figure 8.13. These results are similar in terms
of the advantages of a water-LPGC relative to the other fluids. The difference in exergy efficiency
between has become even larger, while the discharge temperature remains on the lower end for
almost the entire range of temperatures. The threshold is only slightly surpassed by about 15 ◦C
for the highest sink temperatures. The VHC is still the largest of all fluids despite the lower values
calculated compared to the standard cycle. Therefore, it can be concluded that the water-LPGC
heat pump outperforms all other fluids and configurations in both domains.

Figure 8.14: Performance figures for the different fluids using the configuration with the best improvement compared
to 1S-XV for domain 2. Since the colours match, the lower left diagram can be used as a legend.

The models for the heat pump and the LPGC have only been simulated for discharge pressures below
the critical pressure of water. This is done to properly compare different fluids against each other
by setting their source and sink temperatures equal. However, no restrictions have been identified
that prohibit using an LPGC at supercritical pressures. Nevertheless, the LPGC model was not able
to simulate this as it was built around liquid droplets, which can not be distinguished from vapour
anymore at supercritical pressures.
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Chapter 9

LPGC Model: Summary &
Conclusion

The conclusions of Chapter 5 provided a starting point for the investigation of a compression method
which would be suited for water. Not only did water have the best performance compared to other
potential HTHP working fluids, but it was also the only hazard-free and environmentally friendly
fluid. The disadvantages were a very large discharge temperature and large pressure ratios. By
evaluating the different types of compressors, it appeared that a suitable solution would be the
Liquid Piston Gas Compressor (LPGC).

The LPGC has many benefits compared to other compressors, the most important being the ability
to use liquid spray injection for cooling while not requiring oil for lubrication or sealing. Moreover,
in heat pumps using an LPGC, the liquid of the same cycle can be used to compress the vapour.
This meant that the cooling of the vapour evaporated the sprayed liquid, adding to the mass of the
vapour. To understand the evaporation of a spray of droplets during compression in an LPGC, a
model was made that simulated this process.

First, an attempt was made to validate the model. However, due to the lack of comparable literature,
the model could only be compared without spray injection. Moreover, the liquid compressed air
instead of water vapour. Nevertheless, the results showed good agreement. It could however not be
concluded that the model was completely validated.

Subsequently, the LPGC model was provided with an example case to test and show the dynamics.
The model was set such that the discharge was saturated vapour. The results were compared to an
ordinary adiabatic compressor without cooling. It was shown that the temperature could be kept
to the saturation temperature while specific work was decreased by 22.1%. From this, it could be
concluded that the LPGC could provide a low-temperature fluid with more mass than the high-
temperature discharge of an ordinary compressor without violating the first law of thermodynamics.
From the T-s diagram, it appeared that the specific entropy decreased. To prove that the entropy
production of the LPGC was positive, it was explained how a closed system approach was used to
calculate this property. It was subsequently shown that the entropy production was indeed positive,
so it could be concluded that the second law of thermodynamics was also not violated.

Then the droplet behaviour during compression was shown and explained. Since all effects could
be logically explained by correlating different results, it could be concluded that the droplet model
behaves as intuitively expected. The LPGC was then integrated into the standard heat pump
cycle, which was compared to the same cycle using an ordinary adiabatic compressor. The CoP
of the LPGC was increased by 23%, while the VHC decreased by 20%. The value of the VHC
was however disputed due to the compression method being conceptually different. Nevertheless, it
could be concluded that the LPGC in a heat pump would bring significant improvements

To determine what spray fractions would lead to the best performance, the heat pump model with
LPGC was simulated for a range of spray fractions over the two domains, defined in Chapter 5.
These results showed that the CoP could be maximised for certain spray fractions, which appeared
to be smaller than the spray required for complete wet compression. It was therefore concluded that
the spray fraction is a compromise between the best CoP and the smallest discharge temperature.
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Using this data, the LPGC heat pump could be compared to the other configurations that were inves-
tigated in this project. These results showed that the setup geared for maximum efficiency resulted
in a CoP improvement in the range of 15-25% compared to the standard cycle, with the largest
improvement reached for lower sink temperatures. The setup geared for saturated discharge vapour
had a similar improvement for lower sink temperatures but deteriorated for higher temperatures. In
terms of VHC, the LPGC was the worst. The significance of this performance indicator was, how-
ever, questioned for this kind of compressor. With the significantly lower discharge temperatures, it
was concluded that the 1S-LPGC(Eff) cycle is the best configuration for water.

With this knowledge, the 1S-LPGC(Eff) cycle with water was compared to the results of the other
fluids with their best configuration over the two domains. From these results, it was seen that the
LPGC with water leads to significant improvements in efficiency compared to other fluids, while the
discharge temperatures are similar and below the threshold value. Therefore, it can be concluded
that a water-LPGC heat pump can suitably be used for upgrading industrial waste heat in the
range of 100-200 ◦C to process heat in the range of 150-400 ◦C. This statement is the answer to the
research question and is supported by the following facts:

• It allows the usage of water which is, compared to most other fluids, safe, environmentally
friendly, widely available and cheap.

• The efficiencies considerably surpass that of all alternative fluids.

• The discharge temperatures are acceptably low.

• A simple single-stage heat pump cycle can be used, avoiding the added heat exchangers,
compressors or expansion valves of multi-staged systems that the other fluids used.

• For the compression, a hydraulic pump can be used which can efficiently reach large pres-
sure ratios in a single stage. Moreover, due to relatively low-temperature operation, it is a
presumably inexpensive device.
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Appendix A

Information on working fluids

This list of working fluids was obtained from [20].

Table A.1: List of all pure fluids available in RefProp with their corresponding name, chemical formula, molar mass
M , normal boiling point temperature Tb, critical temperature TC, critical pressure pC, GWP, ODP and ASHRAE 34
Safety Classification (if determined) [20].

Reference Short name Formula M[g/mol] Tb[◦C] TC[◦C] pC[bar] GWP ODP Class
13BUTADIENE 1,3-Butadiene C4H6 54.1 -4.5 152.0 43.1

1BUTYNE 1-Butyne C4H6 54.1 8.1 158.9 41.4
1PENTENE 1-Pentene C5H10 70.1 30.0 192.6 36.0

22DIMETHYLBUTANE 2,2-Dimethylbutane C6H14 86.2 49.7 216.9 31.4
23DIMETHYLBUTANE 2,3-Dimethylbutane C6H14 86.2 58.0 227.5 31.6
3METHYLPENTANE 3-Methylpentane C6H14 86.2 63.2 232.9 31.8

acetone Acetone C3H6O 58.1 56.1 235.0 46.9 0.5
acetylene Acetylene C2H2 26.0 -84.9 35.2 59.9
ammonia Ammonia NH3 17.0 -33.3 132.4 113.6 B2L

argon Argon Ar 39.9 -185.8 -122.5 48.6 A1
benzene Benzene C6H6 78.1 80.1 288.9 49.1
butane Butane C4H10 58.1 -0.5 152.0 38.0 4 A3

1BUTENE Butene C4H8 56.1 -6.3 146.1 40.1
CO2 Carbon dioxide CO2 44.0 -78.5 31.0 73.8 1 A1
CO Carbon monoxide CO 28.0 -191.5 -140.3 34.9
COS Carbonyl sulfide COS 60.1 -50.2 105.6 63.7

chlorine Chlorine Cl2 70.9 -34.0 143.7 76.4
chlorobenzene Chlorobenzene C6H5Cl 112.6 132.1 359.2 45.2
C2BUTENE cis-Butene C4H8 56.1 3.7 162.6 42.3
cyclobutene Cyclobutene C4H6 54.1 2.6 174.9 51.5
CYCLOHEX Cyclohexane C6H12 84.2 80.7 280.5 40.8
CYCLOPEN Cyclopentane C5H10 70.1 49.3 238.6 45.8
CYCLOPRO Cyclopropane C3H6 42.1 -31.5 125.2 55.8

D4 D4 C8H24O4Si4 296.6 175.7 313.4 13.5
D5 D5 C10H30O5Si5 370.8 210.9 345.2 10.9
D6 D6 C12H36Si6O6 444.9 245.0 372.6 9.6

DEA DEA C4H11NO2 105.1 268.1 463.4 49.5
decane Decane C10H22 142.3 174.1 344.6 21.0

D2 Deuterium D2 4.0 -249.5 -234.8 16.8
R150 Dichloroethane C2H4Cl2 99.0 83.5 288.5 52.3
DEE Diethyl ether C4H10O 74.1 34.5 193.6 37.2
DMC Dimethyl carbonate C3H6O3 90.1 90.1 283.9 49.1
DME Dimethyl ether C2H6O 46.1 -24.8 127.2 53.4 1 A3
C22 Docosane C22H46 310.6 368.1 519.1 11.7
C12 Dodecane C12H26 170.3 216.3 385.0 18.2

ethane Ethane C2H6 30.1 -88.6 32.2 48.7 5.5 A3
ethanol Ethanol C2H6O 46.1 78.4 241.6 62.7

EGLYCOL Ethylene glycol C2H6O2 62.1 197.2 445.9 105.1
EBENZENE Ethylbenzene C8H10 106.2 136.2 344.0 36.2

ethylene Ethylene C2H4 28.1 -103.8 9.2 50.4 3.7 A3
ETHYLENEOXIDE Ethylene oxide C2H4O 44.1 10.5 195.8 73.0

fluorine Fluorine F2 38.0 -188.1 -128.7 51.7
D2O Heavy water D2O 20.0 101.4 370.7 216.6

helium Helium He 4.0 -268.9 -268.0 2.3 A1
heptane Heptane C7H16 100.2 98.4 267.1 27.4

C16 Hexadecane C16H34 226.4 286.8 449.0 14.8
hexane Hexane C6H14 86.2 68.7 234.7 30.4

HYDROGEN Hydrogen (normal) H2 2.0 -252.8 -240.0 13.0 A3
HCL Hydrogen chloride HCl 36.5 -85.0 51.5 83.1
H2S Hydrogen sulfide H2S 34.1 -60.3 100.0 90.0

ISOBUTAN Isobutane C4H10 58.1 -11.7 134.7 36.3 A3
IBUTENE Isobutene C4H8 56.1 -7.0 144.9 40.1
IHEXANE Isohexane C6H14 86.2 60.2 224.6 30.4
IOCTANE Isooctane C8H18 114.2 99.2 270.9 25.7
IPENTANE Isopentane C5H12 72.1 27.8 187.2 33.8 A3

krypton Krypton Kr 83.8 -153.4 -63.7 55.3
MD2M MD2M C10H30Si4O3 310.7 194.4 326.3 11.4
MD3M MD3M C12H36Si5O4 384.8 229.9 355.8 9.6
MD4M MD4M C14H42O5Si6 459.0 259.8 380.1 8.4
MDM MDM C8H24O2Si3 236.5 152.5 292.2 14.4
MEA MEA C2H7NO 61.1 170.4 398.3 81.3

methane Methane CH4 16.0 -161.5 -82.6 46.0 25 A3
methanol Methanol CH4O 32.0 64.5 240.2 82.2 2.8

MLINOLEA Methyl linoleate C19H34O2 294.5 355.7 525.9 13.4
MLINOLEN Methyl linolenate C19H32O2 292.5 356.0 498.9 13.7
MOLEATE Methyl oleate C19H36O2 296.5 354.0 508.9 12.5
MPALMITA Methyl palmitate C17H34O2 270.5 329.1 481.9 13.5
MSTEARAT Methyl stearate C19H38O2 298.5 356.4 501.9 12.4

C1CC6 Methylcyclohexane C7H14 98.2 100.9 299.1 34.7
MM MM C6H18OSi2 162.4 100.5 245.6 19.3

MXYLENE m-Xylene C8H10 106.2 139.1 343.7 35.3
neon Neon Ne 20.2 -246.1 -228.8 26.6 A1

NEOPENTN Neopentane C5H12 72.1 9.5 160.6 32.0
nitrogen Nitrogen N2 28.0 -195.8 -147.0 34.0 A1

NF3 Nitrogen trifluoride F3N 71.0 -129.0 -39.2 44.6
N2O Nitrous oxide N2O 44.0 -88.5 36.4 72.5 298

nonane Nonane C9H20 128.3 150.8 321.4 22.8
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Table A.1 continued from previous page
Reference Short name Formula M[g/mol] Tb[◦C] TC[◦C] pC[bar] GWP ODP Class
NOVEC649 Novec 649, 1230 C6F12O 316.0 49.1 168.7 18.7

octane Octane C8H18 114.2 125.6 295.6 24.8
ORTHOHYD Orthohydrogen H2 2.0 -252.8 -239.9 13.1 A3

oxygen Oxygen O2 32.0 -183.0 -118.6 50.4
OXYLENE o-Xylene C8H10 106.2 144.4 357.1 37.4
PARAHYD Parahydrogen H2 2.0 -252.9 -240.2 12.9 A3
pentane Pentane C5H12 72.1 36.1 196.6 33.7 A3
C4F10 Perfluorobutane C4F10 238.0 -2.0 113.2 23.2
C6F14 Perfluorohexane C6F14 338.0 57.1 174.9 17.4
C5F12 Perfluoropentane C5F12 288.0 29.3 147.9 20.6

propadiene Propadiene C3H4 40.1 -32.3 124.9 52.2
propane Propane C3H8 44.1 -42.1 96.7 42.5 3.3 A3
C3CC6 Propylcyclohexane C9H18 126.2 156.7 357.7 28.6

PROPYLEN Propylene C3H6 42.1 -47.6 91.1 45.6 1.8 A3
PROPYLENEOXIDE Propylene oxide C3H6O 58.1 34.1 215.0 54.4

propyne Propyne C3H4 40.1 -23.2 129.2 56.3
PXYLENE p-Xylene C8H10 106.2 138.3 343.0 35.3

R11 R11 CCl3F 137.4 23.7 198.0 44.1 4750 1 A1
R1123 R1123 C2HF3 82.0 -59.1 58.6 45.4 1
R113 R113 C2Cl3F3 187.4 47.6 214.1 33.9 6130 0.85 A1
R114 R114 C2Cl2F4 170.9 3.6 145.7 32.6 10000 0.58 A1
R115 R115 C2ClF5 154.5 -39.2 80.0 31.3 7370 0.57 A1
R116 R116 C2F6 138.0 -78.1 19.9 30.5 12200 A1
R12 R12 CCl2F2 120.9 -29.8 112.0 41.4 10900 0.82 A1

R1216 R1216 C3F6 150.0 -30.3 85.8 31.5
R1224YDZ R1224yd(Z) C3HClF4 148.5 14.6 155.5 33.4 1

R123 R123 C2HCl2F3 152.9 27.8 183.7 36.6 77 0.01 B1
R1233ZDE R1233zd(E) C3H2ClF3 130.5 18.3 166.5 36.2 1 A1
R1234yf R1234yf C3F4H2 114.0 -29.5 94.7 33.8 A2L

R1234ZEE R1234ze(E) C3F4H2 114.0 -19.0 109.4 36.3 6 A2L
R1234ZEZ R1234ze(Z) C3F4H2 114.0 9.7 150.1 35.3

R124 R124 C2HClF4 136.5 -12.0 122.3 36.2 609 0.02 A1
R1243zf R1243zf C3H3F3 96.1 -25.4 103.8 35.2
R125 R125 C2HF5 120.0 -48.1 66.0 36.2 3500 A1
R13 R13 CClF3 104.5 -81.5 28.9 38.8 14400 1 A1

R1336MZZZ R1336mzz(Z) C4H2F6 164.1 33.5 171.4 29.0 2 A1
R134a R134a C2H2F4 102.0 -26.1 101.1 40.6 1430 A1
CF3I R13I1 CF3I 195.9 -21.9 123.3 39.5
R14 R14 CF4 88.0 -128.1 -45.6 37.5 7390 A1

R141b R141b C2H3Cl2F 116.9 32.1 204.4 42.1 725 0.12
R142b R142b C2H3ClF2 100.5 -9.1 137.1 40.6 2310 0.06 A2
R143a R143a C2H3F3 84.0 -47.2 72.7 37.6 4470 A2L
R152a R152a C2H4F2 66.1 -24.0 113.3 45.2 124 A2
R161 R161 C2H5F 48.1 -37.5 102.1 50.5
R21 R21 CHCl2F 102.9 8.9 178.3 51.8 151 0.04 B1
R218 R218 C3F8 188.0 -36.8 71.9 26.4 8830 A1
R22 R22 CHClF2 86.5 -40.8 96.1 49.9 1810 0.04 A1

R227ea R227ea C3HF7 170.0 -16.3 101.8 29.3 3220 A1
R23 R23 CHF3 70.0 -82.0 26.1 48.3 14800 A1

R236ea R236ea C3H2F6 152.0 6.2 139.3 34.2 1410
R236fa R236fa C3H2F6 152.0 -1.5 124.9 32.0 9810 A1
R245ca R245ca C3H3F5 134.0 25.3 174.4 39.4 726
R245fa R245fa C3H3F5 134.0 15.0 153.9 36.5 1030 B1
R32 R32 CH2F2 52.0 -51.7 78.1 57.8 675 A2L

R365mfc R365mfc C4H5F5 148.1 40.2 186.9 32.7 794
R40 R40 CH3Cl 50.5 -24.0 143.2 66.9 B2
R41 R41 CH3F 34.0 -78.3 44.1 59.0 107

RC318 RC318 C4F8 200.0 -6.0 115.2 27.8 10300 A1
RE143a RE143a C2H3F3O 100.0 -23.6 104.8 36.4

RE245cb2 RE245cb2 C3H3F5O 150.0 5.6 133.7 28.9
RE245fa2 RE245fa2 C3H3F5O 150.0 29.3 171.7 34.3

RE347MCC RE347mcc (HFE-7000) C4H3F7O 200.1 34.2 164.6 24.8
SO2 Sulfur dioxide O2S 64.1 -10.0 157.5 78.9 B1
SF6 Sulfur hexafluoride SF6 146.1 -68.3 45.6 37.5

toluene Toluene C7H8 92.1 110.6 318.6 41.3 2.7
T2BUTENE trans-Butene C4H8 56.1 0.9 155.5 40.3

C11 Undecane C11H24 156.3 195.8 365.7 19.9
VINYLCHLORIDE Vinyl chloride C2H3Cl 62.5 -13.7 151.8 55.9

water Water H2O 18.0 100.0 373.9 220.6 A1
xenon Xenon Xe 131.3 -108.1 16.6 58.4
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Appendix B

Comparisons & Examples of heat
pump cycles

In this appendix, extra comparisons and examples of cycles are shown.

B.1 Standard cycle with compression completely passing through
the two-phase region

A 1S-XV cycle using a dry fluid could be set to work between two pressure levels such that the
compressor discharges subcooled liquid. Such a cycle is theoretically possible and would be practi-
cally possible if a compressor can handle the compression of a vapour which condenses to liquid in
the process. An example of such a cycle is given here, which uses the following inputs:

• Fluid: C12

• Sequence: CP - CD - XV - EV

• Evaporator outlet temperature: TC,e = 200 ◦C

• Evaporator pressure level: pC = pC,sat (T = TC,e)

• Evaporator outlet quality: xC,e = 100%

• Condenser outlet temperature: TH,e = 250 ◦C

• Condenser pressure level: pH = 6bar

• Compressor isentropic efficiency: ηCP = 70%

All other inputs were not applicable. The T-s and p-h diagrams of this cycle are shown in Figure B.1.
The performance indicators are:

• CoP = 3.968

• ηex = 37.9%

• VHC = 0.48MJ/m3

• pC = 0.68 bar

• pH = 6.00 bar

• rcom = 8.87 bar

• Tdis = 298.1

B.2 Comparison of cycle configurations for extra fluids

This section shows the comparison of cycle configurations for other fluids than benzene and water,
augmenting the statements made in Section 5.2.4. The fluids included here are:
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Figure B.1: Example of a standard cycle with compression completely passing through the two-phase region.

1. Methanol

2. Ethanol

3. Acetone

4. Cyclohex

5. Toluene

6. DMC

7. Hexane

8. C1CC6

9. Cyclopen
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Figure B.2: Comparison of different cycle configurations for methanol.

Figure B.3: Comparison of different cycle configurations for ethanol.
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Figure B.4: Comparison of different cycle configurations for acetone.

Figure B.5: Comparison of different cycle configurations for cyclohex.
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Figure B.6: Comparison of different cycle configurations for toluene.

Figure B.7: Comparison of different cycle configurations for DMC.
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Figure B.8: Comparison of different cycle configurations for hexane.

Figure B.9: Comparison of different cycle configurations for C1CC6.
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Figure B.10: Comparison of different cycle configurations for cyclopen.
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Appendix C

Correlations for fit curves

In this appendix, the fit correlations and coefficients for the fit curves over the two domains are
given.

C.1 Domain 1

The fit curves in the CoP diagram of Figure 8.10 use the following relation, where f represents the
spray fraction:

CoP =
p1f

2 + p2f + p3
q1f2 + q2f + q3

. (C.1)

The constants for these fits are:

• To find the maximum CoP from the spray fraction:

p1 = 0 p2 = 0 p3 = 120.3

q1 = 0 q2 = 2424e+ 04 q3 = 13.55

• To find the CoP for which the discharge temperature will be equal to the saturation temper-
ature:

p1 = −159.3 p2 = 2.789 p3 = 8.64e− 4

q1 = 0 q2 = 1 q3 = −2.071e− 05

The fit curves in the discharge temperature diagram of Figure 8.10 use the following relation to
obtain the temperature (in ◦C):

TCP,e = af b (C.2)

The constants for these fits are:

• To find the discharge temperature for which the CoP will be maximum:

a = 1e+ 04 b = 0.528

• To find the discharge temperature from the spray fraction:

a = 717.5 b = 0.1855

The fit curves in Figure 8.11 are characterised by the following:

• The curve fit for which the CoP will be maximum:

f = aTH + b with a = 1.244e− 05 & b = −0.001698.

• The curve fit for which the discharge will be saturated vapour:

f = aT b
H with a = 2.349e− 16 & b = 5.489.
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C.2 Domain 2

For domain 2, the diagrams showing the CoP and Tdischarge for different spray fractions is shown in
Figure C.1

Figure C.1: Diagrams showing the CoP and discharge temperatures for multiple sink temperatures in domain 2
over a range of spray fractions.

The fit curves in the CoP diagram of Figure C.1 use the following relation, where f represents the
spray fraction:

CoP =
p1f

5 + p2f
4 + p3f

3 + p4f
2 + p5f + p6

q1f5 + q2f4 + q3f3 + q4f2 + q5f + q6
. (C.3)

The constants for these fits are:

• To find the maximum CoP from the spray fraction:

p1 = 0 p2 = 0 p3 = −99.02 p4 = 6.012 p5 = −0.2073

q1 = 0 q2 = 0 q3 = 0 q4 = 1 q5 = −4.267e− 3

• To find the CoP for which the discharge is saturated vapour:

p1 = 0.6447 p2 = −6.264 p3 = −22.91 p4 = −8.11 p5 = 1.048

q1 = 6.833 q2 = −34.51 q3 = 1.628 q4 = 0.2008 q5 = −8.117e− 4

The fit curves in the discharge temperature diagram of Figure C.1 are characterised by the following
relations to obtain the discharge temperature (in ◦C):

• To find the discharge temperature for which the CoP will be maximum:

TCP,e = p1f3 + p2f2 + p3f + p4 with:

p1 = 9.425e+ 06 p2 = −4.203e+ 05

p3 = 1.033e+ 04 p4 = 213.

• To find the discharge temperature from the spray fraction:

TCP,e = af b with: a = 508.4 b = 0.1268.
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Figure C.2: Diagram showing the spray fractions required for the sink temperatures in domain 1 to obtain the
maximum CoP and fully saturated vapour.

Figure C.2 shows the spray fractions for which the CoP is maximum and for which the discharge is
fully saturated vapour over domain 2.

The fit curves in Figure C.2 are characterised by the following equation:

f = aeb∗TH + ced∗TH (C.4)

The coefficients are:

• The curve fit for which the CoP will be maximum:

a = −2.307e− 6 b = 0.0328 c = 7.718e− 6 d = 0.0297.

• The curve fit for which the discharge will be saturated vapour:

a = 2227 b = −0.05725 c = 5.142e− 06 d = 0.02641.
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